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Preface

Topics in Modal Analysis & Parameter Identification I represents one of twelve volumes of technical papers presented at the
4374 IMAC, A Conference and Exposition on Structural Dynamics, organized by the Society for Experimental Mechanics,
and held February 10-13, 2025. The full proceedings also include volumes on Nonlinear Structures & Systems; Dynamics
of Civil Structures; Model Validation and Uncertainty Quantification; Dynamic Substructuring & Transfer Path Analysis;
Special Topics in Structural Dynamics & Experimental Techniques; Computer Vision & Laser Vibrometry; Dynamic Envi-
ronments Testing; Sensors & Instrumentation and Aircraft/Aerospace Testing Techniques; Data Science in Engineering; and
Structural Health Monitoring 7 Machine Learning.

Each collection presents early findings from experimental and computational investigations on an important area within
Structural Dynamics. Topics in Modal Analysis and Parameter Identification represents papers on enabling technologies for
dynamic systems and applications of Modal Analysis in specific application areas.

The organizers would like to thank the authors, presenters, session organizers, and session chairs for their participation
in this track.

Editor:
Brandon Dilworth—MIT Lincoln Laboratory, MA, USA; Timothy Marinone-ATA Engineering, Inc., CA, USA; Jon Furlich—
ATA Engineering, Inc., CA, USA.
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Chapter 1
The Energy Spectrum for the Detection of Harmonic
Components in Ambient Vibration Tests

Mona Amer and Carlos E. Ventura

Abstract Operational modal analysis is a widely used technique to determine modal parameters from ambient vibration
tests of civil and mechanical engineering structures. Speed-synchronous structural responses from rotating machines su-
perimpose the ambient vibration responses and harm the successful identification of modal parameters. These so-called
harmonics can be falsely identified as structural characteristics if not treated appropriately. A new technique for the iden-
tification of harmonics in ambient vibration data has been recently introduced and is discussed in more detail considering
different applications such as an axial compressor, a wind turbine, and a ship. The mass-drawn energy spectrum is a mea-
sure used in earthquake engineering for the quantification of the energy introduced by ground motion. It can serve as a
measure for potential structural damage. As harmonics have a much higher signal energy than structural modes, they can
be distinguished in the frequency domain as sharp peaks. The proposed technique can thus be used to remove these com-
ponents from the frequency spectrum before the consecutive modal analysis. The advantage is that frequencies, which do
not result from the main rotation of the system but might be subjected to auxiliary equipment or the power circuit can
be successfully identified as well. By means of the proposed approach, modal properties can be determined with greater
confidence.

Keywords Operational modal analysis - Speed synchronous vibration - Earthquake engineering - Modal identification -
Energy spectrum

Introduction

The modal identification of rotating machines in operation is still considered a challenge because speed-synchronous vibra-
tions superimpose the measured output of a system in operation. These speed-synchronous vibrations, so-called harmonics,
can be falsely identified as structural characteristics by established modal identification techniques if no appropriate action
is taken. In the literature, various approaches to deal with these harmonics can be found. They can be categorized into four
different types [1]. Statistical criteria, pre-processing techniques, extended identification methods, and input-independent
identification techniques can be distinguished. Examples for these different types are the excess value [1], time-synchronous
averaging [2], modified stochastic subspace identification [3], or transmissibility based operational modal analysis [4], just
to name a few. These approaches were applied to systems under laboratory conditions or specific use cases with a unique
set of operating conditions. Often limitations of the different procedures were experienced. For this reason, it is necessary
to adapt an application-specific procedure, which takes into account the different boundary conditions of the system un-
der investigation. A combination, which includes the identification and removal of harmonics, has proven successful when
applied to a high-speed axial compressor [5]. A core quantity in this proposed technique represents the energy spectrum,
which is a measure originally derived from earthquake engineering. It can provide insights into the presence of harmon-
ics. Its effectiveness will be discussed more in detail using three different examples of application. The main advantage
is that harmonics from other sources than the operated rotor can be identified as well, as will be shown in the results
section.

Mona Amer - Carlos E. Ventura
Department of Civil Engineering, The University of British Columbia, Vancouver, BC V6T 174
e-mail: mona.amer@ubc.ca; ventura@civil.ubc.ca

© The Author(s), under exclusive license to River Publishers 2025 1
Brandon Dilworth et al. (eds.), Topics in Modal Analysis & Parameter Identification I, Vol. 9, Conference Proceedings
of the Society for Experimental Mechanics Series, https://doi.org/10.13052/97887-438-0154-2_1


mona.amer@ubc.ca
ventura@civil.ubc.ca
https://doi.org/10.13052/97887-438-0154-2_1

2 M. Amer and C. E. Ventura

Methodology

The mass-drawn energy spectrum is a measure that is typically used in earthquake engineering. It classifies the energy
introduced by ground motion into the structure and can be used as a measure for potential structural damage [6]. A single
degree of freedom (DOF) system with the well-known equation of motion § + 2Dw¢ + w?q = —jj, where D describes the
damping, w the natural circular frequency of the system, ¢ the displacement of the excited single DOF system, respectively
¢ the velocity, ¢ the acceleration, and ¢ the ground acceleration, is assumed. The mass-drawn input energy is defined as

o0
Br= = [ i, M)
m — 00
with the energy F and the mass m. The velocity ¢ can be calculated using different techniques. In this work, the numerical
method proposed by Nigam and Jennings using a state-space representation is applied for the calculation. The single steps
can be found in [7]. The calculation is based on time-discretized dimensions. To identify the harmonics, a low damping
value, e.g. 1%, is assumed. The measured response acceleration of the structure serves as input for the ground acceleration
¢ in the previous equation. The procedure of calculating the energy spectrum for a single DOF system is depicted in Fig. 1.

k2 | d

k/2

j:
Mass-drawn energy at Calculated velocity
considered time instant  of 1DOF system

Efjv1 = Ver1Gi+1 HErg

Q
Measured acceleration Mass-drawn energy at

of system previous time instant

Fig. 1 Calculation of energy spectrum.

The different entities to calculate £ are explained in Fig. 1. The blue arrow refers to the frequency range, for which the
input energy is calculated so that the user obtains the energy spectrum in dependence of the pre-defined frequency vector.
This can then be depicted as a function of the frequency in the frequency domain. The arrow can thus be interpreted as a
loop, since the calculation is performed for each entry of the frequency vector. The single calculation steps are summarized
as follows:

1. Calculation of the velocity ¢, e.g. using the method by Nigam and Jennings [7],

2. Calculation of the discretized input energy Ey ; at discrete time instants ¢, over a designated frequency vector of
interest: By 11 = Yr419k+1 + Er ks

3. Illustration of E; dependent on the selected frequency range. The dominant peaks can be interpreted as disturbing
signal components mainly from sources that cause harmonic vibrations.

The peaks in the energy spectrum represent the harmonics present in the operated system. The harmonics are character-
ized by a much higher signal energy than the structural modes and can thus be distinguished in the energy spectrum. This
will be shown below by means of multiple use cases.
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Results

The proposed method for the identification of harmonics is shown and discussed by means of three use cases that all consist
of rotating components, more specifically an axial compressor, a wind turbine and a vessel in operation. In the following
section, it is shown that harmonics can be identified unambiguously and efficiently using the proposed criterion.

Axial compressor

The axial compressor test rig, see Fig. 2, used for the following investigations consists of single stage rotor configuration
with adjustable vanes and can be operated up to a nominal rotor speed of 17,100 rpm. The compressor has been operated and
data has been acquired at different constant speeds as well as during run-up and run-down. The test rig has been equipped
with 49 uniaxial acceleration sensors equally distributed over all the structure’s components. The high sampling frequency of
25.6 kHz, which is needed for unbalance analysis in operation, is later downsampled, since the frequency range up to 150 Hz
is of main interest. The critical speed of the rotor, representing a bending mode, is around 115 Hz. Details on the test setup
can be found in [5]. Measurements for the constant speeds are usually three minutes long and for ramp-up and ramp-down
around seven minutes long. The focus in the following analysis is on the constant rotational speeds, since the data from the
ramp-downs and ramp-ups can be only analyzed in sections due to the large data size. Calculating the energy spectrum for
a section of the run-down, will only show the mean rotational frequency during this duration as the dominant peak in the
energy spectrum. Since the rotational speed is constantly varying, the peak is wide-banded showing a frequency content of
multiple rotational frequencies around the mean rotational frequency. Analyzing a longer duration of the run-down shows
the maximum rotor speed of 17,100 rpm or 285 Hz to be the most dominant peak, since the rotor speed changes slowly in
the beginning of the run-down.

Fig. 2 Axial compressor test rig at the Institute of Turbomachinery and Fluid-Dynamics, Leibniz University Hannover.

In Fig. 3, the calculated energy spectrum is compared for three different constant rotational speeds. At first, the energy
spectrum is calculated for each channel individually and can then be averaged over multiple sensors to capture a more repre-
sentative behavior of the harmonic influence in operation. In the following case, it is averaged over nine sensors representing
all instrumented components of the compressor test rig.

The first harmonic can be clearly identified for all three depicted rotational speeds and has been labeled accordingly.
For the rotational speed of 3,900 rpm, other influences are visible in the energy spectrum. Since the structure couldn’t be
completely electromagnetically isolated, the power circuit acts as a source that causes harmonic response vibrations. For
this reason, the user can observe dominant peaks at 50 Hz and 100 Hz (respectively the first and second harmonic of the
power frequency in Europe). An additional dominant peak is visible in the lower frequency range. It also plays a role in
the modal identification, since it is detected as a stable mode by the algorithms, but it does not represent a physical mode.
Further investigations reveal that this frequency belongs to a local mode of the foundation, which should not be mistaken as
a system mode and can thus be ignored in the data evaluation. This frequency, therfore, represents a noise mode.

The power frequency plays a less significant role for higher rotational speeds, since the signal energy of the first rotor
harmonic is much more dominant, as can be seen in Fig. 3b looking at the high amplitudes of nearly 600 J/kg. Therefore,
other influences than the first rotor harmonic don’t play a role in this data set.

In Fig. 3c, next to the first rotor harmonic, a second effect becomes recognizable. This belongs to the third harmonic of
the motor, which causes harmonic response vibrations of the system. Through the gearbox ratio of 1:13, this is transformed
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Fig. 3 Energy spectrum of three different rotational speeds of the axial compressor investigated.

to 0.23 x first harmonic of the rotor, which the user can observe in the energy spectrum. This frequency has been already
observed in the tip timing system used for the vibration analysis of the turbomachinery blades in operation. Due to the
energy spectrum, this frequency can be excluded from the modal identification. This is especially important for even higher
rotational speeds, since this frequency gets closer to the first natural frequency of the system and can thus be easily mistaken
as a structural mode.

It is remarkable that each rotor speed investigated leads to a different amplitude level of the highest peak in the energy
spectrum. This fact underlines that each relevant operating point should be studied individually and that there is no general
cutoff value, which differentiates between structural mode and harmonics. However, it can be stated that all significant
peaks in the studied energy spectra of the axial compressor belong to disturbing effects and do not represent a structural
characteristic of the system. The advantage of this method is that it can also identify harmonics, which are associated with
other sources than the rotor of the main system like auxiliary units with rotating components or the power circuit.

Wind turbine

The second data set is derived from a wind turbine, which is operated in the South of Chile. It was equipped with four triaxial
velocity sensors from Tromino, which can be used for seismic measurements. A schematic setup of the sensors is depicted in
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Fig. 4. The data was acquired during a 20 hours test with a sampling frequency of 128 Hz. The rotational speed information
is sparse, since there is only one time stamp each ten minutes. Therefore, the sections chosen for the analysis can contain
rotor speed variations. For the analysis, data sections were selected that had the same average rotor speed for more than two
consecutive time stamps to ensure a sufficient length of the data set. For the analysis, two data sets with an average rotor
speed of 9 rpm over 30 minutes and 10.5 rpm over 80 minutes were used. The energy spectrum resulting from this data is
depicted in Fig. 5.

S1
Fig.4 Sensor setup on wind turbine.
108 . x10°
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Fig. 5 Energy spectrum of three different rotational speeds of the wind turbine investigated.
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The energy spectrum is averaged over all four sensors taking into account each of the channels measuring in North-South
direction. In this data, the first, third, and sixth harmonic, also called 1p, 3p, and 6p in case of a wind turbine, are dominant.
As expected, the influence of the first rotor harmonic and the third one according to the number of blades have the strongest
superimposing character on the data. Other effects do not seem to play a dominant role for this use case. A rotor speed
variability can be observed on the basis of the wide-spread peaks in the frequency domain in Fig. 5. The amplitude level
of the input energy is more than 3x10° higher than the previous use case investigated. This fact demonstrates the strong
influence of the rotation in the data and the necessity for appropriate tools to deal with these influences, since the harmonic
frequency content is close to structural frequencies that have been identified in standstill condition without any rotation.

Ship

Next, data from a ship, shown in Fig. 6, excited by the running engine, is analyzed. The ship has a four bladed propeller with
a controllable pitch and is equipped with 16 uniaxial sensors collecting data for a duration of 90 minutes with a sampling
frequency of 128 Hz. It is, thus, expected to see a dominant influence of the first and fourth harmonic due the number of
blades.

Fig. 6 Ship excited periodically from running propellers [8].

The influence of the different harmonics is represented by four different sensor channels in Fig. 7. On the one hand,
strongly varying amplitude levels can be observed for the different channels. On the other hand, for each sensor other
harmonics play the most dominant role in the energy spectrum. The distance of the sensor from the engine plays a significant
role for the influence of the harmonics in the captured data. Channel 1 shows that the harmonics have a comparable influence
as the structural modes. The signal energy of the harmonics is, in this case, not much higher than that of the structural
modes and can thus not be distinguished from the structural components in the measured data. This looks very different for
Channel 2, Channel 7, and Channel 8, also represented in Fig. 5. For these channels, only the influence of the harmonics
resulting from the running propeller are dominant in the energy spectrum. Channel 2 in Fig. 7b shows the most significant
influence resulting from the first rotor harmonic and a much more reduced influence from the fifth harmonic. In channel 7,
the most significant influence comes from the fourth harmonic indicating that the sensor is located close to the propeller and
the four blades lead to the strong influence that can be observed. The amplitude of the fourth harmonic is also more than
four times higher than the amplitude of the first harmonic for channel 2. A mixture of the influence of multiple harmonics,
can be observed for channel 8 in Fig. 7d. Next to the first harmonic, which is the most dominant, the fourth, fifth, and sixth
harmonic can be clearly identified from the energy spectrum and will likely have an influence on the modal identification of
this data.

In Fig. 8, the energy spectrum is represented as an average of six channels according to the previous application cases.
Similarly to the results from channel 8, four dominant harmonic frequencies can be distinguished. As Fig. 8 represents an
average, the amplitude level of each harmonic signal varies compared to the results from channel 8. The fourth harmonic,
corresponding to the number of propeller blades, has the highest amplitude level. The comparison between the energy
spectrum calculated for single channels depicted in Fig. 7 and an average over multiple, characteristic channels in Fig.
8 underlines the benefit of such an illustration, since single channels might not be representative for the influence of the
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harmonics on the overall structural behavior, see Fig. 7a. Considering a single channel can be misleading, since the influence
of harmonics can be underestimated or overestimated. The influence of the harmonics is also evident when performing the
data analysis since they can be clearly identified as thin sharp peaks in the power spectral density of the measured signal,
cf. [8].

Comparison

From all of the three use cases, it can be observed that the influence of harmonic signal content in the measured structural
responses can be clearly identified by means of the energy spectrum, described in the methodology section. It can be con-
cluded that there is no generalized cutoff value for the amplitude, which decides whether a peak belongs to a harmonic or not.
The amplitude of the peaks depend on the energy level of the harmonic vibrations for the individual use case. In comparison
to other criteria like the probability density function, which can assess whether a selected mode is truly a structural mode
or a harmonic, the energy spectrum is unambiguous at least when sufficient channels are considered. Taking the average
over multiple test channels is therefore recommended to obtain a reliable representation. The energy spectrum therefore
represents a supplement to the existing tools, which deal with harmonic system responses in ambient vibration tests.

Conclusions

A criterion for the distinction of harmonic signal content in measured structural responses usually used as input for oper-
ational modal analysis has been introduced and applied to different applications of machines. Three use cases of systems
with rotating components in operation have been analyzed by means of the energy spectrum to obtain an insight into the
harmonic effects present in the data. Depending on the application, the amplitude level of the calculated input energy for
a single degree of freedom system will vary as it can be concluded from the comparison of the three use cases. Overall,
the dominant harmonic frequencies superimposing the stochastic response could be clearly identified using the energy spec-
trum. In conclusion, there is no need for a cutoff value to differentiate between structural modes and harmonics, since the
harmonic signal energy exceeds the level of structural modes by far. The reliable identification of harmonics will allow a
robust extraction of modal parameters by means of well-established techniques for the modal identification of systems in
operation.
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Chapter 2

Parametrising the Virtual Point Transformation and a
Nonlinear Estimation Framework for Determining an
Unknown Force

Julian Staiger and Frank Naets

Abstract This article examines the estimation of a force applied to a rigid interface using a model that does not explic-
itly consider such force. It discusses linear model-based estimation and proposes a novel approach based on a nonlinear
augmented state-space model using the Virtual Point Transformation method. The proposed methodology is experimentally
validated on an automotive-grade rubber mount component, showing superior performance compared to linear estimation
approaches.

Keywords Virtual point transformation - Inverse load identification - Nonlinear estimation - Virtual sensing

Introduction

The problem of determining forces transmitted from sources to receivers, such as from an engine to a vehicle chassis, was
historically treated by experimental Transfer Path Analysis (TPA) [1, 2] methods. In this context, the forces transmitting
through connecting elements, e.g. rubber mounts, are of paramount importance due to the prominence of the structure-borne
noise path in many applications. To determine inputs and outputs at inaccessible locations, Van der Seijs et al.proposed the
Virtual Point Transformation (VPT) to transform a set of measured inputs and outputs [3]. However, TPA techniques are
exploited in the frequency domain, compromising their usability for real-time calculations, direct use in control, and dealing
with time-varying or nonlinear systems.

Recently, it has been proposed by the authors in [4, 5] to determine forces transmitting through connecting elements, such
as rubber bushings, using an Augmented Kalman Filter (AKF) under the assumption of local rigid behaviour at the interfaces.
This estimation is achieved by applying the VPT method to determine state-space models whose inputs are transformed into
inaccessible virtual points. It makes estimating forces transmitting through connecting elements possible using measured
data.

An unknown force’s amplitude, position, and direction are essential in mechanical applications. Forces transmitted
through connecting elements, such as rubber bushings, are crucial as they are the main pathway of structure-borne noise. It is
essential to assess how effectively the bushing isolates vibrations by determining the forces transmitted through it. Further-
more, the position and direction of forces on each side of a bushing can affect its durability, leading to increased vibration,
noise, or mechanical failure. Understanding these forces can also aid active control strategies employing advanced bushings.
The existing literature primarily focuses on identifying unknown forces acting on mechanical systems at known locations,
while forces transmitting through components or applied at unknown structure positions are less identified.

Obtaining State-Space Mdels from Experimental Data

The model-based estimation framework applied in this research utilises an experimental state-space model. The method
that will be used to identify the state-space model from experimentally acquired data was originally proposed in [6]. This
approach is composed of three different steps. 1) The Frequency Response Functions (FRF) of the structure of interest
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must be measured. 2) System identification algorithms, such as Polyreference least-squares complex frequency-domain
(PolyMAX) [7] and Maximum Likelihood-Modal Model Method (ML-MM) [8], must be exploited to determine modal
parameters from the measured set of FRFs. 3) As a final step, a complete state-space model representative of the dynamics
of the structure of interest is constructed.

A complete state-space model can be defined by the in-band modal parameters (i.e. poles, mode shapes and modal
participation factors) together with Residual Compensation Modes (RCM) determined from the lower and upper residual
matrices to account for the out-of-band dynamic contributions as outlined by Dias et al.[9]. In this way, a complete state-
space model, whose FRFs approximate the measured FRFs, can be defined as follows:

x(t) = AX(t) + Bu(t) (D
y(t) = CX(t) + Du(t), 2

where, u(t) € R™*! is the vector of inputs while y(t) € R"*! denotes the output vector constituted by displacements.
Matrices A € C"*", B € C"<"i, C € Cm*" and D € C"oX"i are the state, input, output and feedthrough matrices,
respectively, with n representing the number of states and n;,n, the number of inputs and outputs respectively. These state-
space matrices are given as follows:

H
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O b

0
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with subscripts e; r and ey denoting matrices composed of modal parameters associated with the RCMs exploited to,
respectively, model the dynamic contribution of the lower and upper out-of-band modes. For a detailed discussion on the
definition of these sets of RCMs, the reader is referred to [6, 9, 10]. It is also worth noticing that D is a null matrix for
measured displacements [11, 4] but kept in Eq. (2) and subsequently for the sake of continuity of notation.

Joint Input-State-Position-Estimation Based on Parametrized IDMs

We consider a general geometrical reduction of a force acting on a rigid interface to a virtual point, as illustrated in Fig.
1. The contributions in the virtual point m can be expressed as a function of the acting force, its position and direction of
action as:

1 0 0 er
0 1 0 . ey
- 0 0 1 * e
_ nP Ty _ z
m = Rf(P)) f= 0 —r. 7, Zy [= —rey + Tyes “)
T, 0 -7y # T,y — TpCs
—Ty T 0 —Ty€y + Ty

. . T = .
with the parameter vector given as p = [em €y € Ty Ty rz} and R?(p)) can be understood as an Parametrized
Interface Deformation Mode (PIDM). In this way, the parametrised expression given in Eq. (4) can be used to obtain the
following nonlinear state-space representation:

X(t,p) = Avpx(t) + ﬁT?(R?(P»Tf(t),
y(t,p) = CypX(t) + DT} (R}

(&)
(6
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f fi

A

Fig. 1 Transforming the inputs of a given state-space model into a virtual point of interest and arbitrarily applied force f.

The system presented in Eqs. (5) and (6) is nonlinear due to its dependence on the parameter vector p. At this point, to
jointly estimate the parameter vector alongside the system states and the input, the state vector of the system as given in Eqs.
(5) and (6) will be augmented to define the augmented model, including the dynamics states, the unknown parameters and
force. To define this augmented system, the time evolution of the parameters and inputs must be modelled. A Zeroth Order
Random Walk (ZORW) model will be used for both the parameters and inputs as given hereafter:

p(t) =0+ wp, N

f{t) =0+ wy, ®)

where w, and w; are Gaussian variables with w, ~ N(0,Q,) € R and wy ~ N (0,Q) € R respectively. The
deterministic-stochastic nonlinear augmented system can, thus, be denoted in short-hand notation as:

Xa(t) = g(X,p, f) + Wan i, )
y(t) =h(x,p, f) +v, (10)
with
X AypX+Byp(R}(p)Tf Wa . o
ia = 1P|, g(ia P, f) = 0 y Wa,NL = (Wp|, and h(ia P, f) = [(:V'Pi2 + DVP(R?(p))Tf:I .
f 0 wy
(1D

The augmented system presented in Egs. (9) and (10) is nonlinearly dependent on the set of unknown parameters included
in p. Linear estimation approaches like the linear Kalman filter can not be employed directly to estimate the states, inputs
and parameters. Hence, a novel nonlinear Kalman filter, the Dual Augmented Extended Kalman Filter (DAEKF), introduced
in [5], finds application in this article.

Results

The reconstruction results of a force applied by a shaker on a rigid interface attached to a rubber bushing as outlined in
[5] are shown in Figure 2. Along with the estimation based on the nonlinear model introduced in Section also, two linear
estimations are compared (details can be found in [5]). The three configurations which are compared are:

* Config.1: Linear AKF, defined with the unreduced model composed of 12 reference forces.
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* Config.2: Linear AKF, defined with a virtual point reduced model estimating six virtual point contributions my p
belonging to the considered virtual point.

* Config.3: DAEKF estimation employing a nonlinear model as established in Egs. (9) and (10) yielding an estimate of
the force acting at the unknown position.

Analysing Fig. 2, it is evident that the applied force is best reconstructed by configuration 3. This trend is visible in the
time- and frequency-domain and validates the performance of the nonlinear model and the use of the DAEKF.

5 4 . : . .
i
2
z z
<) ~ 0
*’i Reference "i '
— ——-(Conf. 1) 9
——— (Conf. 2) B
—— (Conf. 3)
-5 4 ) ) . .
2 2.02 2.04 2.06 2.08 2.1
Time (s) Time (s)

(a) Time-domain estimation of the force applied by the shaker.
0 T T T T T T T T T T T

50 100 150 200 250 300 350 400 450 500 550 600
Frequency (Hz)

(b) Frequency-domain estimation of the force applied by the shaker.

Fig. 2 Time- and frequency-domain estimation results for the reference force f.

Conclusion

This paper compares three methodologies to determine an unknown force applied on a rigid interface while introducing
the concept of PIDMs. Two of these approaches are based on linear AKF schemes, while the other employs a nonlinear
augmented model defined via VPT by exploiting PIDMs. For estimation with the nonlinear model, the recently proposed
DAEKEF approach finds application in this article. The results obtained using a linear AKF based on the unreduced model
showed the least accurate fit in both frequency and time domains when reconstructing the experimentally applied force.
However, this was followed by the configuration using the same AKF with the virtual point reduced model. The reported
results indicate that the strategy using the defined augmented nonlinear system combined with the DAEKF outperforms the
previous two configurations, proving more suitable for determining an unknown force applied on a rigid interface.

Acknowledgments The authors gratefully acknowledge the European Commission for its support of the Marie Sktodowska Curie program
through the ETN ECO DRIVE project (GA 858018).
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Chapter 3
Extracting 3D Mode Shapes from Cell Phone Videos

Shawn Richardson and Mark Richardson

Abstract Most power plants, oil refineries, and manufacturing plants worldwide have implemented machinery health mon-
itoring programs for assessing the health of their rotating machinery and associated equipment. Digital vibration signals are
the primary data used to detect and diagnose mechanical faults in machinery and equipment. A cell phone is a low-cost,
non-contacting measurement device that can be used to accurately record the vibration of a machine during its operation.
Everyone has a cell phone handy for making vibration measurements.

In this paper, it is shown how 3-dimensional (3D) Operational Modal Analysis (OMA) mode shapes of a rotating machine
are calculated from a cell phone video using two curve fitting steps. First, the 2-dimensional (2D) OMA mode shapes of the
machine are obtained by curve fitting a set of ODS-FRFs which were calculated from TWFs extracted from a cell phone
video.

In the second step, 3D FEA mode shapes of the machine are curve-fit to the 2D OMA mode shapes to create 3D OMA
mode shapes. Starting with a cell phone video, this two-step curve fitting process yields accurate 3D OMA mode shapes
that can be used to characterize and diagnose the health of rotating machinery. This is demonstrated in a companion paper [1].

Keywords Time Waveform (TWF) - Digital Fourier Transform (DFT) - Operational Modal Analysis (OMA) mode shape
- Finite Element Analysis (FEA) mode shape - Operating Deflection Shape (ODS) - Degree of Freedom (DOF) - Auto
Power Spectrum (APS) - Cross Power Spectrum (XPS) - ODS-FRF (APS and Phase of an XPS) - Structural Dynamics
Modification (SDM).

Rotating Machine

In a previous paper [2], ODS’s were extracted from cell phone videos for nine different unbalance cases of the rotating
machine shown in Figure 1. This machine has a variable speed motor connected to the rotor with a rubber belt. The motor
speed was adjusted so that the rotor speed was approximately 1000 RPM throughout all the cell phone video recordings.
The video from one of those nine different unbalance cases was used for this paper.

Introduction

In previous papers [1] - [3] we illustrated the use of a new method for extracting vibration TWF's from frames of a cell phone
video. In this paper we introduce a two-step curve fitting process for calculating 3D mode shapes of a rotating machine from
the 2D mode shapes calculated from a cell phone video.

In the first curve fitting step, the 2D mode shapes of the machine are obtained by using traditional digital signal pro-
cessing methods together with FRF-based curve fitting. In the second curve fitting step, 3D mode shapes of the machine
are calculated by curve fitting its 2D mode shapes with 3D FEA mode shapes. To perform this second curve fitting step,
a simple FEA model of the rotating machine was constructed in three steps using the Structural Dynamics Modification
(SDM) method [4].

To calculate the FEA mode shapes, first an FEA model of one of the bearing blocks of the machine was created, and
its FEA mode shapes were calculated. Then an FEA model of the baseplate was created, and its FEA mode shapes were
calculated.
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Fig. 1 Rotating Machine & Unbalance Screws Added to Its Rotors.

Next, very stiff FEA springs were attached between both bearing blocks and the baseplate, as shown in Figure 8. Then
SDM was used to calculate the new mode shapes of the two bearing blocks firmly attached to the base plate. One of the new
mode shapes is shown in Figure 8. Finally, FEA spring elements were attached between the corners of the baseplate and the
fixed tabletop on which the rotating machine rested, and the new mode shapes of that model were calculated using SDM
again.

Finally, a second curve fitting step was used to calculate the 3D OMA mode shapes of the rotating machine from its 2D
OMA mode shapes. The 2D OMA mode shapes were obtained by curve fitting the ODS-FRFs which were calculated from
the cell phone video.

This two-step curve fitting process, curve fitting ODS-FRFs followed by curve fitting the 2D OMA mode shapes with 3D
FEA mode shapes, can be used to calculate the 3D OMA mode shapes of any rotating machine or test article when a cell
video of it is recorded while it is vibrating.

TWFs & DFTs

A rectangular grid of points with rectangular surfaces attached between them is created when a video is processed in
MEscope [8]. Frames of the video are attached to this surface during animated display of Video ODS’s. Using a rectan-
gular point grid, millions of pixels in each frame of a cell phone video are processed to extract TWFs for the horizontal &
vertical deflections of thousands of points in the point grid. Grid points with little or no motion, (like background points),
are hidden and their linked TWFs are removed from further analysis. A point grid with background points hidden is shown
in Figure 2.

A DFT is calculated from each TWF that is extracted from the video. Time-based ODS’s are displayed in animation
from the TWFs using a sweeping Line cursor. Frequency-based ODS’s are displayed in animation from the DFTs using sine
dwell modulation of the ODS at the cursor position. The magnitude & phase of the ODS at selected grid points can also be
displayed, as shown in Figure 2.

ODS-FRFs

A unique frequency domain function, called an ODS-FREF, can be calculated from each response TWF extracted from a
video. A set of ODS-FRFs calculated from the TWFs is typically more accurate than DFTs because spectrum averaging
can be used to reduce extraneous noise from the ODS-FRFs.
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Fig. 2 First-Order ODS Animated from DFTs.

The magnitude of an ODS-FRF is the APS of the response DOF at a grid point. The phase of the ODS-FREF is the phase
of the XPS between the response DOF and the DOF of any reference grid point.

ODS-FRFs carry the same displacement units as the response TWFs from which they are calculated. But because it is
a frequency domain function, an ODS-FRF can be accurately differentiated to velocity units by multiplying it by the
frequency variable.

Vibration in velocity units is commonly used by vibration analysts to quantify vibration levels in rotating equipment.

One of the laws of the FFT algorithm is that Af = 1/T, where Af is the frequency difference between samples of an ODS-
FRF, and T is the time length of TWF data from which the ODS-FRF was calculated. For example, if an ODS-FREF is
calculated from TWF data over a 15 second period, the frequency resolution (Af ) of the ODS-FREF is 60/15 = 4 RPM.

To increase the frequency resolution of an ODS-FRF, TWF data over a longer period T is required. Therefore, the video
from which the TWFs are extracted must be recorded over a longer period T.

Aliased Order Peaks

A limitation of any video recording is that anti-alias filtering cannot be used to remove high-frequency signals from the
video.

Without anti-alias filtering, machine order peaks greater than one-half the sampling frequency, (called Fmax), are folded
around Fmax and appear at lower frequencies in the ODS-FRFs, as shown in Figure 3.

All machine-order resonance peaks between Fmax & 2x Fmax are folded around (wrapped around) Fmax and appear at
lower frequencies in the frequency band (0 to Fmax). Aliasing of higher frequencies occurs in both DFTs and ODS-FRFs.

The ODS-FRF shown in Figure 3 was calculated from a TWF that was extracted from a video that was sampled at 60 fps,
or 3600 RPM. Therefore, the Fmax of the ODS-FRF is 1800 RPM. The first-order peak is at the machine running speed
and is clearly visible at 1014 RPM. The second order resonance peak should be at 2028 RPM and third order resonance
peak should be at 3042 RPM, but they are both folded around 1800 RPM and are clearly visible at lower frequencies in
the ODS-FRF.
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Fig.3 ODS-FRF Showing First Three Order Peaks.

The aliased frequency of an order higher than Fmax can be calculated from Fmax and the expected order frequency.

* Second order aliased frequency 1800 - (2028 - 1800) 1572 RPM
* Third order aliased frequency 1800 - (3042 - 1800) 558 RPM

The ODS-FREF in Figure 3 was calculated from a TWF with a 10-second length. Therefore Af = (1/10) Hz or 60/10 = 6
RPM and the aliased frequency of the third order peak is within one (Af) of its calculated value.

Curve Fitting The ODS-FRF's

ODS-FRFs can be curve-fit using an FRF-based curve fitter if they have been filtered with a special window. In MEscope
[8] this filter is called a DeConvolution window. This filter reshapes an ODS-FREF so that it more closely resembles an FRF
and therefore can be curve fit using FRF-based curve fitting. An FRF-based curve fit of an ODS-FRF is shown in Figure 4.
In the upper left-hand graph, the red curve fitting function is overlaid on a magnitude plot of the ODS-FRF.
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Fig.4 Curve Fit of ODS-FRFs.

The aliased frequencies of the second and third orders are correctly estimated by curve fitting the ODS-FRFs.
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Damping Removal

DeConvolution windowed is necessary before using an FRF-based curve fitter on a set of ODS-FRFs. But DeConvolution
windowing adds a known amount of damping to each OMA mode shape. Therefore, following FRF-based curve fitting,
when the OMA mode shapes are stored into a Shape Table in MEscope [8], the damping added by DeConvolution windowing

is removed from them. This is shown in Figure 5.
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Fig. 5 DeConvolution Window Damping is Removed when OMA Mode Shapes are Saved.

Animating the OMA Mode Shapes on the Point Grid

After the 2D OMA modes shapes are saved in a Shape Table, they can be differentiated from displacement to velocity units.

The three OMA mode shapes are shown in figure 6.
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Fig. 6

Animated Display of 1014 RPM OMA Mode Shape on the Point Grid.
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Structural Dynamics Modification (SDM)

SDM [4] is a modeling algorithm also referred to as “eigenvalue modification”. Starting with the mode shapes of an
unmodified mechanical structure, SDM calculates the new mode shapes resulting from making physical modifications to
the structure by adding FEA elements between points on a model of the structure. Modifications are modeled with industry-
standard finite elements. The inputs and outputs of SDM are depicted in Figure 7.

4 FEA elements
Modes of the @=| that model the
unmodified structure 9 modification

New modes of the
modified structure

Fig. 7 Structural Dynamics Modification (SDM).

FEA Mode Shapes

The mode shapes of an FEA model of the baseplate & bearing blocks of the machine with rubber mounts resting on a fixed
tabletop were calculated in three steps. First, an FEA model of a single bearing block was created, and its FEA mode shapes
were calculated. Then, an FEA model of the baseplate was created, and its FEA mode shapes were calculated. Then SDM
was used to model the attachment of both bearing blocks to the baseplate using very stiff FEA spring elements. This is
depicted in Figure 8.

W *STR: Expanded SHP Model - 3D View, - [Sweep] SHP: Mode Shapes Video DOFs. =
3D View SHP: Mode Shapes Video DOFs
Persp: 40 Freq: 269.11 Hz, Damp: 0.37159%)
Complex Shape

{smp24]
—=pmm

~] 5pring 19Y]

Using the free-free mode shapes
of the Bearing Blocks & Base Plate
+

Stiff Springs between the Bearing Blocks & Base Plate

SDM calculated the new mode shapes

Fig. 8 Bearing Blocks Attached to the Baseplate With Very Stiff FEA Springs.
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Next, to model the machine resting on a fixed tabletop, four FEA spring elements were added between each corner of
the baseplate and a fixed ground point below the corner. Then SDM was used again to calculate the FEA mode shapes of
the machine resting on the tabletop, as shown in Figure 9.
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Fig. 9 Baseplate & Bearing Blocks Attached to the Fixed Tabletop With FEA Springs.

A stiffness of 10,000 lbs/inch was used for each of the corner FEA spring elements. Using a different stiffness would
change the frequencies of the FEA modes, but not their mode shapes. Only the 3D FEA mode shapes are used to curve fit
the 2D OMA mode shapes, not their frequencies.

Admittedly, a much more accurate FEA model of the rotating machine could be created, but the 3D mode shapes of this
simplified model are sufficient for calculating 3D OMA mode shapes by curve fitting the 2D OMA mode shapes of the
machine.

The ten lowest-frequency FEA mode shapes of the machine resting on a fixed tabletop with rubber mounts are shown in
Figure 10.

Since damping was not modeled in the FEA models, all the mode shapes shown in Figure 10 have zero damping in
them.

The first two mode shapes also have zero frequency, and the third mode has a frequency nearly equal to zero. Since there
is no bending of them in the baseplate or bearing blocks, these first three mode shapes in Figure 10 are called rigid-body
mode shapes.

The first three mode shapes exhibit rigid-body deflection of the machine on its rubber mounts. The first two mode shapes
are translational deflections in two directions and the third mode shape is rotational motion on the rubber mounts. All the
other higher-frequency modes exhibit bending of the baseplate & bearing blocks; hence they are called flexible-body mode
shapes.

Curve Fitting FEA Mode Shapes to 2D OMA Mode Shapes

In this second curve fitting step 3D OMA mode shapes are calculated by curve fitting the 3D FEA mode shapes of the
machine to its 2D OMA mode shapes. The 3D FEA mode shapes of the baseplate & bearing blocks mounted with springs
to a fixed base are curve fit to the 2D OMA mode shapes obtained from curve fitting the ODS-FRFs.
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Mode 1-Rigid-Body Mode Shape Mode 5-Flexible-Body Mode Shape

Mode 6-Flexible-Body Mode Shape

Mode 3-Rigid-Body Mode Shape Mode 7-Flexible-Body Mode Shape

Mode 4-Flexible-Body Mode Shape Mode 8-Flexible-Body Mode Shape

Mode 9-Flexible-Body Mode Shape Mode 10-Flexible-Body Mode Shape

Fig. 10 FEA Mode Shapes of the Baseplate & Bearing Blocks on a Fixed Base
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To curve fit the 3D mode shapes to the 2D mode shapes, five points on the video point grid were given the same point
numbers as the five closest points on the 3D FEA model, when viewed from the same direction as the video recording. The
common numbered points are shown on the FEA model and on the point grid in Figure 11.

3D View
Persp: 40

Fig. 11 FEA Model and Video Point Grid Showing Five Common Points.

The FEA mode shapes were curve-fit to the experimental OMA mode shapes using 10 common shape DOFs, horizontal
& vertical deflection at each of the five common points. This least-squared-error curve fitting yields a complex-valued
participation of each 3D FEA mode shape in each 2D OMA mode shape. Then the 3D OMA mode shapes are calculated
using the participation of each FEA mode shape in each OMA mode shape.

* The 2D OMA mode shapes have 6756 DOFs in them, defining the X & Y motion at 3378 visible points in the point
grid
* The 3D FEA mode shapes have 1938 DOFs in them, defining the X, Y & Z motion at 646 points in the FEA model

These are typical numbers of points for a video point grid and a simple FEA model of the baseplate & bearing blocks
connected to a fixed base with rubber mounts.

* Least-sqaured-error curve fitting was performed using the 10 common DOFs between the 2D OMA shapes and the
3D FEA mode shapes
* 3D OMA mode shapes were calculated using the participation of each FEA mode shape in each OMA mode shape
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point grid.

corresponding points.

Points must be chosen on the FEA model which are “close” to being in the same plane as the points chosen in the video

2D mode shape components from the two red points on the far side of the baseplate in the point grid cannot be used in
this curve fitting step because their deflections would be less than the deflections of the 3D FEA mode shapes at those

Animated Display of the 3D OMA Mode Shapes

Animation of the 3D OMA mode shape of the first order at 1014 RPM is shown in Figure 12. (Animated display shows the

deflection of the mode shape more clearly.)
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Fig. 12 Animated Deflection of the First-Order OMA Mode Shape.

Modal Participation

The participation of the 10 FEA mode shapes in each 3D OMA mode shape is shown in Figure 13. All the 3D OMA mode
shapes are very similar in shape because the FEA mode shapes participate nearly the same in each 3D OMA mode shape,
as shown in Figure 13. Only the magnitudes of the participation bars are different.

Participation Matrix
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Fig. 13 Participation of FEA Mode Shapes in Each Order-Based OMA Mode Shape.
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It can be concluded from Figure 13 that the mode shapes of the same three natural resonances dominate the first three
orders of the machine’s deflection at 1000 RPM.
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But re-examining the mode shapes in Figure 10, the first three FEA mode shapes define the rigid-body motion of the
machine bouncing on its rubber mounts due to the unbalance forces from the rotors. All the remaining seven flexible-body
mode shapes participate in the resonant vibration of the first three orders, with the ninth mode shape having the largest
participation among the seven. From Figure 10 the deflection of the ninth resonance shows the bearing blocks rocking back
and forth in phase with one another. These results agree with our intuition.

Conclusions

In this paper, we introduced a new method for curve fitting the 2D mode shapes of a rotating machine to obtain its 3D mode
shapes. First, ODF-FRFs were calculated from the TWFs that were extracted from a 16-second-long cell phone video of the
rotating machine. Then, 2D OMA mode shapes of a rotating machine were obtained by applying FRF-based curve fitting
to the ODS-FRFs.

The ODS-FRFs contained the peaks of the first three orders of the rotating machine, two of them aliased about the 1800
RPM Fmax of the ODS-FRFs. The 2D OMA mode shapes obtained by curve fitting the ODS-FRF's were the mode shapes
of the first three machine orders.

Then 3D FEA mode shapes of the bearing blocks & baseplate of the machine resting on springs attached to a fixed
tabletop were calculated in a series of steps. First an FEA model of a bearing block was constructed, and its mode shapes
were calculated. Likewise, an FEA model of the baseplate was constructed, and its mode shapes were calculated. Then both
bearing blocks were attached to the baseplate using very stiff springs. Finally, SDM was used to calculate the mode shapes
of the baseplate & bearing blocks resting with rubber mounts on a fixed tabletop.

Finally, 3D OMA mode shapes of the machine were calculated in a second curve fitting step by curve fitting 10 FEA
mode shapes of the machine to the 2D OMA mode shapes of the machine. The participation of each FEA mode shape in
each 3D OMA mode shape gave results that satisfied our intuition.

These results verify one of the laws of modal analysis, namely that,

* All vibration can be represented as a summation of mode shapes
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Chapter 4

Mode Shape Extraction Using Direct Field Acoustic Noise Test
Data

Kevin Napolitano, Dr. Michael Yang, Eric Friedlander, and Dale Schick

Abstract Direct field acoustic noise (DFAN) testing involves the placement of loudspeakers around a structure for acoustic
qualification tests. It is becoming more prevalent because it allows the testing to be performed in situ, which reduces or elim-
inates the test article transportation costs that arise from testing in an acoustic reverberation chamber. DFAN testing could
provide an even greater value proposition if it could be used as a source of excitation for modal survey tests. This paper
describes DFAN testing and how it can be used for modal survey tests and then uses DFAN test data from a demonstration
test article to extract modes using operational modal analysis methods with measured, output-only cross spectra and cross
spectra generated from frequency response functions to remove the time-delay-induced phase shift.

Keywords Modal testing - Parameter estimation - Direct field acoustic noise

Introduction

Direct field acoustic noise (DFAN) testing is increasingly used as the preferred method for performing acoustic tests because
it is less expensive than traditional reverberant chamber tests. The value proposition associated with DFAN testing systems
could be further enhanced if the DFAN speakers could also be used as sources for modal survey tests, especially for exciting
acoustically active modes.

A DFAN system developed by Acoustic Research Systems (ARS) generates a diffuse acoustic field by ensuring that
all acoustic devices in the test setup are driven by true random sources that are independent of each other. The amplitude
of each speaker is set independently based on the test requirements placed on the microphone that controls it. The control
microphones are placed such that each speaker has a microphone that is significantly closer than the other microphones,
thereby ensuring that the response of each control microphone is dominated by a single speaker.

The fact that each source is truly independent is advantageous for modal testing because the sound pressure levels can
be set such that they mostly satisfy the assumptions associated with operational modal testing (i.e., they are independent
and constant over the frequency range of interest [1]). Furthermore, acoustic excitation techniques have been used to extract
modes of a flat disk [3].

This paper demonstrates the feasibility of using a DFAN system to conduct a modal survey test on a demonstration
test article using both output-only cross-spectra test data as well as cross spectra generated from frequency response func-
tions (FRFs) with control microphones as references. It gives a background of DFAN testing and then describes how the
equipment was used as sources for exciting the test article, how the resulting data was processed, and how the processed
data was analyzed to extract modal parameters (shapes, frequency, and damping). Finally, the test results are presented
and discussed.
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Background of DFAN Testing

The history of DFAN testing began with the use of concert loudspeakers available in the late 1990s and early 2000s, which
were designed to carry acoustic energy long distances with several band-pass filters. This type of testing required separate
subwoofers, midrange, and high-frequency speakers. Using multiple loudspeaker drivers worked well for live sound but
caused many challenges when trying to reproduce the intense energy propagated by the fairing of a large launch vehicle.
DFAN technology has since evolved to mitigate these challenges and simplify the overall design into a more efficient test
system. The system utilized for this study was the first to be designed specifically for the purpose of DFAN testing, its
development and qualification having been discussed in previously published literature [1]. With the development of an
acoustic device that can operate safely and efficiently at extremely high output levels, without the need for drive signal
manipulation or integration of various discrete band-pass devices, uniform and highly repeatable acoustic field conditions
can now be easily created. For the purpose of modal extraction, this acoustic generation system enables the creation of an
acoustic field that is highly predictable and can be sustained at a high level for long periods of time with stability, and it has
the advantage of adequately exciting the test article while extending the number of measurement averages to reveal modes
in the infrasonic frequency range. The consistency of the DFAN system also allows for modal surveys to be run at different
sound pressure levels, which can reveal nonlinearities in the structural response that can often occur with complex structures.

Another advantage to this type of system is scalability. The creation of a somewhat diffuse field requires only three
devices, and incorporating additional devices fed with stochastic sources only increases the quality of diffusivity and spatial
uniformity [1]. Currently, systems have been scaled from three to ninety units with adequate structural excitation in all
configurations.

In traditional modal testing, the excitation is imparted to the structure using shakers and/or impact hammers, both of
which require access to and contact with the structure. A third method of excitation, the focus of this paper, is a noncontact
method of excitation. By exciting the entire structure with an acoustic field, components that could otherwise be damaged
by contact-driven excitation or which are out of reach can be energized. An optical lens, for instance, may shatter with local
excitation or lack response when traditional localized methods are used. Acoustic energy, on the other hand, will not only
safely energize the spacecraft structure, but also the local fixturing of the optical lens as well as the lens itself. This benefit
can also be extended to solar arrays, reflectors, antennas, and other spacecraft components.

For traditional structural components, which are less sensitive to impact and shaker excitation, there is still some benefit
with the acoustic excitation method. First, impacts can be difficult to repeat in terms of amplitude consistency. Since many
impacts are necessary to create clean FRFs for processing, the repeatability of the acoustic energy from one average to the
next, along with the sheer number of them, has an advantage over the hammer method. Second, shakers require bonding of
long, flexible rods (known as stingers) to the structure to adequately transfer the energy. Mounting the shaker and bonding
the stinger provide added complexity and risk to the structure. The acoustic method, however, oftentimes only needs to be
rolled up next to the test article, and the air already surrounding the test article is used to transmit vibration energy to the test
article.

One key aspect of acoustic testing is that it typically focuses on the audible frequency range, about 20 Hz to 20 kHz.
The ARS Neutron acoustic device (Fig. 1) utilized for this study, as designed for typical DFAN testing applications, has
an operating frequency range that is optimized for testing from 20 Hz to 10 kHz. When utilizing a DFAN test system for
modal extraction, it is important to consider how the system might excite modes that fall below the typical audible frequency
range. From the standpoint of DFAN system design, the generation of infrasonic frequencies to an amplitude of significance
requires not only special considerations to be made in the design and construction of the acoustic device but also a complete
signal chain from sound generation source to microphone capture that supports the generation and acquisition of infrasonic
frequencies.

While it is possible to address these challenges, one advantage of utilizing a purpose-built full-range acoustic device for
in situ modal extraction is that the inherent efficiency of the acoustic device in the very-low-frequency (VLF) range allows it
to generate significant and stable acoustic excitation, even as the frequency range of interest approaches the lower extension
of the optimal operating bandwidth. This efficiency combined with a long acoustic exposure time allows the acoustic device
utilized for this study to provide adequate excitation of modes in the infrasonic range, without the need to employ exotic
methodologies.

Fig. 2 compares the low-frequency section of an ARS Neutron to the low-frequency section of a typical front-radiating
concert subwoofer. The higher acoustic efficiency allows the device to more easily couple the excitation of the drivers to the
air surrounding the test article, which, in turn, provides more energy for longer durations of time and with more incoherent
sources to approximate a diffuse acoustic field. Note that regardless of approach, the efficiency of acoustic devices as they
near infrasonic frequencies tends to decline.
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Fig. 2 Low-frequency acoustic efficiency of Neutron vs. typical front-radiating loudspeaker.

Test Article and Data Collection

A test article was designed, fabricated, and tested to demonstrate that both acoustic and modal testing can be performed
while the test article is in one configuration, which is ideally on a head expander of an environmental shaker [4]. The test
article, shown in Fig. 3, is a loose representation of a satellite bus with acoustically active panels mounted on a base plate
that represents a head expander of an environmental shaker. The test article is mounted on four rubber mounts that rest on
two portable sawhorses. The number of accelerometers mounted to the test article was minimized to make the test article as
easily deployable as practicable but still observe primary bending, torsion, axial, and panel modes.

A total of 34 accelerometers were mounted on the test article. The accelerometers were placed in such a way as to
measure the rigid body motion of the base, the rigid body motion of the upper box, and the relative motion between the
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Fig. 3 Test article (left) and test display model with accelerometer measurement degrees of freedom (right).

bottom of the box and the base. Two accelerometers per surface were mounted in order to measure the out-of-plane motion
of the four side panels and the top panel. Motion of unmeasured degrees of freedom (DOFs) in the test display model were
estimated assuming that the base and the box move as independent rigid bodies.

One limitation of using data from environmental tests is that the total testing time is often short compared to the data
collection time involved with a traditional modal survey [5].The short testing time forces the engineer to either not have
enough frames of data to generate smooth frequency-domain data or not have a tight enough frequency resolution to ade-
quately observe resonant peaks. Since the objective of this effort is to use acoustic speakers as sources for a modal survey
test, data was collected for a total of 10 minutes at a low acoustic input level.

Data Processing

After the 10 minutes of random data was collected, the time-history data was processed into acceleration cross spectra and
microphone sound pressure to acceleration FRFs using 20 s frames with an associated frequency spacing of 0.05 Hz, a
Hanning window, and 95% overlap. Frequency-domain functions were calculated from 0 to 1.6 kHz. The full cross-spectra
matrix was 34 accelerometers by 34 accelerometers, and the FRF matrix was 34 accelerometers by 12 microphones.

An overlay of the first two singular values of the accelerometer cross-spectra matrix vs. the singular values of a cross-
spectra matrix generated from the FRF assuming unit microphone inputs is presented in Fig. 4. The peaks in the singular
values are the observable modes. Generally, the singular values of the FRF-generated cross-spectra matrix are cleaner but

Mode Indicator Function

Singular Values of CSD Matrix
3 Singular Values of FRF-generated CSD Matrix

T

10' 10%
Frequency (Hz)
Fig. 4 Comparison of singular values of accelerometer cross-spectra matrix (CSD) vs. singular values of FRF-generated

Ccross-spectra matrix.
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most modes are observable from both sets. There is one mode near 104 Hz that is observable in the FRF-generated cross-
spectra singular values but not as observable in the accelerometer cross-spectra singular values. The discrepancy could have
been due to being a fictitious mode where there is cross talk between the speakers and the control microphones that causes a
notch in the source-to-microphone FRF [6] or it could have been a mode where the impedance does not allow the microphone
pressure to fully apply to the structure, leading to the mode not being fully observable in the cross spectra. This feedback
effect is typical of many modal survey tests with shakers where the force spectra dips at a resonant frequency because the
structure is too flexible to accept the full shaker load. Subsequent tap testing verified that the mode was real.

Modal Extraction from Acoustic Test: Operational Modal Analysis

The baseline assumption in operational modal analysis (OMA) is that the input cross-spectra matrix is constant over the
frequency range of interest for which modes are extracted. With this assumption in place, several frequency- and time-
domain methods have been proposed to extract modal parameters by manipulating the cross-spectra density matrix [2].
Since the DFAN system used in this effort controls the sound pressure of microphones mounted directly in front of the
acoustic excitation sources, this assumption mostly holds true. Fig. 5 shows the power spectral density (PSD) functions for
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Fig. 5 PSDs of all control microphones. Full frequency range (top) and 0—150 Hz (bottom).
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all six control microphones. For this test, the low-frequency power was boosted as high as practicable in order to excite
the lower-frequency modes below 30 Hz as much as possible. The singular values of the control microphone cross-spectra
density matrix (Fig. 6) shows that, while the control sound pressure is consistent over all frequencies, there is some feedback
from the structure at around 104 Hz and 125 Hz such that the sound pressure is not fully independent at all frequencies.
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Fig. 6 Singular values of all control microphones.

Modes were extracted from the test data using a standard frequency-domain modal analysis tool by exploiting the fact
that, as shown in Fig. 7, there are four complementary poles (two with positive damping and two with negative damping)
when analyzing cross spectra instead of just two (both with positive damping) when analyzing FRF [7].

Imaginary

+, G '} o +,-C

Real

-, ©0 o0 -, -C

Fig. 7 Poles associated with cross spectra (blue and red) and FRFs (red).

The full 34 x 34 acceleration cross-spectra matrix was calculated, and then a coordinate transformation was applied
to the DOFs associated with the columns using the first seven singular vectors from a concatenated array containing the
cross-spectra matrices from 20 to 150 Hz. The resulting 34 x 7 cross-spectra matrix was then analyzed to extract mode
shapes. A narrowband fit of each resonant frequency or set of closely spaced frequencies was then performed to extract
modal parameters, including shape, frequency, and damping. The modal parameters were verified by overlaying the power
spectrum mode indicator function of the cross-spectra matrix to the power spectrum mode indicator function of the cross-
spectra matrix synthesized from the modal parameters. An overlay of the test vs. synthesized functions is presented in Fig. 8.
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Fig. 8 Overlay of test vs. synthesized cross-spectra power spectrum mode indicator function verifies modal parameter

extraction.

It was also noticed that low-order modes from 5.7 to 17.6 Hz of the test article resting on the rubber mounts and sawhorses
were observable in some of the acceleration PSDs (Fig. 9). Note that the base and test article are moving in and out of phase
for the rigid body vertical and first vertical modes, respectively. Each set of cross spectra was used to extract the observable

mode using a single DOF.
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Fig. 9 Low-frequency lateral and vertical rigid body (RB) modes and first vertical modes observable in PSD data.

Modal Extraction from Acoustic Test: FRFs

The acoustically excited FRFs have a phase that varies linearly as a function of frequency associated with a time delay of
the sound pressure traveling from the source to the test article (Fig. 10).
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Fig. 10 Example FRF from microphones to response accelerometers showing linearly varying phase as a function of
frequency.

While these FRF can still be used to extract complex modes to a reasonable degree, this paper uses the same OMA as
above to calculate real modes directly. In this case, the FRFs were used to generate a full acceleration cross-spectra matrix
by assuming that the reference autospectrum matrix for the microphones was equal to the identity matrix at all frequencies.
Essentially,

[Syy] = [Hyx] [Sxx] [Hyx]" = [Hyx] [I] [Hyx]" = [Hyx] [Hyx]", (D

where Y is associated with outputs, X is associated with microphone inputs, [Syy] is the FRF-generated output cross-spectra
matrix, [Hy x| is the FRF matrix from the inputs to the outputs, and [Sx x| is the input cross-spectra matrix.

In doing so, the phase variation in the FRF is removed, since the phasing relationship of the accelerometers should be
mostly real at resonance. An example of the FRF-generated cross spectra for several DOFs is presented in Fig. 11.
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Fig. 11 Example FRF-generated cross-spectra matrix. Note that response is mostly real at resonant frequencies.
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Once the data has been converted to the acceleration cross-spectra format, the same process as described in the OMA
section was used.

Modal Extraction Results

Table 1 presents modal analysis results from using measured acceleration cross-spectra data and FRF-generated cross spectra
for modes from 25 to 60 Hz as well as the 105 Hz mode. The 105 Hz mode is an actual mode that was verified through tap
testing. Overall, both methods worked well for cases where the modes were well observed in the functions. There was one
discrepancy in the cross-MAC at the low-observable 52 Hz mode, and for most cases the damping predictions were higher
for the cross-spectra data than for the FRF-generated data.

Table 1 Modal extraction results: acceleration cross spectra vs. FRF-generated cross spectra.

Acceleration FRF-Generated
Cross Spectra Cross Spectra Ratio
Mode | Frequency | Damping | Frequency | Damping | OMA/FRF | OMA/FRF | Cross
Number Hz %Crit Hz %Crit Frequency | Damping MAC
1 25.89 0.64 25.93 0.43 1.00 1.49 97
2 26.82 0.29 26.84 0.21 1.00 1.40 100
3 28.84 0.64 28.81 0.50 1.00 1.28 100
4 29.40 0.70 29.35 0.52 1.00 1.33 99
5 37.35 0.66 37.40 0.50 1.00 1.32 100
6 45.30 0.45 45.29 0.53 1.00 0.84 100
7 46.54 0.21 46.58 0.25 1.00 0.87 99
8 49.37 0.32 49.37 0.30 1.00 1.05 99
9 50.39 0.22 50.41 0.26 1.00 0.85 99
10 52.62 0.38 52.76 0.13 1.00 2.88 78
11 55.13 0.29 55.12 0.31 1.00 0.94 100
12 56.41 0.30 56.44 0.30 1.00 1.00 97
13 56.89 0.38 56.88 0.37 1.00 1.02 98
14 57.46 0.28 57.48 0.28 1.00 0.98 100
15 106.01 3.04 104.74 0.50 1.01 6.08 98

Plots of the first four modes are presented in Fig. 12. The first two modes are the primary modes of the side panels. The
fifth mode is the primary mode of the top panel, and the fifteenth mode is the 104 Hz mode.

Additionally, low-frequency lateral and vertical modes of the test article on isolators extracted from the accelera-
tion cross-spectra data are presented in Table 2. The relatively high damping values are likely due to the interaction
between the primary modes and the heavily damped rubber mounts. The first lateral rocking mode is shown
in Fig. 13.
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Table 2 Low-frequency OMA results.

Mode | Frequency | Damping
Number Hz %Crit
1 5.76 3.06
2 6.24 5.58
3 9.92 1.67
4 17.1 1.62

Summary and Observations

This paper verifies the feasibility of extracting mode shapes from accelerometers excited by DFAN acoustic noise. In addition
to using OMA on measured acceleration cross-spectra matrices, FRF-generated cross-spectra matrices were used to extract
modal parameters. While both methods were able to extract many modes, the FRFs better characterize a poorly excited
mode near 52 Hz and better estimate damping of a mode near 104 Hz. Likewise, OMA was able to extract estimates of mode
shapes at low frequencies where the input sound pressure was not active.
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Simulation of Modal Survey Using Direct Field Acoustic Noise
as Inputs

Kevin Napolitano and Dr. Michael Yang

Abstract Direct field acoustic noise (DFAN) testing involves mounting several sets of acoustic sources around a structure to
provide inputs for acoustic qualification tests. It is becoming more prevalent because it is often less expensive than traditional
reverberant chamber testing while also allowing acoustic tests to be performed at the test article facility, which reduces or
eliminates test article transportation costs. This effort discusses the ability of acoustic analysis software packages to simulate
acoustic modal survey tests so that the viability of using DFAN sources can be assessed well before a modal survey test is
conducted.

Keywords Modal testing -Parameter estimation -Direct field acoustic noise -Pretest analysis

Introduction

Direct field acoustic noise (DFAN) acoustic environmental testing involves placing a number of acoustic sources, usually a
set of large speakers that together cover the acoustic frequency range of interest, around a structure and then controlling their
excitation levels to meet required acoustic levels for the test.

DFAN testing has been gaining popularity as a way to perform acoustic environmental tests on structures when it saves
a program schedule and budget compared to testing in a reverberant chamber. Further schedule and budget could be saved if
DFAN sources could also be used as exciters in modal survey tests.

The objective of this paper is to perform pretest analysis on a finite element model (FEM) using acoustic sources as
inputs. The FEM and acoustic source models were used to model the test setup of a demonstration article [1], shown in
Fig. 1. Twelve Acoustic Research Systems (ARS) Neutron speaker systems are, in stacks of two, are evenly placed in a

Fig. 1 Demonstration article inside 6 x 2 configuration of ARS Neutron acoustic sources.
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circle around the test article. Twelve control microphones are mounted, one in front of each speaker, to control speaker
output to a predefined output level. This demonstration test was performed at Experior Laboratories in Oxnard, California,
using a Neutron DFAN system provided by ARS.

This paper describes the NASTRAN FEM, modeling of the acoustic sources using Wave6 vibroacoustic analysis soft-
ware, and processing of the analysis results to determine which modes are observable from the acoustic inputs and highlights
some issues that may need to be accounted for during a modal survey test.

Baseline Nastran Model

The test article simulates a spacecraft on the head expander of a vertical base shaker. The FEM and test display model of the
test article are shown in Fig. 2. The isolators between the base plate and the sawhorses represent the airbags used to keep
the head expander at a specific height under load, and the sawhorses represent the complicated dynamics of the shaker table
system.

Spacecraft/Test Article

- Head Expander/Base Plate

—— Airbags/Isolators

~ Complicated Shaker Dynamics/Sawhorses

Fig.2 FEM (left) and test display model (right) showing accelerometer locations.

The FEM includes the demonstration article, its rubber isolators at the base, and the sawhorses used to support the test
article at an optimal height for the acoustic sources. The FEM has approximately 230,000 elements and 236,000 nodes. The
rubber isolators are represented with spring elements.

The objectives of the pretest analysis were to 1) select sensors to measure all test article modes up to 100 Hz (with the
exception of local sawhorse modes, which were decoupled from the test article due to the isolators), 2) measure the base at
the bottom of the test article, and 3) locate enough accelerometers to observe the six rigid body deformations as well as the
first flexible mode of the base. To this end, 94 test degrees of freedom (DOFs) were selected using engineering judgement
and conventional sensor up-selection and down-selection algorithms [1]. Static condensation (i.e., Guyan reduction) of the
mass and stiffness matrices down to these test locations was then performed, and the 94-DOF mass matrix was used in the
following orthogonality calculations.

Ideally, for aerospace modal tests the off-diagonal terms of the self-orthogonality matrix during pretest analysis are
minimized as much as practicable. For this analysis, the majority of the off-diagonal terms were under 5%, with the maximum
off-diagonal value being 9%. While these results may not be acceptable for some modal survey tests, they were good enough
that the modes could be observed and differentiated from each other.

Acoustic Source Modeling

A simulation of a DFAN test with a 2 x 6 configuration of ARS Neutron speakers was performed using Wave6. A FEM of the
test article was imported into Waveb6 as finite element (FE) subsystem. The fluid (air) and speaker loading were simulated
with the boundary element method (BEM). The calibrated Neutron speaker sources were not directly used because the
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Table 1 FEM self-orthogonality matrix.

FEM Self Orthogonality Table

1 ‘ 2 3 4 5 6 7 8 9 10 1 12 13 14 15 16 17 18 19 20 21 22 23 24 ‘ 25 26 27 28 29 30 31 32 I3 34 35
6.06 | 6.20 | 6.90 | 8.78 | 17.82|19.97| 20.26|23.02| 25.06/ 27.39| 27.58(42.64| 44.02| 47.51| 48.85 53.23| 54.29|58.79| 61.14| 62.94| 65.28| 75.35| 76.58 | 80.91 | 84.34| 87.57| 87.67| 90.96| 93.74| 99.43/100.43
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version of Wave6 at the time of this writing only allowed for random analysis using those sources. Instead, rigid fluid surfaces
were used to represent the fronts of the stacked speakers. These are idealized surfaces with effectively infinite impedance
that will reflect incoming sound waves perfectly (i.e., without loss or distortion). A single monopole was placed at the center
of each speaker face. Virtual microphones were placed in locations corresponding to those in the test configuration. Fig. 3

ARS Neutron Speaker (shown for
visualization purposes only)

Rigid Fluid Faces
Monopole Sources

FE Box Structure

Virtual Microphones

Infinite Rigid Plane

Fig. 3 Wave6 FE/BEM model (with ARS Neutron speakers shown for visualization purposes only). The blue and green
squares represent control and monitor microphones, respectively.
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illustrates the Wave6 model with the ARS Neutrons shown for visualization purposes. However, since these speaker sources
were not explicitly used in the analysis, Fig. 4 is a more accurate representation of the fluid surfaces in the model.

O

Monomlesources . //l ___l\;,/_Rigid_Fluid.Fac_es_1

FE Box Structure

Virtual Microphones /

/
|~

Infinite Rigid Plane

Fig.4 Wave6 FE/BEM model with all structural and fluid components shown.

A separate load case was defined for each of the twelve monopole sources. Each monopole source was defined to have
a sound power of 1+0i Ibf-in/s at all frequencies. The model was solved deterministically from 1 to 367 Hz in 0.05 Hz
increments. The frequency spacing was chosen for convenience and to match the spacing from the test. The structural FEM
was given a structural damping loss factor of 1.0% at all frequencies, which corresponds to a 0.5% viscous damping value.
The following responses were recovered:

* Acceleration (y) responses at 88 nodes on the FEM which correspond to the accelerometer locations on the physical
test article. All translations were recovered in the global (CS 0) coordinate system.

* The modal amplitudes (g) for each of the structural modes.

* The field pressure (p) at the virtual microphone locations.

The results for each load case are placed in a column vector such that the response for all twelve load cases are [y], [¢],
and [p], where the rows of each matrix correspond to their respective DOFs and the columns are associated with each load
case.

Since each source consisted of a unit input, the output responses [y], [¢], and [p], are equal to their respective frequency
response function (FRF) matrices [H,|, [Hgs], and [Hp,], where the subscript s refers to the acoustic sources. The micro-
phone responses can be partitioned to the control microphones, [c], which is also the FRF matrix associated with the control
microphones [H,].

All results were exported in HDF5 format and then imported into MATLAB for further processing in ATA’s IMAT™
software.

The modal amplitudes were used to calculate [Sy,|, the modal cross-spectral density matrix. This is a square matrix
with the number of rows and columns equal to the number of in vacuo structural modes (i.e., structural modes that are not
influenced by the surrounding fluid). It represents the random contribution of the structural modes at each frequency if each
monopole source was used to excite the structure in an uncorrelated manner. [S,,] at each analysis frequency is calculated
as

[Saql = [Hos) [Sus] [Hye] ™,

where [S;s] is the identity matrix because each monopole has unit input and is assumed to be uncorrelated from the other
monopoles. The superscript H denotes the Hermitian, or complex conjugate transpose. The diagonal of [S,,] can be plotted
as a function of frequency to estimate how efficiently each structural mode is excited, as shown in Fig. 5.
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Fig. 5 Diagonal of [S,,] as a function of frequency.

The cross-spectral density matrix of physical responses, [, ], can be calculated from [S,] as
H
[Syy] =[] [Sqq] [2]", (H

where [®] represents the modal matrix with modal vectors organized into columns. This formulation allows recovery of any
structural response for which modes can be supplied.

Test Simulation

The objective of simulating acoustic excitation is to better understand the validity of extracting modes from acoustically
excited test articles. Specifically, the objective is to determine 1) which mode shapes the acoustic system should excite and
2) which apparent modes that may appear in the test data which are not actual structural modes.

For this paper, the sources are analytically defined to be equal to 1 mPa/Hz? over all frequencies. This differs from
an acoustic test because 1) acoustic excitation sources typically roll off at frequencies below 20-30 Hz and 2) in test, the
excitation levels are used to set levels certain levels over 1/n frequency bands. Future analysis efforts should also include the
control algorithm used for setting exciter levels.

The matrix [S,,| was calculated two ways using the FRF matrices. The first way assumes that the sources are uncontrolled
and constant as a function of frequency. Unfortunately, the sources cannot be measured directly, so the second way calculates
it assuming that the control microphones were uncorrelated and set to 1 mPa/Hz2. The second calculation was done by
assuming the control microphone levels were set at each frequency by inverting the [H_,] and then postmultiplying the [H ]
matrix to generate an FRF matrix associated with microphones as references, such that

[Hyel = [Hys) [Hes) 2

It should be noted that this is not how the control microphones levels are set, but performing this calculation can lead to
insight into the pretest analysis. Future effort on modeling the control algorithm directly should be a priority.

The [H,.] matrix can be measured directly in test and was also investigated as a way to solve for modes. To do so, it was
used to simulate the [Sy,] assuming the [S..| was equal to the identity matrix and then comparing it to the original [S,,]
matrix that assumes [S ;] matrix was equal to the identity matrix.
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Modal Extraction

The operational modal analysis technique described in [2] was used to extract modes from the simulated test data assuming
[Sys] was equal to the identify matrix. The full 94 x 94 S, | matrix was fed into ATA’s OPoly modal analysis tool and then
the following procedure was performed over a series of frequency bands from 0 to 101 Hz.

1. Virtual references were calculated over small frequency bands of closely spaced modes by performing singular value
decomposition of the [ S, | matrix.

2. The columns of the Sy, ] matrix were reduced to these virtual references, shrinking the matrix from 94 x 94 to the
number of modes in the frequency range (typically 1 to 4).

3. Real modes were solved and exported.

Once completed, the test simulated modes were compared to the original modes from NASTRAN.

The simulated test self-orthogonality matrix is presented in Table 2. Off-diagonal values are higher than what would be
typical for a modal test. This is most likely due to the fact that the panels of the test article are very susceptible to the effects
of air mass because they are light, flexible, and have large surface areas. Typically, the self-orthogonality matrix is used to
help debug the test setup, as large off-diagonals are often associated with inaccurate modal extractions due to modes being
poorly excited or not well differentiated with other closely spaced modes, or errors in the channel table. If the added air
mass is not accounted for in the model, then other methods of verifying the shape extractions, such as viewing animated
modes shapes or overlaying test data with simulated data synthesized from the modal parameters must be performed during
an actual test.

Table 2 Simulated acoustic structural test modes — self-orthogonality matrix.

Test Self Orthogonality Table

Test Shapes
Simulated | 1 | 2 3 4 5 6 7 8 9 10 11 12 13 14 15 16 17 18 19 20 21 22 23 24 25 26 27 28 29 30
Test Shapes | 3.80 | 3.87 17.71|22.11|24.12| 24.62 .| 49.17|51.98 59.16| 61.37| 63.85| 73.76( 82.30| 85.53 | 86.28| 89.31] 89.50) 93.57

1 3.80]

3.87
3 6.05
4 6.18]
5 8.74]
6
7
8

17.71)
22.11]
24.12
9 [24.62]
10 | 26.44|
11 | 41.77)
12 | 43.04f
13 | 46.09
14 | 47.42
15 |49.17
16 |51.98
17 | 52.86)
18 |56.97
19 |59.16
20 | 61.37
21 | 63.85
22 | 73.76
23 | 82.30]
24 | 85.53
25 | 86.28
26 | 89.31
27 | 89.50]
28 [91.81
29 |93.57
30 |98.07

The cross-orthogonality matrix between the simulated test modes (rows) and the NASTRAN FEM shapes (columns) is
shown in Table 3. The NASTRAN modes that were not extracted are highlighted in pink. The high values in the Test CRSS
columns show that each simulated test mode is a mass-weighted, linear combination of the FEM shapes. All simulated test
modes are captured by the FEM shapes with the exception of mode 26, which is best mapped by a FEM mode just above
100 Hz. The CRSS rows show how much of each FEM shape is captured by the simulated test shapes. FEM modes 4, 8§,
9, 26, and 27 were not extracted because the acoustic sources did not excite them adequately enough to obtain good modal
parameters. Note that damping levels are almost twice the nominal value for simulated test mode 26. The differences in
damping could be due to structure/air interaction that is independent of excitation source, or it could be due to the excitation
source interacting with the test article.
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Table 3 Acoustic structural modes using in vacuo mass matrix — baseline FEM modes cross-orthogonality matrix.

dTest Cross Orthogonality Table

lated Test FEM Shapes Test | Test
Freq Damp 1 ‘ 2 3 4 5 6 7 8 9 10 1 12 13 14 15 16 17 18 19 20 21 22 23 24 29 30 33 34 35 36 37 | 38 39 40 41 | CRSS|CRSS
No. Hz Y6crit 3.84 | 3.91|6.06 | 6.20| 6.90 | 8.78 |17.82|19.97|20.26| 23.02| 25.06| 27.39| 27.58(42.64(44.02|47.51| 48.85| 50.43| 53.23 | 54.29 | 58.79| 61.14| 62.94| 65.28| 75.35 | 76.58 | 80.91| 84.34|87.57| 87.67) 90.96 | 93.74 | 95.16 | 99.43(100.43| 3% [ All
1 3.80] 0.50jmly 100 | 100
2 3.87| 0.50) 00 100 | 100
3 6.05| 050 00 100 | 100
4 6.18| 0.50] 00 100 | 100
5 8.74|  0.50] 00 100 | 100
6 17.71]  0.50] 46 89 [ 100
7 2211 0.50] 99 [ 100
8 2412| 051 86 48 86 [ 100
9 2462 049 28 30 26 94 [ 100
10 26.44| 051 28 9 100 | 100
1 4.7 051 00 100 | 100
12 43.04| 051 00 100 | 100
13 46.09| 0.51 99 [ 100
14 4742 0.52 30 9 100 | 100
15 43.17| 051 99 99 [ 100
16 | 5198 o051 99 100 | 100
17 52.86| 0.51 99 100 | 100
18 56.97| 0.51 00 100 | 100
19 59.16| 0.52 99 100 | 100
20 61.37| 0.52 99 99 [ 100
21 63.85| 0.52 99 99 [ 100
2 73.76| 0.51 00 100 | 100
23 82.30| 0.55 99 | 100
24 85.53 0.56 37 9 99 [ 100
25 86.28| 0.52 4 6 96 [ 100
26 89.31 1.12 37 27 30 25 6 70 97
27 8950 0.58 39 90 20 90 | 100
28 91.81 0.60 99 99 [ 100
29 93.57| 0.53 26 9 96 [ 100
30 98.07| 0.52 9 34 98 [ 100
CRss| 3% 100 | 200 | 200 | 100 | 1 | 100 | 89 | 3 3 | 99 [100| 94 | 96 | 100 | 100 | 99 | 99 | 99 | 100 [ 100 | 100 | 93 | 99 [ 99 | 100 | 9 7 | 9| 9 | 98| 93|99 | %65 | 95| 68
CRss| All 100 | 100 | 100 | 100 2 100 | 100 | 4 4 200 | 100 | 100 | 100 | 100 | 100 | 100 | 100 | 100 | 100 | 100 | 100 | 100 | 100 | 100 | 100 | 16 14 | 100 | 100 | 100 | 100 | 100 | 100 ‘ 9 ‘ 0

A plot of the first three singular values of the [S,,] matrix with red boxes around the frequencies of the unextracted
modes is shown in Fig. 6. Peaks in the singular values can be seen for most of these modes, but they are not as pronounced
as they are with the other modes, and the authors believe that the modes would not be accurately extracted if there were
any reasonable level of noise in the test data. These results are similar to those from almost any modal test that uses modal
shakers as the input source, and the solution is to perform another test in which those modes are excited directly.

The singular values of the control microphone cross spectrum matrix are shown in Fig. 7. The local minima in this
matrix (indicated by the vertical cursors) can potentially lead to fictitious modes if microphones are used as references when
calculating FRF. The peaks in the FRF are likely due to an acoustic node coinciding with the microphone locations at these
frequencies.

An overlay of the three primary singular values for constant source input and constant microphone input are presented
in Fig. 8. The two peaks near 87 and 121 Hz in the microphone-generated singular values correspond to the local minima in
Fig. 7 and are not actual modes, but the mode near 110 Hz looks very similar to the apparently heavily damped peak evident
in the source singular values.

One way to verify whether the changes in damping are due to the structure interacting with air or the excitation source is
to excite the modes directly with a non-acoustic source. This will eliminate any damping changes due to the source.

Mode Indicator Function
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Fig. 6 Singular values of acceleration cross spectrum matrix. Acoustically insensitive modes are identified inside red boxes.
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Fig. 7 Singular values of control microphone cross spectrum matrix.
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Fig.8 Singular values of [S,,] due to unit source input and unit control microphone input.

Summary and Observations

The pretest analysis in this paper shows that modes can be extracted from acoustic tests. As with any modal survey test, using
conventional sensor selection algorithms for placing accelerometers is sufficient even when the excitation source is acoustic.
However, for acoustically sensitive structures, the effects of air mass should be included if test self-orthogonality matrices
are used as a test exit criterion. That said, the baseline mass matrix should be sufficient for test-FEM cross orthogonality
comparisons.

As with most modal survey tests, the input sources may not excite all of the modes of interest. In these cases, plans should
be made to excite those modes by other means. Likewise, test results showing that there are duplicate modes extracted at
different frequencies, likely due to zeros in the microphone/source FRF, should also be verified by exciting those modes
directly by other means.

The changes in modal damping are due to either interaction between the structure and air mass or the way the source
interacts with the system.
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In this work, a comparison between the modal extractions from acoustic excitation and modes calculated without acoustic
effects incorporations was presented. Therefore it was difficult to determine whether changes in modal parameters such as
damping were due to frequency variation of the acoustic input loads or to the structure residing in fluid air. Thus, future work
should include a comparison of modal extractions to the modes associated with the wet structure.
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Chapter 6

Experimental Study on Measuring the Constant Off-Set in
Displacement from Phase Resonance Testing of Contact-Gap
Nonlinearity

Dana Dulcinea Figueroa and Benjamin Robert Pacini

Abstract Phase resonance testing is a popular technique for testing nonlinear structures where closed loop control maintains
90 degrees relative phase between the excitation force and acceleration response. Measurements from these experiments col-
lected at many excitation levels can be used for nonlinear system identification. Typically, accelerometers are used to collect
the response data. This data is integrated numerically to produce measured velocities and displacements which are then used
to conduct the nonlinear system identification. However, this integration cannot recover certain components of the displace-
ment such as the constant offset typical of contact-gap type nonlinearities. Excluding this data has been shown to produce
inaccurate identification of the nonlinearity. This work seeks to demonstrate experimentally the constant offset in displace-
ment as a first step in recovering this information from acceleration measurements. Phase resonance testing is conducted on
a structure with a mode which exhibits a contact-gap nonlinearity. Acceleration measurements are acquired via accelerom-
eters, and displacements at various locations on the structure are measured using a high-speed camera. The constant offset
in the displacement is shown from the raw measured time histories as well as the error in the displacement obtained via
numerical intragrain of the measured acceleration.

Keywords Force appropriation - Nonlinear - Structural dynamics - DC offset - Displacement

Introduction

System identification is an integral task in developing a finite element model and is the process of extracting dynamic
properties of a structure from test. For linear structures, this is accomplished via modal testing where natural frequency,
damping, and mode shapes are extracted from frequency response functions (FRFs) [1]. For nonlinear structures, sys-
tem identification is still an open area of research [2]. Of particular interest in this work are asymmetric nonlinearities
(such as contact-gap type behavior) where the corresponding restoring forces are not the same in magnitude for posi-
tive and negative oscillations of the displacement response. These types of nonlinearities produce constant offsets in the
displacement response (referred to as DC offsets in this work) which must be captured either through direct measure-
ment or through post processing to accurately identify the nonlinearity. Acceleration values measured during excitation
can be double integrated to get displacement values if and only if the initial conditions of displacement are known. If
the initial displacement values are unknown, the DC value will get lost in integration resulting in inaccurate displacement
values.

This work is an initial investigation into directly measuring these DC offsets during a force appropriation experiment.
Nonlinear force appropriation testing, also known as phase-resonance testing [3, 4], is a technique where closed loop control
is used to maintain a structure in phase resonance [5, 6](i.e., 90 degrees relative phase between excitation force and response)
as the input is slowly increased. This allows for the characterization of a single nonlinear mode of a structure from low to
high energy levels and results in measurements that can be used for system identification.
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The remainder of this paper is outlined as follows: Section 2 provides a motivating example for the importance of properly
capturing the DC offset in dynamic testing. Section 3 gives a short background of the previous experimentation from which
the data originated. Section 4 covers the data processing for DC extraction. Section 5 describes the processes and equations
used to calculate DC offset. Section 6 provides lessons learned, future work to implement the techniques developed in this
work, and a conclusion of the entire experimentation and data processing.

Motivation

To demonstrate the importance of including DC offset in the displacement, results from [7] are used where Phase-Resonance
Multi-Harmonic Balance (PR-MHB) [8] was used to conduct virtual nonlinear force appropriation tests on a SDOF oscillator
with a contact-gap spring element (Fig 1). PR-MHB is a method of solving nonlinear equations of motion in the frequency
domain while enforcing constraints which maintain phase resonance between the excitation force and response, so the
results are analogous to those produced from a nonlinear force appropriation test. The equation of motion for the contact-gap
oscillator is

ma(t) + cz(t) + kx(t) + fru (x (t)) = f(t) @)
where f is the excitation force and f,,; (x) is the nonlinear restoring force given by
_ 0 x(t) <z

W) ={ -y 05 1 @

The piece-wise linear penalty spring, k,,, activates once the displacement, x, exceeds the gap distance, x4. Otherwise,
the system behaves linearly where the modal properties are defined by mass (m), damping (c), and stiffness (k).

kp
Xg 4

Fig. 1 contact gap oscillator.

The PR-MHB results from [7] of the contact-gap oscillator provide the Fourier Coefficients of the displacement response
at the fundamental frequency and associated harmonics as well as the DC component. Thus, x(¢) can be reconstructed
with and without the DC offset to study the resulting influences on the identification of f,,; (x). In the system identification
scenario, it is assumed that a linear modal test has been conducted so that m, ¢, and k are known. Additionally, the PR-MHB
results provide the measured displacement and excitation force from the virtual experiment. Therefore, the “measured”
fni (z) can be computed by rearranging Eq (1) for cases with and without the DC component in displacement:

fur (@ (1)) = [ (t) = mi (t) — ci () — ka(t). 3)

As mentioned previously, & (t) is typically the response quantity measured during a force appropriation test and is used to
compute &(t) and z () numerically via integration. However, the DC offset in displacement is not recovered in this process,
so the scenario explored here where the DC offset is excluded replicates the typical measurement case. Using the Force-
Response Curve (FRC) technique for system identification from [7](which is similar to approaches from [9, 10]), fn; (x (t))
is plotted versus x (t) to construct f,,; (x) as shown in Figure 2. Comparing these results with Eq (2), the effect of the DC
offset in displacement is evident in that when the DC offset is excluded, the resulting f,,; (x) is incorrect. Therefore, in a
practical scenario where a structure exhibits similar asymmetric behavior, if the DC offset is not included in the displacement
response, the resulting identification will be erroneous. This work describes initial attempts to measure the DC offset directly
from nonlinear force appropriation experiments for nonlinear system identification.
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Fig. 2 Nonlinear restoring force for the contact-gap oscillator with and without including the DC offset in displacement.

Test Setup

The data used to extract the DC offset came from a previous experiment done by Alkady et.al [11] in which a half c-beam
assembly (Fig 3) was investigated for nonlinear behavior. The purpose of their testing was to address the limitations of
traditional sensors used in modal analysis by using full-field, high-speed, and high-fidelity Digital Image Correlation (DIC)
with the addition of phase-based motion magnification (PMM)to better characterize the nonlinear response of bolted joints .

Fig.3 Unbolted Assembly [11].

The test set up is shown in Figure 4 and consisted of the 2 c-beams (Fig 3) bolted together and suspended by bungee cords
to simulate free-free boundary conditions. A speckle pattern sticker was placed at the area of interest, i.e., the joint. A shaker

Bungees \ [

oo |

Accelerometers

Fig. 4 Testsetup [11].
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was connected to a location that was optimized for exciting the out-of-phase bending mode which activates open/closing
behavior of the joint. High-speed cameras were set up in stereo to get displacements in three dimensions and lights were also
placed to properly illuminate the speckle pattern.

Force appropriation using a phase-locking algorithm was used at voltage amplitudes of 0.1V — 0.8V with an incre-
ment of 0.1V Before each run, a reference image of the beam was taken at rest for calculation of displacements later. The
shaker is then activated at the lowest voltage at a starting frequency suspected to be the desired mode. Phase resonance
is found through closed loop control from Siemens LMS. Once phase resonance is found, data is collected for 2 seconds.
MatchlD, an image analysis software from Siemens, was then used to extract responses from the collected frames of the
tests and the displacements of the chosen subsets were calculated. Experimentation showed that as the amplitude of excita-
tion increased, so did the height and length of the gapping along the joint interface which resulted in asymmetric nonlinear
behavior.

Data Processing

MatchID was used to align the coordinate system of the beam with that of the master camera. Five sets of nodes were placed
near the joint as seen in Figure 5. The v direction data was the focus of this analysis. The variable v;;(¢) is the measured
v-direction displacement time history of node ij with respect to the reference image. The relative displacement of point pairs
across the joint is designated v; (e.g., vs = V15 — V2s).

Fig. 5 Approximate point locations.

The objective of this work is to directly measure the DC offset due to nonlinearity, which means we need to extract the
frequency content of v;;. This was accomplished by fitting the functional form of a Fourier series (Eq (4)) to the steady state
response.
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N
vi; (t) = BY + Z Al sin (kwt) + By cos (kwt) 4)
k=1

where v(t) is the time history, Béj is the DC offset, Afcj and B,ij are the of the sine and cosine portions of the k" harmonic,
w is the frequency of the signal, and [V is the number of harmonics present. When the measured response is discretized into

n samples with v;; (¢,,), where m = 1,. .., j, the following matrix can be constructed:
AT
A
sin(wty) sin(2wty) -+ sin(Nwty) cos(wty) cos(2wty) -+ cos(Nwty) 1 .
sin(wty) sin(2wty) -+ sin(Nwty) cos(wts) cos(2wita) -+ cos(Nwty) 1 Ay _
vy (t) = . . . . . _ , B, | =CA
: : e : : : e : : Bs
sin(wt;) sin(2wt;) --- sin(Nwt;) cos(wtj) cos(2wt;) --- cos(Nwt;) 1
By
[ Bo |
B Q)
The coefficient vector, A, can be solved for in a least squares sense by
A= Cho, 6)

where C' is the pseudo inverse of matrix C

These coefficients are computed for each DOF at each excitation level, so that their change can be observed from low
to high response. This process allows for the extraction of By from the measured time response v;;. The magnitude of the
other harmonics is computed using Equation (7) and is compared to Béj to evaluate the significance of the DC offset in the

measured displacement [5].
M7 =/ A7* 4 B, )

DC Offset Directly from DIC Measurement

Once the magnitude of the harmonics is computed for each DOF using Equation (7), they are plotted against each input
voltage level. Figure 6 shows the harmonic content for each point in Figure 5 with even harmonics plotted as dotted lines,
odd harmonics plotted as solid lines, and the DC (By) plotted as a black line.

There is a non-monotonic trend with respect to voltage in the By for all points. Moreover, the By is largest when the
displacement (and therefore the nonlinear response) is the lowest. Since the magnitude of B is commensurate with the
strength of the nonlinearity, it is reasonable to expect that the largest B, should occur at the largest voltages. however, this
is not the trend observed in Figure 6; the largest By occurs at the lowest voltage. Therefore, it appears that a phenomenon is
contributing to the By in addition to the nonlinear physics.

It is believed that the other contributor to the measured DC offset is static, rigid translation of the beam within the camera
frame. The measured DC offset (By) is thus the sum of the DC due to nonlinear dynamics (By n,) and that due to static
motion of the part within the camera frame (B cam):

By = Bo,cam + Bo,nL ®)

For system identification, By nr, is desired and therefore By cqm needs to be determined. We hypothesize that By cqm
can be determined by finding the time instances when the structure is undeformed. Since the measured values of points v;;
are in relation to the reference image, subtracting point pairs directly across the joint from each other removes the effect
of the static rigid translation of the part within the camera frame. Therefore, when this difference is equal to 0, the relative
position of the point pairs is the same as their relative position in the reference image, and thus represents the time instances
of the undeformed state. These time instances could then be used to adjust the measurements of v;; to remove the effect of
By, cam- This process is carried out with two point pairs (ve; — v11 = Awv; and vas — v15 = Awg) as shown in Figure 7,
where the red x’s represent the time instances when Awv; is equal to zero. It is left as a future work to use this data to adjust
the measure v;; to remove the effects of By cqm.
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Fig. 7 Plots of the zero-crossings of point sets 1 and 5.

Conclusions

While not all efforts were discussed here, there are many lessons learned from this exploratory work. Three-dimensional
displacement measurements obtained using stereo DIC measurements are required since 2D motions measured with a single
camera interpret out-of-plane motion as in-plane motion. This was realized during an initial setup (separate from that from
[4]) where 2D motion of six points on a full c-beam assembly were measured using a single high-speed camera. While
analyzing the results, the in-plane displacements were distorted by out-of-plane motion of the c-beam, leading to the use of
data from [4].

This work demonstrated that even with stereo measurements, the extraction of the DC offset due to nonlinear physics
from measured response is not straightforward. Static rigid translations of the part within the camera frame contribute to the
observed DC offset and must be removed to perform nonlinear system identification. A simple technique was proposed in
this work which utilized differences in the displacement of point pairs directly across the joint to determine time instances
of when the structure was undeformed. This information could then be used to adjust the measured displacements such that
the static, rigid motion of the part within the camera frame is removed. This is left as a future work.
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Chapter 7
Comparison of Data-Driven Techniques for Structural
Dynamics Model Order Reduction

Celso T. do Cabo, Yujie Xi, Raymond Joshua, and Zhu Mao

Abstract The vibrational behavior of structures is oftentimes used to define their state awareness and can be further em-
ployed for damage detection and prognosis. However, most structures have a complex behavior that cannot be easily inter-
preted or directly applied for damage detection. While many methods can be employed to model those systems, such as finite
element models (FEM), these models depend on a strong understanding of physics as prior knowledge. With the increased
number of monitoring systems and data availability for structural dynamics, data-driven technologies are becoming increas-
ingly more popular for a variety of problems. Among unsupervised learning methods, dimension reduction techniques are
widely used to simplify high-dimensional datasets. In addition, for linear models, Principal Component Analysis (PCA)
or Proper Orthogonal Decomposition (POD) are some of the most known methods, which consists of employing Singular
Value Decomposition (SVD) or eigen decomposition in the dataset itself. Furthermore, other techniques have been developed
specifically for time-series applications, such as Dynamic Mode Decomposition (DMD). This work focuses on the compari-
son between the performance of data-driven dimension reduction techniques, such as the ones mentioned previously, as well
as other improved versions of such technologies, such as optimized DMD when applied to structural dynamics. Different
techniques are implemented and compared to the context of structural vibrations, and all techniques are compared with re-
spect to their advantages and limitations, as well as the corresponding mathematical investigation.

Keywords Model Order Reduction - Structural Dynamics - Principal Component Analysis - Dynamic Mode Decomposition

Introduction

Vibrational behavior of structures is of critical importance for a variety of applications, such as to define its state awareness
which can be further employed for damage detection and prognosis. However, their dynamical behavior oftentimes has a
high complexity, which makes it difficult to interpret or directly employ for damage detection. While many methods can be
applied to model dynamical systems, such as finite element models (FEM), these models depend on strong understanding
of the physics as prior knowledge. With the increasing in data availability for structural dynamics, data-driven technologies
are becoming increasingly more popular for a variety of applications. Among unsupervised methods, Principal Component
Analysis (PCA) is a very well-known dimension reduction technique, which uses Singular Value Decomposition (SVD) to
decompose the dataset into a different basis and reduce its order for simplification [1, 2]. In addition, Proper Orthogonal
Decomposition (POD) works in a similar manner as PCA using SVD to decompose physical measurements and are often
compared on how they are computed [3-5]. Such techniques were also previously employed into vibrational systems as a
manner to reduce the order of the system, as well as to decompose the original signals into different modes [6-8].
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However, among dimension reduction techniques, more techniques have been developed specifically for physical prob-
lems, such as the Dynamic Mode Decomposition (DMD), which was developed specifically for time-series applications,
initially being applied into fluid dynamics problems [9-11]. The technique uses the Koopman operator to obtain an approxi-
mate matrix which is time invariant, later applying eigen solution to the operator in order to obtain the dynamic modes [12].
This technique had several applications including controls and in vibrational systems, however, in the context of video-based
sensing [13, 14]. In addition, modifications of the DMD algorithm were created, such as the optimized DMD, which uses an
optimization approach to obtain the dynamic modes [15], or approaches that includes physics knowledge of the system [16].

This work proposes a comparison between different methods of order reduction using machine learning approaches,
such as PCA, SVD and DMD. For that, different applications will be used such as sparse measurement obtained from
accelerometers, a full-field measurement obtained from lased Doppler vibrometer (LDV) and video-based sensing.

Background

Dimension reduction techniques are usually known for machine learning applications. However, order reduction techniques
can have similar procedure for other applications where the physical knowledge of the system is known. For example, modal
analysis employs the eigen decomposition of the parameters of a governing equation (e.g. from a FEM) and can use a
smaller number of mode shapes to describe the behavior of a structure. POD will have a similar mathematical procedure
with measurements of a physical quantity. While for statistical or mathematical applications PCA and SVD will be used to
decompose a set into smaller dimension. SVD for instance, can decompose an initial matrix X into two unitary matrices and
a scalar as presented in Equation (1).

X=Uxv” (1

Where, U and V' are unitary matrices and X is a rectangular and diagonal matrix containing the singular values. Mean-
while, PCA and POD can use either SVD for the decomposition, or it can calculate the covariance matrix of the dataset X.
Since the covariance matrix will be a square matrix, then the eigen decomposition can obtain the modes and values for the
variation of the data. The covariance matrix can be calculated according to Equation (2).

S== (@-7) (-7 2)

Where, 3 is the covariance matrix of the dataset, T is the mean of the data. After computing the covariance matrix of
the normalized dataset, the principal components will be given by its eigen solution. DMD works in a similar manner to
PCA and SVD. However, instead of using either the dataset itself or the covariance matrix, it will calculate an [A] matrix
which will be a time invariant matrix computed based on the Koopman operator as shown in Equation (3) and the process to
calculate the DMD modes can be seen in Figure 1.
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Fig. 1 Flowchart of DMD measurement and mode decomposition.
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where, X' is the future state of the system, X is its current state and A the linear operator that predicts the future state based
on the current state. Since DMD aims to reduce the order of the system, a low rank A can be calculated based on the linear
operator by applying SVD to the equation, as shown in Equation (4).

A=UTAU =UTX Vet )
After calculating the low rank matrix A, the eigen decomposition will be computed following Equation (5).
AW=W A (&)

where, W are the mode shapes associated with Aand Aits eigenvalues. Finally, the DMD modes ® can be calculated based
on Equation (6).

d=X'VETw (6)

Later the signal reconstruction for each DMD mode is done by an exponential approximation as presented in
Equation (7).

tpnp=be*"* @)

tpwmp 1s the time reconstruction for each DMD mode, b is a scale factor based on the initial condition for each mode and
sensor, and w is the natural frequency calculated using the eigenvalue following Equation (8).

log g,
= 8
W= (3)
Given dt as the time-step between measurements. Finally, the time reconstruction from DMD is given by:
X~® X tpyp 9)

Another existing approach for DMD is the optimized DMD. Instead of using linear algebra to calculate the DMD modes
and frequencies, optimized DMD uses an iterative method by optimizing the following equation.

HliIlHXf(I)XtDMD”F (10)

where ||.||  is the Frobenius norm of a matrix and given by the square root of the matrix trace times its conjugate transposed.
This approach optimizes the DMD reconstruction to the measured data, leading to a better time reconstruction if compared
to the exact (original) DMD.

Experimental Setup

There were three experimental setups employed to compare the different order reduction techniques. Starting with an impact
test in a cantilever beam, with a sparse measurement obtained from accelerometers. The setup can be seen in Figure 1, where
four accelerometers were placed in the beam and the data collected consisted of 1,024 time-steps at 2.56kHz of sampling
rate. The first two natural frequencies of the beam occurred at 48.6Hz and 435.3Hz.

For the second test, a cantilever plate was employed. For this case, the LDV scanned 133 points equally distributed
thought the plate. The test collected a total of 50,000 timesteps at 100kHz of sampling rate. The excitation was a burst
chirp for 50% of the testing time ranging from 100Hz to 10kHz. This testing setup meant to be employed as a full-field
measurement of the structure, with higher number of measuring points, however, still with a smaller number of measured
points than timesteps. The setup is presented in Figure 2a).

Finally, the last test was the same impact test from the cantilever beam, however, using a video-based measurement.
No post processing was employed into the video, except for cropping the frame from a full HD resolution (1920x1080
pixels) to 400x1080 pixels. That was done to focus on the beam only and reduce the area of background. The measurement
was performed at 960Hz of sampling rate and 2,000 points collected. The setup for the video-based sensing is shown in
Figure 2b).
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Fig. 2 Experimental setup for the cantilever plate with LDV measurement (a) and cantilever beam with video-based mea-
surement (b).

Results and Discussion

The results obtained by the reduction techniques will be presented by comparing each result of PCA, exact DMD and
optimized DMD for each case. Starting with the results for the cantilever beam, which is a sparse measurement with only
four accelerometers. The PCA results for the cantilever beam are presented in Figure 3 below.
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Fig. 3 Results of PCA to the cantilever beam, principal components compared to the mode shapes (a), MAC between the
principal components and measured mode shapes (b) and time estimation for each component (c).

For the impact test, the highest variation of the data occurs based on the mode shapes of the structure, leading to a good
correlation between the measured modes and principal components coefficients. As shown in Figure 3b) the MAC for the
first three mode shapes are above 95% and the time estimation presented in (c) has a similar behavior, going from the low
frequency sine wave to a high frequency one, with the last reconstruction having a behavior similar to noise. When applying
exact DMD with sparse sensing, the mode shape estimation will also have good accuracy compared to the ones obtained
by measurement for both mode shapes computed, as shown in Figure 4. However, DMD approximates the motion of the
system using an exponential function. In order to obtain the oscillatory motion of the system, the eigenvalues computed will
be composed of complex values. Therefore, four DMD modes can obtain only two of the real mode shapes of the beam as it
can be seen in Figure 4b).

In addition, while exact DMD estimates modes well, its natural frequencies and time reconstruction have low accuracy.
Figure 4c) presents each modal response, considering the small number of measurements, some of the eigenvalues obtained
will be real values, leading to an exponential instead of an oscillatory behavior. Furthermore, the complex eigenvalues
obtained possessed a high frequency and high damping ratio, leading to a small oscillation in the time domain, as shown in
the two top plots of Figure 4c).
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Fig.4 Mode shape estimation (a) and MAC comparison (b) between exact DMD and measurement and time reconstruction
for each mode (c).

Meanwhile, when applying optimized DMD on the dataset, the optimization algorithm focuses on the time reconstruc-
tion, as described in Equation (10). Therefore, the time estimation obtained will be better compared to the exact DMD as
shown in Figure 5.
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Fig.5 Time estimation for each mode shape (a) and signal reconstruction (b) using optimized DMD.

In this case, modes 3 and 4 behave similarly to a modal response, and the signal reconstruction will have a better accuracy
than the previous model. However, to obtain a good time reconstruction, the eigenvalues estimated are in a similar frequency
range, as shown in Figure 6b). Since the natural frequency at 93.5Hz possesses the highest energy, the DMD estimation
obtained the frequencies around the natural frequency estimation. Thus, only the first mode shape was extracted. The results
of PCA applied to the cantilever plate having a full-field measurement using LDV is presented in Figure 7 as follows.

As shown in Figure 7a), most of the variation of the data happens in the first 20 components. Therefore, only 20 out of
the 133 components would be able to reconstruct the original signal with a small error. However, since the forced vibration
has different amplitude for different frequencies, it would be challenging to obtain the natural frequencies of the system
based on the obtained parameters. In addition, since the order of the principal components are unknown, then the modes
obtained can be from any natural frequency as it can be seen in (b) and (c). Meanwhile, when applying exact DMD to the
plate, more mode shapes can be estimated, however, only when decomposing all 133 possible modes that some of the main
natural frequencies are obtained.

Figure 8a) has the eigenvalues estimated for the plate, however, the eigenvalues are estimated from the highest frequency
to the lowest and all frequencies are above 50Hz, avoiding some of the first mode shapes of the plate, such as the first bending
mode at around 5~6Hz. In addition, in (b), the time reconstruction for two nodes is given. Even using more than 100 mode
shapes for the estimation, the estimation does not look like the measured signal (due to the difference they could not be
plotted together, and the estimated signal would be too small and not visible). Finally, (c) presents the DMD mode at 268Hz,
which has a similar behavior to a high-frequency mode shape.
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Fig. 6 Mode shape (a) and natural frequencies (b) estimations using optimized DMD.
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Fig.7 Principal components (a), time reconstruction for each component (b) and first mode estimation (c) for PCA applied
to the cantilever plate.
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When employing the same dataset into the optimized DMD algorithm, although the time for computing the correct
answer is much higher than when using exact DMD, it requires a much lower number of eigenvalues to perform a good
time reconstruction of the time signal. In Figure 9a) the estimated frequencies for the first 20 modes are presented. Similarly
to the previous example, the eigenvalues are computed in pairs due to being estimated as a complex value. Using only 20
eigenvalues will give the TRAC shown in (b), in which most of the values are above 80% of signal reconstruction. The only
exceptions are near the base of the plate, where the boundary condition causes low signal amplitude, and in the location
where the shaker is positioned (which has around 60% reconstruction). Finally, the lowest frequency mode is presented in
(c). This mode shape has a corresponding frequency of 5.6Hz which is similar to the real mode shape obtained by the LDV
measurement. In addition, the first mode resembles a bending mode shape with values in the base close to zero and the
highest value near the top of the plate.
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Fig. 9 Estimated natural frequencies (a), TRAC (b) and mode shape estimation at 5.6Hz (c) using optimized DMD.

Finally, PCA was employed for video-based datasets, for this case, the video of the cantilever beam was used, the image
having 400x1080 pixels will give more than 400 thousand measure points while 2000 timesteps were recorded. For the
application of PCA into the video-based data the results are presented in Figure 10 as follows.
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Fig. 10 Principal components (a), first mode reconstruction (b) and 10*” mode reconstruction (c) for PCA applied to video-
based data.

Similarly to the cantilever plate case, most of the variation of the data happens on the first 10 components. However,
for this case, the most variation of the data occurs on the transient motion from the hammer hitting the cantilever beam.
Therefore, the modes obtained are similar to the ones presented on Figure 10b) and (c) with the mode only showing the
motion of the hammer. Only after 10 modes it is possible to slightly see some motion of the beam itself. However, due to
the natural frequencies to be unknown it is difficult to predict which mode will have any beam behavior. In addition, after
the 10" mode, the noise of the video starts to appear in the components as well, making it difficult to obtain the vibrational
signal alone.
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In terms of computational cost, PCA can compute all 2,000 modes from the data, having a similar time consumption
from exact DMD. However, the optimized DMD has a much higher computational time required, allowing the usage of
40 dynamic modes. While, when employing exact DMD, 500 eigenvalues were computed, and the time of calculation was
still considerably smaller than using optimized DMD. In addition, with 500 eigenvalues for the approximation a good time
reconstruction could be performed.

1 ‘
—— DMD reconstruction
0.1 —— Original
0.05 0.8
[0)
>
ER 3
= S 06
% [0)
g -0.05} =
01 0.4
-0.15
-0.2 ‘ ‘ ‘ 0.2 ‘ ‘ ‘
0 0.05 0.1 0.15 0.2 0 0.05 0.1 0.15 0.2
Time [s] Time [s]
(a) (b)

Fig. 11 Time estimation for first mode shape of the beam (a), time reconstruction for an arbitrary pixel in the video (b)
using exact DMD.

Figure 11a) presents the time response of the first DMD mode of the beam, while (b) shows the time reconstruction (in
blue) of an arbitrary pixel. Since the measurement is given by the pixel intensity the intensity will only have a sine wave
behavior in the edges of the beam, while most of the background will have only a noisy measurement.
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Fig. 12 Eigenvalues (a) and first mode shape (b) of the beam using exact DMD in video-based data.

Figure 12a) shows the estimated frequencies from the eigenvalues. However, most of the measurements obtained in the
video will be either noise floor measurements (background) or transient motion (such as the hammer moving to hit the
beam). There will be eigenvalues corresponding to many frequencies. Then only the DMD mode which is equivalent to the
natural frequency of the beam will be correctly identified, as in (b).

When applying the same dataset to optimized DMD, a smaller number of eigenvalues must be used to describe the system
dynamics. However, since the dataset is large due to the number of measurements, the time consumption is considerably
higher. Figure 13a) shows the eigenvalues obtained from optimized DMD when solving for 40 DMD modes. Since most of
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the background of the video is noise measurement, then many of the eigenvalues estimated were in low frequency (20Hz and
below). However, since the first bending mode of the beam has a high energy level, then using 40 components is enough to
obtain the bending mode, which is presented in (b) and now is the first mode of the model.
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Fig. 13 Eigenvalues (a) and first mode shape (b) of the beam using optimized DMD in video-based data.

When observing the time reconstruction of the original signal, Figure 14a) presents the time reconstruction for the first
mode shape at 48.9Hz. While (b) shows the TRAC for all the pixels in the video. Notice that the TRAC is higher than 96%
for all the pixels available, having then a very good time reconstruction for the vibration of the beam, as well as the transient
motion of the hammer and the background noise.
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Fig. 14 Response estimation for the first DMD mode (a) and TRAC for all the pixels (b).

In summary, when employing PCA for vibrational systems, it was observed that its performance gets better for time
reconstruction, since it is only a transformation in the basis of the measurement. However, the mode shape reconstruction
will be feasible only for simple systems where it is known that the modes of interest have the most excitation during the test.
Meanwhile, it was observed that the exact DMD will perform better for high-dimensional datasets. In other words, generally
for datasets that possess more measuring points than timesteps, e.g. video-based data, will lead to a better DMD implemen-
tation. For low dimensional data, such as accelerometer and LDV measurements, there will be too many real eigenvalues,
which will reduce the accuracy of the signal reconstruction. Meanwhile, optimized DMD has a better time and frequency
estimation for all systems, and it requires a smaller number of measurements to be effective. For instance, with 20-40
eigenvalues it was able to reproduce with good accuracy the measurements from the video data and LDV measurements, not
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to mention the feasibility on dealing with sparse measurements, such as accelerations at discrete locations. However, due
to the limited number of sensors, it will only be able to obtain the first mode shape of the system. The limitation of exact
DMD lies in the computational and time cost to perform the calculations. For example, the LDV data has a small number of
sensors, but the number of timesteps was large, leading to a large computational time. Similarly, the video-based data had a
small number of timesteps, but a large number of pixels, leading to a high computational cost.

Conclusion

This work presents a comparison study between different data-driven techniques used for order reduction. The applications
selected were based on different measurement equipment, that can obtain sparse or full-field measurement. In addition, when
performing full-field measurement, video-based data was also employed leading to a dataset with more measuring points
than time-steps obtained. Optimized DMD had overall a better estimation for all applications; while having a good accuracy
for signal reconstruction it also maintains the physical information of the system. However, its high computational cost,
might not be feasible to high-dimensional data, such as video-based.

For future research directions, other variations of both DMD and other traditional dimension reduction techniques could
be explored, such as physics-informed DMD or t-SNE. In addition, studies on subsystems and nonlinear systems could be
implemented using the data-driven approaches presented.
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Chapter 8

Mock Truss-Braced Wing Ground Vibration Test using Fixed
Base Correction Method

Benjamin Park, Natalie Spivey, Keerti Bhamidipati, Saketh Vegunta, and Samson Truong

Abstract A truss-braced wing pathfinder research test article was designed by the Flight Loads Laboratory (FLL) at NASA
Armstrong Flight Research Center (AFRC) in Edwards, CA. The Mock Truss-Braced Wing (MTBW) is a scaled aluminum
10-ft test article that consists of a high-aspect ratio swept wing box section supported at mid-span by a main strut, and a
smaller jury strut. The MTBW wing box and main strut were attached to a strongback test fixture using interface hardware
designed for loads calibration testing. Given the inherent challenges of designing a fixed boundary condition ground vibration
test (GVT) fixture for large high aspect ratio wings, and to help develop test techniques for similar future test articles, the
Fixed Base Correction (FBC) method developed by ATA Engineering was used to decouple MTBW test article modes
mounted to the loads calibration interface hardware and strongback test fixture.

Pre-test Finite Element (FE) analysis showed test article modes drastically coupled with the loads calibration interface
hardware and strongback test fixture. Test article modal data was acquired using impact hammer excitation. To implement
the FBC method, additional impact hammer data and driving point accelerometer data at the bolted interface locations for
the wing root and main strut root were acquired to use those locations as references when computing frequency response
functions (FRF). By tapping at multiple bolted interface locations in three orthogonal directions, rigid body rotations were
also accounted for to numerically “fix” the test article in all six degrees of freedom. By numerically fixing the test article,
the test article modes were decoupled from the rest of the assembly and correlated more closely with the FE analysis when
pinning the corresponding locations in the FE model.

Keywords Mock Truss-Braced Wing - Modal test - Ground vibration test - Fixed-base correction method

Background

As a pathfinder research test article, the MTBW, was used to inform loads calibration and ground vibration testing techniques
of a truss-braced wing design. The strongback and interface hardware the test article was mounted to was designed primarily
for loads calibration. This interface hardware consisted of many parts because traditional methods for loads calibration on a
wing do not work with the addition of a main strut as the structure becomes statically indeterminate, thus predicting reaction
loads at the wing and main strut roots becomes more complicated.

The test article interface hardware consisted of strategically placed load cells for measuring the reaction loads at the wing
and main strut roots. Additional load pins were integrated into the test article to measure the load share at the wing and main
strut joint, and jury strut joints. The inclusion of all the load cells resulted in a relatively flexible interface hardware that
affected the structural modes of the test article. In addition, the strongback and interface hardware structural modes coupled
with test article modes of interest.

The Flight Loads Laboratory [1] (FLL) at NASA Armstrong Flight Research Center (AFRC) employed the fixed-base
correction (FBC) method developed by ATA Engineering [2-5] to attempt to decouple the modes of the strongback and
interface hardware from those of the test article. Decoupling the test article modes from the modes of the strongback and
interface hardware also simplifies correlation to finite element model (FEM) predictions. The FLL previously applied the
FBC method utilizing impact hammer excitation at candidate fixed-boundary points [6]. This FBC technique was once again
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utilized to numerically “fix” degrees of freedom (DOFs) for the MTBW test, and numerically apply different boundary
conditions (BCs) to the test data.

Test Setup

The MTBW GVT was conducted in September 2024 in the NASA AFRC FLL High Bay using impact hammers to excite
the test assembly. The test assembly (Strongback + Interface hardware + MTBW test article) was bolted to the floor tracks
of the lab high bay at the base of the strongback. The test article was mounted upside down on the strongback for the loads
calibration test so the vertical up-load could be simply simulated by hanging weights at various wing and main strut stations.
Since the loads calibration test was performed just prior to the GVT, load instrumentation such as strain gage and fiber optic
wires were still connected to the test article for the GVT. These additional weights were not accounted for in the pre-test
FEM predictions. The FBC method allowed using the same test setup for the GVT as the loads test which significantly
reduced the cost of an additional test setup.

Strongback

MTBW
Test Article

Interface Hardware

Fig.1 MTBW GVT Test Assembly Structural Components

Test article

The test article consisted of a 10-ft, semi-span wingbox with a sweep angle of 24.7 degrees, a main strut with a dihe-
dral of 17.2 degrees connected to the wing at an angle of 15.7 with the wing, and a jury strut connecting the wing and
main strut inboard of the wing and main strut joint. The test article was fabricated using 7075-T6 aluminum. The inter-
face hardware was fabricated using A36 steel. The test article was connected to the interface hardware at the wing root
by four bolts, and at the main strut by two pins allowing the strut to rotate about the pin axis. The jury strut consisted of
two in-line load cells to measure the axial load through it for the loads calibration test. During the GVT, both in-line load
cells and load pins were monitored in real-time to check that the stiffness through the joints remained consistent across all
test runs.
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Load Pins

In-line Load Cells

Jury Strut

Main Strut

Fig.2 MTBW Test Article Components

Instrumentation

The data acquisition system used for the test consisted of Briiel & Kjaer LAN-XI hardware and BK Connect software.
Several LAN-XI 3053 modules housed in two LAN-XI 3660 11-slot mainframes recorded the 200+ channels needed to
acquire the impact hammer and accelerometer response data. PCB 356A16 triaxial accelerometers were used throughout
the test assembly, along with 12 PCB 393B04 seismic accelerometers installed on the strongback corners to help capture
lower amplitude responses from the stiffer structure. Seismic and triaxial accelerometers were co-located at the strongback
corners to assess the data quality of attempting the FBC method on the strongback corners using the two different sensors
sensitivities (100 mV/g vs. 1000 mV/g). Table 1 summarizes the GVT node numbering and number of accelerometers used
each structural component.

Table 1 GVT Node Numbering by Structural Component and Accelerometer/Channel Count

Component Node ID # of Accels # of Channels
Wing 100 series 19 57

Main Strut 200 series 10 30

Jury Strut 300 series 2 6

Interface Hardware 400 series 24 72

Strongback 500 series 12 36
Strongback Corners (Seismic) 600 series 12 12

Total Accelerometers 79 213

Excitation locations

Test article excitation was performed using a small Dytran 5850B impact hammer. A large Dytran 5802A impact hammer
was used to excite the strongback corners in all three DOF’s. For the FBC method, driving point FRF’s are needed at DOF’s
to be numerically fixed, and were acquired by tapping at each candidate “fixed” location corresponding to the DOF. Due to
accessibility directly at the bolts that connect the wing spars to the interface hardware, data at two sets of candidate locations
to be “fixed” were gathered to attempt the FBC method at the wing root interface. Figure 3 shows the two sets of “fixed”
candidate locations at the wing root: the Upper Plate (Nodes 401-404) and the Lower Plate (Nodes 405-407). Taps in each
of the X, Y, Z directions were performed at each of these nodes, and triaxial accelerometers were used at each node to obtain
driving point FRF’s.

At the main strut root, candidate FBC locations consisted of the clevises (Nodes 416,417) and the Back Plate (Nodes
415,418,419) as shown in Figure 4. Taps in each of the X, Y, Z directions were performed at each of these nodes, and triaxial
accelerometers were used to obtain driving point FRF’s.
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(a) (b)

Fig.3 Wing Root Fixed Candidate Locations: (a) Upper Plate (401-404), (b) Lower Plate (405-407)

(@) (b)
Fig.4 Main Strut Root Fixed Candidate Locations: (a) Clevises (416,417), (b) Back Plate (415,418,419)

Results

Figure 5 shows the GVT test display model (TDM) that was used to visualize the mode shapes from the test. Each structural
component is color coded for clarity. The TDM consisted of triangular elements and tracelines connecting nodal locations.
Triaxial accelerometers were installed at all node locations.

Strongback

Fig.5 GVT Test Display Model
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Baseline modes

Baseline test runs, which are more traditional GVT runs, were performed with the small impact hammer at the wingtip,
using excitation in both vertical and fore/aft directions. The first wing bending mode was observed at 6.3 Hz and second
wing bending (with some main strut bending) was observed at 12.2 Hz. Third wing bending with strut vertical bending
observed at 33 Hz. This mode is highlighted for comparison between baseline and FBC results.

The baseline test mode shape for wing third bending with strut vertical bending is shown in Figure 6. Dashed lines rep-
resent the undeformed test shape, and the solid lines represent the deformed test shape. The interface hardware substantially
displaces (represented by black tracelines and yellow triangles), yielding significant modal coupling between the test article
and interface hardware.

A review of ambient accelerometer data showed that for excitation at the wingtip, many accelerometer responses on the
interface hardware were within or close to the noise floor up to about 20 Hz but had better separation above 20 Hz. Thus, for
clarity, the mode shape at 33 Hz is used for illustration of the FBC method in the following figures.

(a) (b)

Fig. 6 Baseline Wing Third Bending with Strut Vertical Bending (33 Hz) Test Mode (without FBC): (a) Top View, (b) Side
View

FBC with pinned BC at strut root Clevis and fixed BC at wing root lower plate

To implement the FBC method time histories from the BK Connect software were imported into ATA Engineering’s IMAT
(Interface between MATLAB®), Analysis, Test) software to compute the FBC FRF’s [2-5]. The FBC method was attempted
at the Strut Root Clevises (Nodes 416,417) and Lower Plate (Nodes 405-407) of the wing root. This “fixed” boundary
condition resulted in the smallest displacement in the interface hardware behind the fixed locations, which now appear to
not be moving and modes are decoupled from the test article modes. The MTBW test article mode shape before and after
applying FBC appears largely the same while mode frequency shifts down slightly from 33 to 32.3 Hz.

Figure 8 shows a Complex Mode Indicator Function (CMIF) overlay for the baseline results (red) with the FBC results
(blue). The mode shape of interest shown in the previous figures is annotated in the plot. A shift in the frequency and
cleaner peak is observed due to the FBC method. Curve-fitting for the lower frequency modes below 20 Hz requires further
investigation as the noise in the interface hardware FRF’s presents difficulty in extracting the FBC modes. Using the PCB
393B04 seismic accelerometers at this fixed location would most likely clean up the FRF data below 20 Hz, but this was not
attempted for this test.
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(a) (b)
Fig. 7 Wing Third Bending with Strut Vertical Bending (32.8 Hz) Test Mode for FBC at Lower Plate: (a) Top View, (b)
Side View
10* r = T \
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Fig. 8 CMIF Comparison between Baseline Results (Red) with FBC Results (Blue)
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Conclusion

Utilizing the FBC method significantly reduced the displacement of the interface hardware by fixing the wing and strut root
locations of the test article. In general, the frequencies went down from the baseline frequencies per corresponding mode
shape. Some residual mode shape displacement at the interface hardware could be due to data quality or over-constraining
the fixed locations. Further investigation is required to reduce the number of DOF’s at the fixed locations to see if the mode
shape displacements at the interface hardware decrease.

Challenges with applying the FBC method at low frequencies can be attributed to the sensitivity of accelerometers, the
environment in which the test is conducted, the source of excitation etc. It can be difficult to obtain clean FRF’s after applying
the FBC method if there is insufficient separation in between accelerometer responses and the noise floor at the nodes where
the correction is applied.
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Chapter 9
Model Updating Technique for Modal Shaker Modeling

Abraham Ramirez, Peter Fickenwirth, John Schultze, and Shannon Danforth

Abstract Electrodynamic shakers are commonly used in the shock and vibration testing field, but despite their commonality,
a proper characterization of their dynamics is often unknown. An improved understanding of these shakers can help inform
test engineers on the feasibility of achieving a test specification, which will help to reduce delays and improve selection
of test equipment. The work presented here is a unique approach to numerically estimate lumped model parameters based
on the system’s experimental frequency response functions (FRFs). The model parameters were then optimized to reduce
the normalized root mean squared error between modeled and experimental responses. The similarity between the modeled
FRFs and the experimental FRFs was then presented. This updating technique provides a method to predict the experimental
FRFs of the shaker given differing environments and test object masses, thus aiding test engineers in determining test feasi-
bility.

Keywords Electrodynamic shaker - Vibration testing - Modal testing - Model Updating, Optimization

Introduction

Environmental testing is a necessary step to qualify that a system will continue to work as intended during and after it is
subjected to dynamic loads that it will see throughout its lifetime. One part of this environmental testing is vibration and
shock testing, which most commonly uses electrodynamic shakers. During a vibration test, the response of the device under
test (DUT) is monitored and the output level of the shaker is adjusted to meet a pre-specified power spectral density (PSD)
function. Historically, shakers are selected based similarity to past tests, engineering judgement, and simple calculations
using Newton’s second law of physics. However, the electrodynamic shaker systems used to perform these tests have com-
plicated dynamics, and there are many variables to consider when predicting a system’s capability. Having a more detailed
understanding of these capabilities would allow the test engineers to predict test limitations and better utilize the equipment
available.

Electrodynamic shakers can be be modeled by solving a representative multi degree of freedom (DoF) lumped parameter
model. The model includes both mechanical and electrical components, and uses a coupling coefficient that serves to couple
the dynamics of the mechanical system to the electrical system. A few of the model parameters can be directly measured or
are provided by the shaker manufacturer, but the remaining model parameters must be estimated. Previous work has shown
that this method for modeling electrodynamic shakers is promising [1], but this approach requires a large amount of manual
tuning and was applied to only larger, fixed-base shakers. One suitable method for reducing the amount of manual tuning is
to use experimentally identified natural frequencies and knowledge of the shaker’s mode shapes. A further improvement to
the model fidelity may then be achieved by using an error reduction optimization.

This paper builds on previous shaker modeling work by applying the method described above to modal shakers and
improving performance in frequency ranges with poor experimental prediction accuracy. First, we provide an introduction to
electrodynamic shaker construction and dynamics. Next, we introduce our model of the electrodynamics shakers used in this
study and detail the methods for modal parameter identification. We then introduce an optimization algorithm that identifies
frequency ranges where the model performed poorly, determines which model parameters affected performance, and varies
those parameters only in the identified frequency ranges. This paper will be primarily focused on smaller modal shakers as
opposed to larger fixed base shakers. Our comparison to experimental results shows that the method proposed in this paper
for estimating the model parameters yielded predicted FRFs that represented the true system dynamics well.
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Electrodynamic Shaker Construction and Modes

The basic functionality of an electrodynamic shaker comes from a coil that is suspended in a fixed magnetic field and is
passed an alternating current. When this current is passed through a coil that is wrapped around the armature, a magnetic
field is created. The interaction between the fixed magnetic field and the induced electromagnetic field of the coil create axial
vibrations on the armature [2].

The coil is made from heavy conductors that allows a large amount of current to flow through. The flexures comprise the
suspension system that suspends the armature and coil in the magnetic field. These flexures allow axial motion and limit all
other motion. The magnets create the fixed radial magnetic field. Lastly, the stinger is a thin rod that is attached to the shaker
by a collet and is used to transfer excitations to a device under test (DUT). A visual representation of these parts is shown in
Fig. 1, as proposed by Schultz [3].

I Stinger
N
Body d T Armature
Magnet ——~ - Coil

Flexure

Fig. 1 Electrodynamic shaker design.

Due to this construction, shakers typically display two modes of vibration:

1. Suspension mode: Armature, coil and flexures move opposite the body, low frequencies (10 - 30 Hz).
2. Stinger mode: Stinger moves opposite the armature, high frequencies (1500 - 4500 Hz).

A depiction of the mode shapes of both modes are seen in Fig. 2. A sample stinger acceleration over current FRF of the
system shows two 90° phase shifts that correspond to the two modes in Fig. 3.

(@) IT (b) I = I

|1

— _rj_

Fig. 2 Modal shakers vibration modes. (a) Suspension mode. (b) Stinger mode.
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Fig. 3 Acceleration over current frequency response showing peaks and phase shifts correlating to vibration modes.

It is worth noting that at very low frequencies, there is another mode called the isolation mode. At this mode, the entire
body of the shaker moves axially as a rigid body. Since it is very rare to encounter this mode in practice, it is not considered
in this work.

Shaker Limitations

Shakers have differing limitations across frequency ranges that are commonly tested [2]. In general, at low frequencies the
shaker is limited by the maximum stroke length and/or the maximum root mean squared (RMS) voltage of the amplifier.
Then, just past the suspension mode frequency in the flat region of the acceleration over current FRF, the shaker is limited
by the maximum RMS current of the amplifier. At high frequencies in the region sloping up to the coil mode, the shaker is
limited mechanically by maximum armature force rating. Lastly, for anything beyond the force-limiting range, the shaker is
limited again by the maximum RMS voltage capability of the amplifier. A representation of the the limitations across the
frequency range can be seen in Fig. 4.

Acceleration over Current FRF

Stroke/Max RMS Max RMS Current Force Rating

Voltage
10" 10? 10°
Frequency (Hz)

Fig. 4 Shaker limitations on frequency response magnitude plot.
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The values of the shaker’s natural frequencies are subject to changing test conditions. These changing conditions include
the DUT mass, orientation of the shaker, stinger length, and stinger thickness. This shift in natural frequencies then changes
where the aforementioned limitations occur in the frequency range. Knowledge of the shaker limitations and the frequency
ranges of each limitation is valuable information for a test engineer in the planning and execution stages of a test.

Electromechanical Lumped Parameter Model

Many different ways of modeling a shaker using an equivalent lumped parameter model have been proposed. Most of the
work has been focused on modeling fixed-base shakers, which have different dynamics when compared to smaller modal
shakers. For fixed-base shaker modeling, Tiwari et al. laid out a framework for using an equivalent electrical (RLC) circuit
and ways to reduce the corresponding impedance expression in order to numerically estimate the model parameters using
experimental data [4]. Other work for modeling fixed-base shakers used an equivalent mechanical system (MCK) coupled
to an electrical circuit with a coefficient that links the electrical and mechanical DoFs [1][5][6]. Schultz used a similar
equivalent electromechanical model, but focused on modeling the electrical impedance of modal shakers [3]. The limitation
of modeling only the impedance is that the impedance is a ratio of electrical signals, which can hide inaccurate acceleration
amplitudes. Thus, only analyzing the modeled impedance may not be advantageous in providing the test engineer with a true
representation of the system.

In this study, we use similar techniques to Martini, but apply the methodology to modal shakers rather than fixed base
shakers. The model used in this study is a representative electromechanical model consisting of two mechanical DoFs and
one electrical DoF with a coupling coefficient, as seen in Fig. 5.

mg J Xs

kq g —

Fig. 5 Combined electromechanical lumped parameter model.

The mass m, represents the mass of the armature, and m represents the mass of the stinger and relative DUT mass. The
stiffness and damping of the flexures are represented by ko and co, respectively. Similarly, the stiffness and damping of the
stinger are represented by k; and ¢, respectively.

The electrical system is represented by a voltage source, resistor, and inductor all in series. There is another voltage
source that is representative of the back electromotive force (EMF). This back EMF is a voltage that is generated by the
relative velocity of the coil within the magnetic field. The back EMF subtracts from the voltage generated by the amplifier
and is greatest at lower frequencies when the coil has higher displacements. At high frequencies, the motion of the coil is
negligible and the back EMF is therefore also negligible. This coupling is represented by the coefficient K ¢, which is equal
to the magnetic field strength, B, multiplied by the total coil length, [. This coefficient couples the current in the electrical
domain to the motion of the coil in the mechanical domain. A visual of this coupling may be seen in Fig. 6 as depicted in
the H560 shaker manual by Unholtz-Dickie Corporation [7].

From this model, a set of equations of motions may be formed. Each DoF has its own equation, meaning that there are
two mechanical equations of motion and one electrical equation of motion. A block matrix representation is shown below:
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Fig. 6 Visual of the coupling between the electrical and mechanical systems.
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Lumped Model Parameter Identification

As mentioned previously, only a few of these parameters are provided or are easily measurable. The masses may be found
by either information provided in the shaker manual (m,) or by measurement (mg). A method to determine the remain-
ing mechanical parameters is to utilize knowledge of the shaker modes to make simplified transfer functions. Using these
simplified transfer functions the experimentally identified natural frequencies and magnitudes may be used to estimate the
stiffness, damping, and coupling coefficient values.

The transfer function of the whole mechanical system is identified by taking the Laplace transform of both equations of
motion, eliminating =, by substitution, and rearranging in the form of stinger acceleration over current. This equation can
be seen below:

X2 Ky(ki 4 c15)s*

S A st(msmy) + 83 (ms(c1 + c2) + maer) + s2(mg (k1 + ko) + mak1 + c1co) + s(kico + kocy) + kiko
(nH

H,

Coupling Coefficient Estimation

We estimate the coupling coefficient, K¢, by inspecting the magnitude of experimental stinger acceleration over current
frequency response away from any influence of the suspension or stinger modes. We chose to analyze the magnitude of the
response at 10x the suspension mode. The simplified transfer function for this case is given by

Ky
(10 fous.m) —p— )
Rearranging to solve for K gives
K= (mg+mg) | Hy, ;(10 * foysm) | - 3)

Low Frequency Simplifications

As discussed in the Electrodynamic Shaker Construction and Modes section, the transfer function may be simplified by
leveraging knowledge of the shaker’s modes. At low frequencies near the suspension mode, the armature and stinger move
as one rigid mass. Thus, the model may be simplified to a one DoF system as seen in Fig. 7.

The stinger acceleration over current transfer function at low frequencies then becomes

o Kf52
SR 82(mg 4+ myg) + sca + ko

H, “
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kZ — (69}

Fig. 7 Low frequency simplified mechanical model.

We can then use Eq. 4 to solve for the system’s natural frequency near the suspension mode, given by

1k
21\ mg +ms

f Sus.M = ©)
From Eq. 5, the flexure stiffness, k2, can be solved for by using the experimentally identified suspension mode natural
frequency and the known masses

k2 = (27T * fSus.M)Q(ma + ms)- (6)
Now, to solve for the flexure damping, co, Eq. 4 may be used. It is known that at a natural frequency the sum of the real
parts of the frequency response approach zero. So the transfer function turns into to
o K fS

Hyiipp = o (N

Rearranging Eq. 7 gives the following expression for flexure damping,

_ Kfs _ Kf(2ﬂ' * fSus.M)
‘ H$3,i(f5'us.M) ‘ | st,i(fSus.M) |

C2

®)

High Frequency Simplifications

Similar to the low-frequency simplifications, we simplify the model at high frequencies based on knowledge of the behavior
of the stinger mode. At high frequencies, the flexures have very little influence on the response of the shaker. Therefore,
we reduce the model such that the armature mass and stinger mass are connected to each other only by k; and c¢;. This
assumption then reduces the model to the two DoF model that is shown in Fig. 8.

Fig. 8 High frequency simplified mechanical model.

Based on this model, the stinger acceleration over current transfer function at high frequencies may be represented as

Kf(k’l + 618)

Ha: i - .
SUHE g2(mgm) + s(c1(ms +mg)) + ki (ms + my)

©))
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From Eq. 9, the natural frequency of the system may be represented as

1 Jki(mg+mg
Fsear = o ka(ms & ma) (10)
s MeMs

Now, from Eq. 10 the stinger stiffness, k1, may be solved for using the experimentally identified stinger mode frequency

and the known masses mem
ki = (27 * forn)? —" (11)

Mg + Mg

Similar to the low-frequency case, to solve for the stinger damping, ¢, the high-frequency transfer function is reduced

to
K +
’ ¢(cis+ k1) . (12)

siHE 5(61(m5 +ma))

In order to isolate ¢y, the fraction in Eq. 12 may be broken up to

Kf018 kal
CHE S g(er(ms +mg))  s(er(ms +my)) (13)

From here, the c; s in the first fraction of Eq. 13 may be cancelled and leaves

Ky Kk
ms+mg  S(cr(ms +myg))

H,

winr = (14)
Lastly, because it is known that k; >> K, the term with the k; term will dominate the response. Thus for simplicity,
the first fraction in Eq. 14 with K in the numerator is considered to be negligible. Then the equation can be reduced and
used to solve for c; using
Kf kl Kf kl

— = . 15
= G+ ma)s | Hoafsion) | Gmo + ma) @ % fsear) | HooaUsear) | (15)

Electrical Parameters

The two remaining parameters to be identified are the two electrical parameters; I? and L. The resistance is given nominally
in the shaker manual as approximately 1 ohm. This resistance value was then verified experimentally. As for the inductance,
an initial value was simply estimated and tuned manually until the model closely matched the experimental data.

Optimization of Model Parameters

It is important to note that the Lumped Model Parameter Identification section lays out a methodology for estimating the
model parameters. The reason it is only an estimation is because the previously simplified lumped parameter model was fur-
ther reduced using knowledge of the shaker’s modes. These simplifications were made so it was possible to mathematically
solve for the model parameters. To further improve the model, an optimization of the parameters may be performed to reduce
the model error. To do this, we inspect model predictions and experimental results while investigating the model’s sensitivity
to different experimental parameters. To understand the model parameter sensitivities, we plotted the stinger acceleration
over current and stinger acceleration over voltage FRFs with each parameter at the estimated value, 0.5x estimated, and 2x
estimated. Figure 9 shows a sample parameter sensitivity plot where ko was varied.

Recall one of the goals of this work was create a methodology for optimizing the modeled FRFs to improve the model
in frequency ranges where it previously performed poorly. Therefore, the most important information to pull from the pa-
rameter sensitivity study is where in the frequency range a certain parameter affects the model. A summary of all the model
parameter sensitivities can be seen in Table 1. This is so that when building the optimization, parameters are only varied in
the frequency range in which they affect the model. This aids in minimizing parameters conflicting with one another during
the optimization. As a result, a more accurate representation may be found and the overall optimization time is decreased.

The objective function used in this optimization is a normalized RMS error between the model and experimental data,
similar to what was presented previously by Fickenwirth [1]. The normalization is done because the magnitude of the current
driven response is much higher than the voltage driven response, thus the current driven response would dominate the error.
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Fig. 9 Model sensitivity to flexure stiffness. Acceleration over current (left) and acceleration over voltage (right).

Table 1 Summary of parameter sensitivities

Parameter

Effect of Increasing the Estimate on Accel-
eration over Voltage FRF

Effect of Increasing the Estimate on Accel-
eration over Current FRF

mg - Stinger mass

Decreases stinger mode frequency

Decreases stinger mode frequency

mg - Armature mass

Decreases suspension and stinger mode fre-
quencies, decreases overall amplitude

Decreases suspension and stinger mode fre-
quencies, decreases overall amplitude

c1- Stinger damping

Decreases coil mode amplitude

Decreases coil mode amplitude

co - Flexure damping

Decreases suspension mode amplitude

Decreases suspension mode amplitude

k1 - Stinger stiffness

Increases stinger mode frequency

Increases stinger mode frequency

ko - Flexure stiffness

Increases suspension mode frequency

Increases suspension mode frequency

K - Coupling coeff.

Increases overall amplitude

Increases overall amplitude

R - Resistance

Decreases overall amplitude

No effect

L - Inductance

Decreases amplitude near stinger mode

No effect

This magnitude difference is because the voltage driven response is heavily effected by the electromagnetic damping from
the cross-coupling term, and the current driven response is not. The equation for the RMS error is

N

N
RMSEFRF = \/En_l Z(Teal(h"v’”wdd) B real(hn,measured))Q )

(16)

In Eq. 16, h,, is the value of the frequency response at the n‘" frequency line and NV is the total number of spectral lines.
There are a few different ways to normalize RMS error [8]:

1. mean: NRMSE = %SE

2. range: NRMSFE =

RMSE

Ymaz —Ymin

3. standard deviation: NRM SE = fMSE

For the purpose of this work the mean normalization was used. Then the total error is then represented as

ETToT = NRMSEACC&I/Voltage —+ NRMSEAccel/Current-

)

This objective function is then minimized using MATLAB’s fmincon algorithm. Fmincon is a constrained nonlinear
optimizer that finds the minimum of a scalar function starting at an initial estimate.
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Experiment and Results

As described in section 4, we conduct the estimation using the natural frequency peaks from the acceleration over current
FRF. In order to get these measurements, we threaded an impedance head onto the end of the stinger to measure acceleration.
We monitored current from the amplifier’s built in current monitor and measured the voltage supplied to and from the
amplifier. These measurements were taken to be used later in calculating the acceleration over voltage FRF, which is used
for further model comparison. The acceleration over voltage FRF was also used in the objective function for the optimization.
For this work, the 2060E shaker from The Modal Shop was used. The test was a continuous random vibration test from 10-

6000 Hz. Figure 10 shows the test setup.

Fig. 10 Experimental test setup.

Initial Estimates of Model Parameters

Using the collected experimental data, we calculated the frequency responses and identified the natural frequencies corre-
sponding to the suspension mode and stinger mode, as shown in Fig. 11. These natural frequencies are listed in Table 2.
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Fig. 11 Experimental acceleration over current FRF.
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Table 2 Experimentally identified natural frequencies.

Mode Symbol | Frequency (Hz)
Suspension | fsus.ns 22.5
Stinger fse.m 3731.5

A. Ramirez et al.

We then used the two natural frequencies to estimate the model parameters using the equations from section 4. The
estimated model parameters are shown in Table 3. These estimated parameters are then plugged into the block matrix
representation of the system and the direct frequency response method is used to calculate the modeled FRFs. [1].

Table 3 Estimated model parameters.

Model Parameter | Symbol | Initial Estimate Unit
Stinger stack mass M 0.038 kg
Armature mass Me 0.27 kg
Stinger damping c1 25.6 N/(m/s)
Armature Damping co 13.4 N/(m/s)
Stinger stiffness k1 1.92E7 N/m
Armature Stiffness ko 6.16E3 N/m
Coupling Coefficient Ky 12.2 -
Resistance R 2 Ohms
Inductance L le-4 - 1i*9e-7 Henry

H = (—w?[M] + jw[C] + [K])

(18)

Eq. 18 is calculated at each frequency line and forms the frequency response matrix, 1, which is a 3x3zn matrix where
n is the number of frequency lines. As described in section 3, the only force acting on the system is the applied voltage from
the amplifier. This means that only the last column, which are the responses to a voltage reference, are needed to compare
the model to the experimental results. The stinger acceleration over voltage FRF data is found in row 1 and the current over
voltage FRF data is found in row 3. The modeled acceleration over current FRF is found by taking the reciprocal of the
current over voltage FRF (also called the impedance) and multiplying by the acceleration over voltage FRF. The comparison
of the estimated model (prior to any optimization) to the experimental results are shown in Fig. 12 and Fig. 13.

Fig. 12
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MS60 Stinger Acceleration over Voltage FRF
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Fig. 13 Comparison for estimated model vs experimental acceleration over voltage FRFs.

Optimizing Model Parameters

Using the initial estimates as initial values, the optimization described in section 5 was formulated by: (1) Following the
order of operations laid out by Schultz [3] and (2) Identifying the frequency range in which each variable is most effective,
using the parameter sensitivity study as a starting point. The following shows the order of operations mentioned prior:

1. Optimize k2 and k; to match the frequencies of the suspension and stinger modes, respectively.

2. Optimize L to match the curvature of the experimental acceleration over voltage FRF.

3. Optimize cy and c¢; to match the amplitudes of the suspension and stinger modes, respectively.

4. Optimize Ky to match the amplitude in the region between the two modes in the acceleration over current FRF.

Then by inspection of the FRF comparisons, each variable was given a specific frequency range in which it was most
effective. For example, it is known from the parameter sensitivity study that the suspension stiffness, ks, affects the model
most near the suspension mode. Thus, ko was varied by only minimizing the error calculated between 10-30 Hz. A similar
process was then followed for the rest of the variables. Table 4 shows how the optimization changed the model parameters.
It should be noted that the masses were not varied.

Table 4 Comparison of estimated vs optimized variables.

Model Parameter | Symbol | Initial Estimate Optimized Unit
Stinger stack mass Mg 0.038 0.038 kg
Armature mass Mg 0.27 0.27 kg
Stinger damping c1 25.6 28.9 N/(m/s)
Armature damping Ca 13.4 12.4 N/(m/s)
Stinger stiffness k1 1.92E7 1.92E7 N/m
Armature stiffness ko 6.16E3 5.55E3 N/m
Coupling coeff. Ky 12.2 12.2 -
Resistance R 2 2.15 Ohms
Inductance L 1E-4 - 1i*9E-7 | 1.37E-4 - 1i*2.56E-5 | Henry

Figures 14 and 15 shows a visual comparison between the initial estimated values and the optimized values to the
experimental values.

A quantitative analysis of the similarity between the experimental and the estimated and optimized respectively was
performed by calculating the RMS value of the decibel (dB) error at every frequency line [9]. This metric was chosen
because it is calculated on a log scale, meaning that it weighs each point equally. Other metrics such as % RMS error favor
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Fig. 14 Comparison of estimated vs optimized parameters for the acceleration over current FRF.
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error at higher magnitudes more than low magnitude error, which can skew the total error. The formula for the RMS dB error

metric is

RMSdB:5= | -
nf

Ba(w) = Signal 1
Bp(w) = Signal 2

nf = number of frequen
na = number of channel
¢ = error scalar

cies
S

nflna

na

> lllogioBa(w)] — [logioBe (w)]]?.

i=1 k=1

(19)

The results of the RMS dB error calculations are shown in table 5. These values are meant to compare the relative
similarity between the modeled FRFs and the experimental FRFs. These calculations are single data comparisons for the
acceleration over current FRFs and the acceleration over voltage FRFs, respectively.
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Table 5 Model RMSdB error values of estimated values and optimized values.

Initial Estimates | Optimized
A/C FRF
RMS dB Error 26.864 27.785
A/V FRF
RMS dB Error 12.210 10.416

Discussion

Overall it is seen that the lumped parameter model is highly representative of the real system. The initial values that used the
acceleration over current FRF to estimate the parameters performed well. Due to this performance of the initial estimate, the
optimization improvements are slight. This improvement can be observed qualitatively by inspection of figures 14 and 15
and by looking at the RMS dB error values in table 5. The two main areas of improvement are: (1) an improved alignment of
the suspension mode frequency in the acceleration over current FRF, (2) overall improved amplitude prediction at the stinger
mode for both FRFs. Elaborating more on the stinger mode amplitude improvement, Fig. 16 shows a zoomed in comparison
for the stinger mode peak on both acceleration over current and acceleration over voltage FRFs.

MSG60 Stinger Mode Comparisons
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Fig. 16 Zoomed in view of stinger mode on both acceleration over current and acceleration over voltage FRFs.

Due to the initial estimate being done using the experimental acceleration over current FRE, it is reasonable that the model
aligns at the stinger mode peak for the acceleration over current FRF prior to optimization. As a result, the acceleration over
voltage FRF is over-predicting the stinger mode peak. Thus, the optimization resulted in the acceleration over current FRF
increasing in error near the stinger mode peak and decreasing the error near the stinger mode peak for the acceleration over
voltage FRF. The quantitative similarity comparison agrees with this visual observation. As the acceleration over voltage
FRF’s RMS dB error decreased due to the optimization, the acceleration over curent FRF’s RMS dB error was increased. It
should be noted that the RMS dB error was only calculated from 10-4000 Hz because the experimental data had an unusual
sharp peak around 4100 Hz that is likely not a mechanical response but rather an error in the measurement for the electrical
signals.

Conclusions

The aim of this study was to formulate an approach to estimate lumped model parameters that are representative of modal
shakers. Overall, the proposed methods require only a small data set that yields a highly representative model. This approach
may also be applied to many other modal shakers that share a similar construction to the one used for the experimental
work used in this paper. Although the methods were shown to be successful, further improvements may still be made.
Modal shakers dynamics are highly dependent on changing test conditions. These conditions include stinger length, stinger
thickness, mass loading, boundary conditions, and orientation. For example, changing the stinger length will tend to decrease
the stinger stiffness and will shift the stinger mode natural frequency down as a result. The methods described in this paper
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are not highly robust to these changing test conditions. This means that the shaker model estimations will need to be made
using data that comes from a shaker in similar conditions to what the test engineers believes it will be used in the real test.

The improved shaker modeling method described in this paper can be used in dynamic substructuring to couple the
shaker’s dynamics to the dynamics of a device under test. This coupled model can then predict test feasibility by obtaining
the required electrical inputs from the amplifier, which makes up a large portion of the shaker’s limitations as described in
Shaker Limitations section. Having this information that aids in determining test feasibility will ultimately help to reduce
delays and improve the overall efficiency of ground environmental test series.
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Chapter 10
Combining Waves Propagation Theory, Modal Analysis and
Dynamic Response to Assess the Condition of Fluid-Filled Pipes

Sebastien Perrier, Marshal D. Kafle, Gurvinder Mundi, Elia Rizkalla, and Cameron White

Abstract Water distribution networks, conveying water through thousands of miles of pipes, are critical infrastructures
subjected to various structural and environmental degradation mechanisms. Timely, non-invasive, and non-destructive as-
sessments are crucial in preventing breaks and leaks and managing the loss of these valuable resources, thereby avoiding
extensive damage and repair costs. This paper explores the application of the vibroacoustic method combined with modal
analysis and dynamic response techniques in evaluating the structural health of pipelines. The method includes deploying
sensors to capture vibrational data that can be spaced as far as 2,000ft, applying finite element modelling to simulate pipeline
behavior, and using advanced signal processing techniques to interpret the data. Until now, the technology has been tested
on water mains of various pipe materials such as HDPE, PVC, Steel, Cast Iron, Ductile Iron, Asbestos Cement and Concrete
for diameters ranging from 3 to 72 inches. The level of resolution acquired is typically between 6 and 15ft and varies with
pipe type and diameter, as well as the distance between the sensors.

Keywords Pipeline Condition Assessment - Coupled Waves - Vibro-Acoustics - Dynamic / Modal Response Analysis

Introduction

Pipes are vital to modern society for transporting and distributing drinking water and wastewater. Capital budget constraints,
pipe age, and other environmental factors have all contributed to pipe degradation, and between 2012 and 2018, the overall
water main break rates increased by 27% [1]. Acoustic methods in fluid-filled pipes have been widely used for decades to
acoustically monitor leaks [2]. For condition assessment, starting in the early 2000s, the Moens-Korteweg equation [2] has
also been applied to fluid-filled pipes, such as watermains, to model the relationship between wave speed and the elasticity of
the wall, allowing to assess the average degradation of pipes, typically over 300 to 600ft. While this approach has provided
valuable information to pipeline owners and asset managers, there is a need for more granular information to make the right
decision in terms of repair, rehabilitation or replacement of these 20 to 40-foot-long buried assets. This paper discusses
the combination of modal analysis and dynamic response techniques with the vibroacoustic wave theory to evaluate the
condition of the fluid-filled pipes and generate that finer resolution, which is otherwise incredibly challenging if using wave
speed-based methods only.

Results from experimental case studies demonstrate the efficacy of this integrated approach in detecting and localizing
damage within pipeline structures. The findings suggest that combining modal analysis and dynamic response techniques
can significantly enhance the early detection of faults, thus reducing the risk of catastrophic failures and extending the
operational lifespan of pipelines. This technology underscores the potential of non-destructive evaluation methods as robust
tools for proactively managing pipeline infrastructure.
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Background

The coupled wave equation of motion governs the propagation of acoustic waves through a material medium that interacts
with the structure, such as a viscoelastic pipe containing fluid. In this case, both the medium and the mechanical properties of
the pipe play a role in how the wave propagates. The coupled eigenfrequencies are the frequencies at which the fluid-structure
system resonates and are crucial pieces of information in the assessment of the pipe condition.

The modal analysis determines the pipe’s eigenfrequencies and mode shapes. From the baseline from the undamaged
pipes, the deviation in dynamic properties or indicators, such as shifts in natural frequency and mode shapes, suggests
deterioration in pipes. The thinning walls are more flexible due to decreases in the stiffness of the pipe, leading to lower
eigenfrequencies and increased vibrational energy. For simplicity, the pipe can be modeled as a cylindrical beam, and the
eigenfrequency f,, of the mode n can be expressed as [3]:

A2 |EI

Fn= 2w L2\ pA

where, A is mode shape constant, L is the length of the pipe, F is the Young’s modulus, I is the moment of inertia, p is the
density of the material and A is the cross-sectional area of the pipe. The combined fluid-structure interaction (FSI) is more
complex and involves solving the wave equation for both the pipe wall and the fluid. In such cases, the eigenfrequencies can
be obtained via experimental modal analysis or modeling the pipe numerically.

The dynamic response technique involves measuring the response of the pipeline using accelerometers when subjected
to dynamic loads; the loads are generated using an external device. For a simple harmonic excitation F (t) = Fpsin(wt) , the
dynamic response at frequency w is [4]:

Fy

\/(k—mw2)2—|—(cw)2

where, X (w) is the response at frequency w, Fy is the magnitude of external force, m, k, ¢ are mass, stiffness and damping
of the system which are functions of the pipe wall thickness.

The response can be fed into the signal processing tools, which give the dominant frequencies at which the pipeline
is dynamically responding. Comparing and matching the response with the eigenfrequencies helps access the indicators to
quantify the level of degradation.

X (w)=

Analysis of Eigenfrequencies using COMSOL

For numerical estimation of the eigenfrequencies of a coupled wave, an FSI analysis is carried out using a COMSOL
platform. The study comprises a 3 m (10 ft) ductile iron pipe with a nominal bore diameter of 300 mm (12 in) as well as a
2D model with the same diameter and a parametric sweep of the wall thickness between 8 and 13 mm (1/3 and 1/2 in) with
1 mm (3/64 in) increments. The vibroacoustic-structure interfaces ensure a proper connection between acoustic pressure and
the displacement of elastic material. The radial mode shape for a pipe with a wall thickness of 13 mm (1/2 in) is shown in
Fig. 1.

The frequency shift for a radial mode as the wall thickness is reduced is observed in a 2D model (shown in Fig. 2(a)),
with the results from the 3D case overlapping nicely. A similar trend is observed in the average of 8 modes for the 3D case.
This reinforces the theory explained in the background section that the deviation in indicators such as eigenfrequencies can
be analyzed and compared with the baseline (undamaged) to assess the level of pipe wall degradation. This result is further
matched with the experimentally measured response, to obtain further interpretation of the data.

Field Result — Case Study

The City of Gresham, Oregon, with a population of 110,000 people, manages over 240 miles of water mains through a
proactive, risk-based approach to maintain reliable service. As part of its long-term strategy, the City plans to restart its pipe
replacement program in 2026. To prioritize pipeline replacements, Gresham assigns a Likelihood of Failure score to water
mains that haven’t been inspected, based on pipeline age, material, and leak/break history.
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Fig. 2 The comparison of eigenfrequencies vs wall thickness: (a) between 2D and 3D model for a radial mode; (b) for
mode 2 and average of 8 modes for a 3D model.

To improve decision-making and extend the life of its water mains, the City conducts condition assessments on pipelines
installed before 1980. For the inspected pipes, the Likelihood of Failure score is based on estimates of Remaining Useful Life
and historical leak/break data. This helps the City focus on replacing or repairing the most critical sections while keeping
older but still functional segments in use.

In line with this strategy, Gresham engaged KenWave Solutions to assess four cast iron and ductile iron pipelines, ranging
from 6 to 10 inches in diameter and spanning a total of 3,528 feet. KenWave’s non-invasive Dynamic Response Imaging ™
(DRI™) technology provided detailed residual wall thickness measurements with 6-foot resolution, enabling the City to
identify both healthy areas and sections showing signs of increased degradation.

The DRI results identified localized changes in wall thickness between access points, enabling the City to prioritize areas
requiring immediate attention. To verify these findings, Gresham excavated seven locations and used an ultrasonic gauge
to scan the pipe as a general accuracy check. Additionally, two sections of pipe were removed from the most deteriorated
areas and examined. The results and comparison between DRI and ultrasonic measurements are presented in the Table
below.
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Table 1 Validation Results

Pipeline Pipe Pipe Nominal DRI Residual Validation Measured
Type Size Stiffness Wall Thickness Method Minimum Avg
(In) Lost (%) (in) Hoop Thickness (in)
NE 5% St Cast 6 19% 0.30 Slice 0.32
NE 5 St Cast 6 33% 0.25 Pipe Stick 0.27
NE 5 St Cast 6 3% 0.34 Slice 0.36
SE 10*" Dr Ductile 6 0% 0.25 Slice 0.24
SE 10*" Dr Ductile 6 24% 0.19 Pipe Stick 0.19
NE 234 St Cast 8 10% 0.40 Slice 0.40
NE 237 St Cast 8 3% 0.42 Slice 0.41

This process confirmed that the predicted wall thickness data was accurate.

KenWave’s assessment data is now helping Gresham predict the remaining useful life of its pipelines and update the Like-
lihood of Failure scores for inspected sections. This information is crucial for planning future pipe replacements, ensuring
efficient resource allocation and minimizing service interruptions.

Conclusion

The methodology combining waves propagation theory, modal analysis and dynamic response of watermains can provide
granular longitudinal information regarding pipe wall thickness with a resolution of 2 m (6 linear feet). Comparison of
changes in the wall thickness from the measured dynamic response of the pipes agreed with the validation performed on
metallic distribution mains, confirming that the predicted localized wall thickness data was accurate.

Specifically, results from experimental case studies demonstrate the efficacy of this integrated approach in detecting
and localizing damage within pipeline structures. The findings suggest that combining modal analysis and dynamic response
techniques can significantly enhance the early detection of faults, thus reducing the risk of catastrophic failures and extending
the operational lifespan of pipelines.

More projects are ongoing with several utilities worldwide with different levels of validation on various pipe materials
such as HDPE, PVC, Steel, Cast Iron, Ductile Iron, Asbestos Cement and Concrete for diameters ranging from 3 to 72
inches.

This technology underscores the potential of non-destructive evaluation methods as robust tools for proactively managing
pipeline infrastructure.
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References

1. Folkman, Steven. ”Water main break rates in the USA and Canada: A comprehensive study.” (2018).

2. Muggleton, J. M., M. J. Brennan, and P. W. Linford. ”Axisymmetric wave propagation in fluid-filled pipes: wavenumber measurements in in
vacuo and buried pipes.” Journal of Sound and Vibration 270.1-2 (2004): 171-190.

3. Xu, M-R,, S-P. Xu, and H-Y. Guo. ”Determination of natural frequencies of fluid-conveying pipes using homotopy perturbation method.” Com-
puters & Mathematics with Applications 60.3 (2010): 520-527.

4. Chopra, Anil K. Dynamics of structures. Pearson Education India, 2007.



®

Check for
updates

Chapter 11

Analysis of Acoustic-Structure Interaction Case, Modelling and
Possible Validation

Daniele Fabbri, Carlo Rosso, and Fabio Bruzzone

Abstract This paper presents the analysis of the interaction between sound and an elastic plate in the air domain. Both
numerical and experimental methods will be employed to investigate the acoustic field that results from the interaction of
a thin flexible structure with an incident acoustic wave. The two domains are discretized using the Finite Element Method,
and the Helmholtz equation together with the elastic equation are numerically solved. In order to study the level of coupling
between the two domains different types of analysis are carried out. Initially, the structure is considered rigid and a hard
wall boundary condition is used for the acoustic problem solution, the second analysis included the study of the thin plate
displacement when it is stressed by the acoustic pressure. Finally, a multiphysics analysis is performed to consider the move-
ment of the thin plate caused by an incident acoustic wave, which in turn induced new sound waves in the air. To ensure a
precise simulation it is necessary to have a full bidirectional coupling between the acoustic field and the structure domain. A
possible setup for the experimental validation is presented in the last section of the paper

Keywords Multiphysics, Acoustic, Structure, Acoustic structure interaction, Finite element analysis (FEA)

Introduction

The willingness to study more physics in the same simulation has been a challenge in recent years. A fascinating and old
example is the study of the interaction between a fluid and a structure, one of the most intriguing areas in multiphysics, yet
it remains broad, complex, and not fully understood.

Fluid-Structure Interaction (FSI) has a lot of different fields of application as biomechanics [1], which focuses on de-
veloping and verifying novel algorithms for accurately predicting hemodynamics in major arteries. Finite element (FE)
simulations are used to model the interaction between blood flow and the deformation of arterial walls, especially in a
healthy aorta. The interaction between the vehicle’s body and the fluid volume within its interior is typically studied as a
noise vibration harshness (NVH) problem. In [2] an analysis of different methods used to solve the FE model has been car-
ried out. The methods taken into account are Direct, Automated Multilevel Substructuring, AMLS, and Lanczos. They were
compared using mesh refinement and the frequency of analysis investigation. Other FSI applications are: Battery Thermal
Management[3], particle motion in an incompressible fluid [4]and magneto-hydrodynamics [5].

The aim of this paper is to describe a numerical model that represents acoustic structure interaction (ASI), a branch
of FSI, which describes what happens when sound waves travel through a medium, such as air or water, and encounter a
structure, such as a wall, diaphragm, or membrane. As explained in [6], a wave is the movement in a medium of a disturbance
from one point to another and it takes place at a finite speed. A sound wave is a way of propagating energy by alternating
compressed and rarefied particles, the distance between two consecutive points of the same phase is called wavelength and it
is inversely proportional to its frequency. When a wave comes into contact with a structure, it causes a vibration by exerting
pressure on it, the structural response can then modify the propagation of the sound waves, creating a continuous interaction
between the two fields. At certain frequencies, the structure can resonate, amplifying specific sound waves, while at other
frequencies, it can absorb or reflect the sound, changing its characteristics.

Some studies have been carried out in the same field. The eigenmodes and the vibro-acoustic response of the coupled
system composed of a box and acoustic cavities were predicted by Shi et al. in [7] using an energy principle and Fourier se-
ries. They studied the dynamic behavior of the entire system and demonstrated how certain acoustic modes have a significant
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impact on the structure’s mode. Their work was based on [8], in which a modal coupling analysis was done to demonstrate
that if two modes shapes of the uncoupled systems are well matched the difference between their resonance frequencies
determines the rate of energy transfer. Pan et AL demonstrate also that the resonance frequency of the coupled system dif-
fers from the corresponding acoustic mode, in particular, a structural mode with a specific resonance frequency will tend to
“push away” the cavity mode with which it interacts. The same coupled system was investigated in [9] by changing the plate
material, starting with elastic isotropic materials, such as steel and aluminum, and then with composite material. The effects
of material, ply angle, and number of layers on the coupled vibro-acoustic characteristics of composite plate-cavity systems
have been examined. The results highlighted that: the coupled fundamental frequencies were higher than the corresponding
structural and acoustical frequencies for all materials, the aluminum plate-cavity system was more affected by the coupling
than the steel case, and the composite plate-cavity systems are highly affected by the coupling compared to isotropic plate
systems, with the increase in ply angle having a positive effect on the fundamental coupled frequencies.

Two main approaches can be used to solve a multiphysics problem: monolithic and partitioned. The first method treats
fluid and solid domains as a single integrated system, which results in a system of equations that can be solved simultaneously
with mesh movement. Instead, the partitioned considers the fluid and solid as separate systems linked through an interface.
In [10] Felippa and Park explained the advantages of partitioned solution procedures, focusing also on their stability. They
explained that the main cause of instability was the delayed feedback of fluid radiation damping energy from the fluid
equation to the structural equation. To improve the convergence and stability of the partial solver an additional iteration loop
can be used. This leads to a strongly coupled partitioned solution [11]. The partitioned approach presents two potentially
significant advantages. It requires relatively few modifications to single-field analyzers, and this modularity is valuable given
the current costs associated with software development, modification, and maintenance. The computational efficiency is
also improved as the cost per time step of the staggered solution is approximately the same as processing the component
fields separately. The staggered approach is economical advantageous when time step size restrictions are not an issue.
Instead, in case of strong interaction, a monolithic approach ensures convergence and stability of the coupled solution. It
consists of simultaneous procedures that solve in a single iteration loop the entire coupled system. Newton’s method [12] is
typically used to solve a unique system of equations, but consolidating multiple equations into a single system can lead to
ill-conditioned system matrices, which can sometimes have zero entries on the diagonal. The work done by Heil et Al. [13]
compares the two approaches in different test cases. It turns out that monolithic solvers are competitive in CPU time, even in
cases with weak interaction. Instead for strongly coupled systems, the monolithic approach must be used as the partitioned
tends to diverge. Nevertheless, in the case of large-scale problems, especially in three dimensions, maximizing the utility of
monolithic solvers requires the availability of efficient preconditioners.

In this paper, a formulation that coupled pressure and displacement in the two physical domains and their FEM dis-
cretization is summarised in the background section. The multiphysics model and results are presented in the Analysis
Section. Finally, a brief summary of the results and possible experimental setup is presented in the Conclusion.

Background
The governing equation for the pressure in an acoustic medium in the frequency domain is the Helmholtz equation:

2
V2P 4+ %P = —ipawq in Qa 1)

a

where: P, p, and ¢, are the pressure the density of the acoustic domain, and the speed of sound, in the analysis domain 2.
The angular frequency and the wavenumber are denoted by w and k, respectively. The Helmholtz equation can be solved
using the appropriate boundary conditions, in this paper the following boundary conditions will be used:

* Sound Hard Wall Boundary condition

nVP=0 @)
* Imposed normal Impedance
17z 0P
p=-"7" 3)
Paw ON

where n is the outward unit normal to the fluid medium and Z is the acoustic impedance.
In the structural domain 25, Newton’s second law in the frequency domain can be described as follows:

Vo = —w?psu in Qg )
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In (4) o is the stress tensor, ps the structural mass density and u the displacement vector while the body forces are not
taken into account. Classic Neumann and Dirichlet boundary conditions are applied on the structural domain. As the paper
is focused on a multiphysics model solved with a monolithic approach, for the sake of brevity the interface condition applied
to Q5 and 2, in the segregated approach will not be presented. However, to understand how it is possible to obtain a system
of equations in the monolithic approach, a formulation called mixed displacement/pressure finite element will be explained.
As this method is well described in [14] and [15] only some equations are reported.

The governing equations of this mixed formulation are: the relationship between stress and strain (5), the pressure and
volumetric strain relationship (6) and the 2D definition of deviatoric (7) and volumetric strain (8):

o= Ke,d + 2Ge )]

P =—Ke, (6)
€

e=c¢€— ?(5 (N
AV

v/ Ty, 8
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With K, G and p are the bulk modulus, the shear modulus, the mass density, three material properties, which should
be used alternatively between the acoustic 2, and the structural domain €2, instead J is Kronecker’s operator. The ba-
sic approach of mixed displacement/pressure finite element formulations is to interpolate the displacements and pressure
simultaneously. This requires that the principle of virtual work must be expressed using the independent variables u and P:

/ seTCed — / Pde, dQ) = / — w?psuTu dQ 9)
Q Q Q

/(p/K +€,0P)dQ2 =0 (10)
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Where the virtual displacement, the virtual deviatoric strain, the virtual strain are denoted by du, de, de respectively, C
is the stress—strain matrix for the deviatoric stress and strain component which must satisfy the following equation:

(0 + Pd) =Cle— %evé) (11)

The discretization with finite element of both acoustic domain [16], [17], [18] and structural domain [19] is well known
and widely reported, so it is only explained how to apply FEM to this mixed displacement/pressure formulation. The starting
point is writing displacement u using the standard shape functions matrix N4 and Pressure P using matrix /V,:

i =Y Nau; P=> NP i=1..1n4 j=1.n, (12)

Where n, and ng are the number of prescribed shape functions for pressure and displacement. It is also possible to
interpolate the the deviatoric strain e and the volumetric strain ey using matrices B, and B,, as reported below:

e =Bq {u;} ey = By {u;} i=1..ng (13)

The standard discretization of Equations 9 and 10 yields to the following linear system to be solved:

Kuu —w’Muu Kup| U] _ [F, (14)
Kup’ Kpp| \ P[P
where the structural displacement and pressure vectors are denoted by U and P, respectively. The stiffness matrices for

displacement and pressure, the mass matrix, and the external force vectors are denoted by Ky, Kpp, Muu, Fy, P, respec-
tively, instead the coupling matrix K, is defined as [15]

Ky =K}, =— / B, "NydV (15)
%

Solving the linear system of equations using a specific solver like MUMPS [20] or PARDISO [21] it is possible to find
the unknown vectors U , P for each frequency. In the following section the design of a multiphysics model representing
acoustic structure interaction will be presented, based on the theoretical bases established.
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Analysis

The 2D axisymmetric multiphysics model presented in this section simulates the behavior of an aluminum plate, modeled as
a shell, when it is excited by an incident acoustic wave generated by a loudspeaker in the air domain. The acoustic source is
located at one end of a steel tube, which has a length such that the waves incident on the plate are plane, as specified by EN
ISO 10534 [22]. At the other end of the pipe, a sound-absorbing material (Melamine Foam) is placed to absorb waves that
might reflect at the end of the tube, thus minimizing the reflection coefficient. Eight evenly spaced flanges are welded onto
the tube to secure it to mechanical supports. These flanges also need to prevent any mechanical modes of the tube within the
frequency range of the plate’s first natural frequency.

The purpose of this numerical model is to determine the amount of acoustic pressure transmitted when a structure is
excited by an acoustic source, focusing on the range near its first natural frequency and the behavior of the transmitted
pressure behind the structure. To ensure that the structure is excited by a planar wave, the pipe is designed according to the
same standards used for impedance tubes, creating a controlled and consistent environment. Three different numerical models
were created to determine if studying both fluid-structure interaction and acoustic behavior together is necessary. The first
model, called ”/_A.S.1.” , takes into account the interaction between the structure and the acoustic field, in a fully coupled
model. The second model simplifies the system by assuming the plate as rigid, isolating the acoustic response without struc-
tural dynamics and understanding the acoustic modes of the tube, it is called ”2_Plate_rigid”. In ”3_Plate_displacement”,
third and last model the acoustic source has been turned off and a prescribed displacement to the plate has been assigned,
the prescribed movement of the plate derived from the acoustic-structure interaction results of the first case. This step It aids
in comparing how each approach influences the transmitted pressure and evaluating the need for coupling both physics in
future analyses. In Figure 1 the geometric 2D axisymmetric model built on Comsol Multiphysics is shown, the geometric
dimension of the components are presented in table 1.

Poroacoustic sound absorption
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Fig. 1 Geometric 2D axisymmetric model

The boundaries of the air domain indicated in red in Figure 1 have been assigned a perfectly matched layer boundary
condition to simulate an infinite domain in which the sound waves do not reflect. An high thickness layer of melamine foam
is located at one end of the pipe to limit the reflection of the wave. To accurately simulate the behavior of the poroacosutic
material, a dedicated domain has been created, using the poroacoustics domain features of the Pressure Acoustics interface.
The Johnson-Champoux-Allard model with a rigid frame has been selected for this purpose. This model represents an
equivalent fluid model for a rigid frame porous material [23]. The melamine foam material parameters are indicated as
follow: The acoustic source, a loudspeaker, is modelled as lumped system, geometrically is represented as boundary indicated
in green in figure 1. This model represents a moving-coil loudspeaker, where a lumped parameter analogy is used to describe
the behavior of both the electrical and mechanical components of the speaker. The coupling with the pressure acoustic
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Table 1 Geometric dimension of the model

Symbol Value Description

Ry 198.2 [mm) Inner Tube radius

Ry 203.2 [mm] Outer tube radius and inner flange radius
R; 270 [mm] Outer flange radius and plate radius

Ry 600 [mm] Melamine Foam for insulating Box radius
Rs 190 [mm] Loudspeaker membrane radius

i 2 [mm] Thickness of the aluminum plate

A 850 [mm]  Length of Melamine Foam for insulating Box
Zy 2600 [mm] Length of the tube

Zy 1300 [mm] Position of the aluminum plate

Table 2 Melamine foam material parameters

Symbol Value Description

€p 0.995 Porosity

Ry 10500 [Pa * s/m?] Flow resistivity

s 0.49 [mm)] Viscous characteristic length parameter
Ly, 470 [pm] Thermal characteristic length

L, 240 [pm) Viscous characteristic length

T 1.0059 Tortuosity factor

environment is achieved using the built-in Interior Lumped Speaker Boundary feature. The loudspeaker is modeled with
an open back volume. These electric circuit models have been employed successfully for many years. The parameters
that characterize a loudspeaker’s low-frequency performance are commonly referred to as the Thiele-Small or small-signal
parameters [24]. All parameters are constants, as they are given within the model’s low-frequency limit, in table 3 the
parameters associated to a commercial loudspeaker are listed.

Table 3 Small signal parameters

Symbol Value Description

My 56.1 [g] Moving mass (voice coil and diaphragm)
Cus 180e — 6 [m/N] Suspension compliance

Rus 2.16 [N * s/m)] Suspension mechanical losses

BL 22.4 [T * m] Force factor

RE 5.9 [Q] Voice coil resistance

Lg 0.48 [mH] Voice coil inductance

a 19 [em) Equivalent piston radius of driver

The interaction between the two domains occurs in the part of the plate corresponding to the pipe’s internal cross-section,
indicated in blue in Figure 1. The aluminum plate, modeled as a shell with a thickness of 2 mm, is constrained along the
entire edge, being positioned between two series of flanges which are connected by a threaded connection.

As described in [22], for an impedance tube, an upper limit, denoted as f,, is calculated to avoid the occurrence of
non-plane wave mode propagation, considering the dimensions of the pipe represents in the model, this value is 428.8 Hz.
To ensure that the plate has its first natural frequency within this range, modal analysis has been conducted, the first natural
frequency is at 127.93 Hz .

All the analyses were studied in the 50 — 450 H z frequency range to be inside the plane wave region, the geometry
was meshed with a 2D Finite element whose max size was 5 times smaller than the max wavelength A to provide enough
resolution to represent the sound field accurately. The results will be presented regarding plate displacement and acoustic
pressure measured in these points inside the tube:

* (R=0m, Z=0m), (R= Ry, Z=0m)tomeasure the acoustic pressure at the speaker output
* (R=0m, Z=12m), (R= Ry, Z=1.2m) tomeasure the acoustic pressure before the plate in a region where
the non-planar waves generated by the speaker are dissipated.
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* (R=0m, Z=2.6m), (R= Ry, Z=2.6m) tomeasure the acoustic pressure before the end of the pipe
* The Z-component displacement of the plate is measured at the center of the plate (R =0 m, Z = 1.3 m)

Figure 2 shows the plate displacement in the 1_A.S.I. analysis, the structural response is at 120 H z which differs from
the plate resonant frequency by more than 7 H z, this behavior seems similar to the one described in [9] where the natural
frequencies of the structure in a coupled system with a fluid cavity changes.

Shell displacement field, Z-component

0.05f

abs(w) (mm)

0.04+

0.03

0.01+

1 1 1 1 1 1 1 1
50 100 150 200 250 300 350 400 450
freq (Hz)

Fig. 2 Plate displacement in 1_A.S.I.

In addition to the response at the first natural frequency, there are two distinct spikes that can be explained using the
acoustic pressure graphs. In figure 3 is presented the acoustic pressure measured at the speaker output Z = 0 m at the center
of the tube and the inner radius.
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Fig. 3 Acoustic pressure inside the tube at Z = 0 m, thickness of the shell 2 mm

The continuous lines represent the points at R = 0 and the dotted at R = R;, as mentioned before the waves generated
by the speaker are not immediately planar, for this reason the curves do not match. Moreover, in the figure 3, it is possible
to notice a difference between the first two analyses, for the first case, in which the acoustic structure interaction has been
studied, two spikes of pressure in the range [115 — 150 Hz] are present, the same trend is not replicated in the second
analysis shown in green. The first peak of pressure at 116 H z highlights the interaction between the two physics given by
the movement of the plate near its coupled natural frequency which affects the acoustic field. In the rigid plate case, three
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peaks of pressure occur at frequencies: 135 Hz, 267 Hz,and 397 H z, to which are associated wavelengths of 2.6 m, 1.3 m,
0.87 m. These peaks are related to the loudspeaker, which excites the air inside the impedance tube, at certain frequencies
which coincide with the tube resonant frequencies. These resonant frequencies are determined by the tube length , 1.3 m, and
correspond to wavelengths that fit integer multiples of half-wavelengths within the tube. The resulting standing waves occur
due to the constructive and destructive interference of the incident and reflected waves within the tube. Peaks in acoustic
pressure indicate locations of antinodes, where constructive interference occurs, while nodes represent points where pressure
remains zero due to destructive interference. The red lines are associated with the case in which the loudspeaker is turned
off and the displacement is imposed as a boundary condition to the structure, in this case, no distinct trend can be observed
comparable to the other two cases.

Figure 4 reports the acoustic pressure at Z = 1.2 m, since the case "3 _Plate_displacement” did not show any significant
trend, in this graph, for the sake of clarity, only the first two analyses are displayed. This figure highlights areas of low
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Fig. 4 Acoustic pressure inside the tube at Z = 1.2 m, thickness of the shell 2 mm

pressure near the first and third acoustic resonant frequencies of the tube, also, in this case, the influence the interaction
between the structure and the acoustic field is quite clear, with a similar trend to Z = 0 m, however, the curves corresponding
to different radii are now superimposed because the waves have become planar.

In figure S is presented the case at Z = 2.6 m, all three analyses are displayed:
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Fig. 5 Acoustic pressure inside the tube at Z = 2.6 m, thickness of the shell 2 mm

It is possible to notice that in the frequency range associated with the first mode of the plate, the acoustic pressure
transmitted over the tube reaches a value bigger than 20 Pa, given by the coupled presence of the plate and tube resonant
frequency, this is confirmed by the behavior at the other tube resonant frequencies, here high-pressure peaks do not occur.
The 2_Plate_rigid case shows an acoustic pressure value equal to 0 Pa at all frequencies. The plate-imposed displacement
case, despite a slight difference of around 2 Pa, reconstructs the pressure curve in the plate resonance frequency range.
However, at the tube acoustic resonant frequencies, the model produces very high values of pressure, which indicates how
this analysis should be revised in more detail.

To replicate this experiment, a possible setup has been created. The dimensions are the same as those used in the mul-
tiphysics model. In the geometric model, mechanical carriers are present, even though numerically they are considered as
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boundary constraints. The speaker is inside the aluminum box, but as a preliminary simulation showed some numerical er-
rors, it will be decided in the future whether to use it with open air behind or use melamine foam inside the box to ensure
proper sound insulation. The CAD model is presented in figure 6, however, there are no microphones for recording pressure,
similar to those used in impedance tests, and the optical sensor for measuring plate displacement.

Mechanical supports Waveguide pipe and Flanges

Aluminum plate:

Loudspeaker

Fig. 6 Possible experimental set-up

Conclusion

The results of this study demonstrate the significant impact of interactions between different physical domains. The acoustic-
structure interaction case shows that when a structure is excited by an acoustic source at its resonance frequency, a substantial
amount of pressure is transmitted downstream of the plate, especially when the mechanical resonance frequency of the
structure and the acoustic resonance frequency of the pipe are similar. The three analyses presented examined the possibility
of avoiding the need for modelling multiphysics coupling. It was discovered that deviating from a multiphysics approach
produced noticeable differences, however further investigations are required to fully evaluate this possibility. Furthermore,
to strengthen the validity of the numerical model presented in this study, future experimental tests using the setup outlined in
the last section are necessary. The purpose of these tests is to compare numerical predictions with real measurements, which
will lead to a more robust framework for understanding acoustic-structure interactions and improving the model accuracy.
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Chapter 12

Mechanical Property Characterization of Small Granular
Materials with Laser Doppler Vibrometry and Resonant
Ultrasound Spectroscopy

Joshua Bartlett, Caleb Fryer, Dr. Pablo Tarazaga, and Dr. TJ Ulrich

Abstract Resonant Ultrasound Spectroscopy (RUS) is a reliable, non-destructive measurement technique used to investigate
the elastic properties and internal structure of various specimens. Widely used in the fields of material science, geophysics,
and engineering, it is has become an increasingly popular characterization method due to its high precision, sensitivity, and
versatility in measuring both single crystal structures and complex composites. Despite its advancements over the last forty
years, RUS is still afflicted by challenging sample preparation, insensitivity to small-scale defects and inhomogeneities,
and limitations in soft or highly damped materials. While recent efforts have succeeded in resolving some of these issues
using finite element models, these versions of RUS are computationally expensive and slow. This study attempts to develop
an alternative, efficient approach for RUS by incorporating interferometric detection, allowing for rapid data collection,
reduced material preparation, and increased measurement sensitivity. To accomplish this, a series of modal vibration tests
are conducted using a laser doppler vibrometer (LDV) and adjustable scanning mirrors. The test specimen is initially placed
in contact with a piezoelectric disk within an acoustically dead platform and excited using a series of swept periodic
sinusoidal signals. The recorded measurements are then processed to identify the natural frequencies and vibrational modes
of the specimen, where a comparison is formulated against an idealized model. Utilizing initially predicted independent
elastic constants; the general eigenvalue problem is iteratively solved using the Levenberg-Marquart minimization scheme
to determine the elastic tensor of the test specimen. Understanding the mechanical properties of granular materials allows
for quantification of its functionality and longevity, and accurate determination of physical changes over time. Additionally,
this study addresses the difficulties of enhancing this technique and explores the potential for its application within structural
health monitoring and quality control in high efficiency manufacturing.

Keywords Resonant Ultrasound Spectroscopy - Interferometric Detection - Data Collection - Material Preparation

Introduction & Background

Resonant Ultrasound Spectroscopy (RUS) is a frequency analysis technique capable of determining the mechanical proper-
ties of a material sample in a non-destructive manner. By utilizing the normal modes or mechanical resonances of a solid,
homogeneous object, it is possible to identify the independent elastic constants C;; that corresponds to its unique geometry,
anisotropy, and density.

Before running a RUS test, the sample should follow certain assumptions. It should be a homogenous material with
an equally distributed density. The sample should also fall under the umbrella of symmetries as the symmetry of a sample
influences the number of independent elastic constants. When conducting the experiment, a sample is placed between an
actuator and a receiver. Typically, individual piezoelectric transducers are used for each role. However, a laser vibrometer
can be used as a receiver. As the natural frequencies of the samples are actuated across a bandwidth, the receiver can
calculate the sample’s displacement, velocity, or acceleration from the voltage response produced by the laser effected
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doppler effect. Using this measured response as the dependent variable and the frequency as the independent variable, a Fast
Fourier Transform (FFT) can be developed. With the FFT, the modal frequencies can be extracted.

To identify the independent elastic constants of a sample, the factor of error between experimental modal frequencies
and theoretical modal frequencies can be calculated through a derivation of the linear elastic Lagrangian energy equation as,

1 1 Ou,; Ouy,
L= E,—-E = f§ 2?—7§ T P . 1
/V( k p) dv /V 5 i pwiug 5 Cijkl 8x]- 92, dV, (1)

1,5kl

where the equation takes the integral of the difference between the kinetic energy density, Ej, and the potential energy
density, I}, with respect to the volume of the sample, V. In this case, I}, is determined using the density p, angular frequency
w, and i*" displacement factor u;. E,, is determined from the elastic stiffness tensor c;;;; multiplied by partial derivatives of
the displacement vectors with respect to their particular Cartesian coordinate, marked by the subscripts ¢, j, k, and [. After
expanding the Lagrangian by using a displacement field, deriving it under stationary conditions, and exploiting symmetries
related to the elastic properties, the equation can be simplified into the following eigenvalue matrix equation,

w?Ea =Ta, 2)

where F is the kinetic term, w is the frequency, a is the approximate motion, and I" is the elastic energy term. To better
understand how this simplification is made, refer to the derivation provided by Visscher et al. [1].

To effectively calculate the theoretical frequencies, the mass, dimensions, symmetry condition, and estimated indepen-
dent elastic properties must be used to numerically converge to a solution using a set of basis functions (i.e., Rayleigh-Ritz
Method). With these, the calculated frequencies, w¢, can be compared with the experimental frequencies, wg, using the
residual error equation.

N
F= an(wE —we)? 3)
n=1

The weighted variable, w,,, is set to one for measured frequencies and zero for missed frequencies. Frequencies that
were not captured experimentally can be identified through models or predicted frequencies and should be included if there
are experimental frequencies missing inside the measured bandwidth. With the error function, the Levenberg-Marquardt
algorithm is used to minimize the factor of error by iteratively adjusting the elastic constants until the predicted frequencies
closely match with the experimental frequencies.

Due to RUS’s high accuracy and efficiency, it has become particularly useful for identifying the independent elastic
constants for advanced or complex materials that cannot be traditionally evaluated through standard destructive methods.
However, it does require an initial guess on the independent elastic constants. Additionally, collecting optimal frequency
responses requires the sample actuated under free boundary conditions with the assumption that it is symmetric and linearly
elastic.

Experimental Design & Experimental Data Collection

Collecting experimental data through RUS requires an impact or frequency sweep to actuate a sample’s resonance frequen-
cies. To capture the sample’s response, a transducer is typically used. However, based on the work from Adebisi et al. [2], the
apparatus for collecting the frequency response of the sample was the VibroFlex QTec laser from Polytec. When developing
the experimental setup, there were three major factors that were considered with respect to this laser: the orientation of the
laser with respect to the sample, a means of controlling the laser, and designing a suitable sample mount.

For laser-based RUS to work effectively, not only does the laser have to shine on the sample, but the reflection must also
be clearly registered by the infrared sensor. For the laser doppler vibrometer to work effectively, the laser should point at a
location on the sample that yields the most resonance frequencies while the signal received is still normal to the receiver of
the laser [3]. Inspiration was drawn from the work of Beardslee et al. [4] by implementing the use of external controllable
mirrors that can redirect the laser orthogonally. This allows the laser to rest at a horizontal orientation while still pointing the
beam onto the sample from a vertical orientation. The schematics of the test setup with the laser configuration can be seen
in Figure 1. The same could be obtained with a scanning laser vibrometer and a stationary mirror aimed at the sample.

There are two subset configurations to this experimental setup: The data acquisition system and excitation system. The
data acquisition system includes a computer that utilizes the Resonance Inspection Techniques and Analysis (RITA©) soft-
ware which serves as the signal processing system and the means of controlling the conditions for the RUS experiment [5].
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Fig.1 Diagram of experimental setup for measuring experimental response of a pellet specimen.

From this, a waveform is generated across the desired bandwidth and is amplified by a Tegam high-voltage amplifier, model
2350, with a gain of 50 volts. Granulated aspirin pellets are used as the samples for this experiment and a 1 MHz V103-
RM Olympus piezoelectric transducer was used to adequately drive the resonant peaks for the sample’s modal responses.
This ultrasonic transducer was chosen as the excitation response is flat or vibrationally unresponsive within the measured
bandwidth, making it useful for capturing the FRF without interference.

The sample mount was designed specifically for this experiment to hold the sample in an assumed unconstrained bound-
ary condition. There are three contact points with the sample attempting to minimize points of contact on the sample. First
is the piezoelectric transducer, the other two are 3D printed fins. As seen in Figure 1, the transducer and fins form a profile
like a chuck. The distance between transducer and fin decreases, allowing for samples of various diameters to neatly fit into
the sample holder. With this design, samples between 4mm and 13mm diameters fit into the holder while contacting the
piezoelectric transducer. For this experiment, samples measured were compressed, finely-granulated aspirin pellets with a
diameter of 10.15mm and a thickness of about 2.37mm.

With the help of the external mirror control system the laser can be directed onto any point on the top face of the sample
and, with the aid of a python code, it can also be systematically used to quickly scan the surface of a sample. The surface
scan can be compiled into a raster image of the operation deflection shape (ODS). This, in turn, can then be used in a modal
assurance criteria (MAC) function to confirm the mode shapes of the sample with respect to their resonance frequencies.

Integration of Mode Shape Identification & Automation

The identification of eigenmodes within the analysis of a RUS inversion is not a particularly novel concept. Studies have
been conducted to determine the elastic constants of geometrically complex materials with multi-axis scanning [3], incor-
porate optimal measurement point locations [5], and improve the error minimization function [6, 7]. While these proposed
techniques show potential in improving the accuracy and processing time of RUS, they still require manual interpretation
by an experimentalist and do not directly attempt to analyze any potential modes that are absent or swapped for a provided
test sample. This section presents a new method for systematically identifying and sorting the modes of a material specimen
by comparing its operational deflection shapes to numerically approximated resonant modes through the modal assurance
criterion.

When conducting a basic experimental measurement using RUS, four standard steps are typically completed to achieve
the desired elastic constants: measure the sample behavior to a presented excitation, compute the frequency response func-
tion, isolate the natural frequencies, and conduct the RUS inversion algorithm. This process is effective but can only be
easily automated for the second and third steps using frequency response function calculators and rational function approx-
imations. Assuming that the experimental design for the system is sufficient to allow for the operational deflection shape to
accurately represent the resonant modes (i.e., well separated modes), a new fifth step can be implemented into this process
to automate the input parameter for the RUS algorithm. The procedure this identification process would follow is shown in
Figure 2.
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Fig. 2 Representative flowchart of automatic MAC identification process for one natural frequency.

As seen in Figure 2, a fast-scanning raster image of the material specimens’ surface was taken for each identified natural
frequency. The operational deflection shapes were then computed within the frequency domain and rotated to match the same
orientation of an analytically approximated mode shape using the Rayleigh-Ritz numerical method. A new shared discrete
mesh was then applied to each surface to produce a common set of discrete positional coordinates. The colinearly of the
out-of-plane displacement for each mode was then calculated using the modal assurance criterion function in Equation (4).

MAC ({¢r}, {pa}) =

{os} {oa)|

, 4
{en} {enh)({pa}” {pa}) @

where this function is a normalized inner product of the surface vectors of the experimental operational deflection shapes,
g, and the analytical mode shapes, ¢ 4, at each common nodal mesh point.

Results & Discussion

The measured material specimen locations produced the average vibrational response seen in Figure 3. Six natural frequen-
cies were identified at 43.7, 69.2, 85.4, 94.6, 121.7, and 129.5 kHz. Note that the fourth natural frequency was determined
to be a measured in-plane response and was not included due to concerns about reliability from our experimental design.

Normalized Magnitude
o o o
- (2] co
T T T

=
[N}
T

o
T

Average Aspirin Vibrational Response
T T I T

40 50

60

70 80 90 100 110 120 130
Frequency[kHz]

Fig. 3 Frequency response function and first five out-of-plane natural frequencies of aspirin pellets.
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Using these values the new modal assurance identification process was conducted, producing Figure 4. The five oper-
ational deflection shapes were determined to have a degree of collinearity of 98.2, 87.8, 75.3, 2.4, and 90.1 percent. This
correlation was found to be logical as the first, second, third, and fifth natural resonances were well-defined. The fourth op-
erational deflection shape had minimal correlation to its expected mode due to its high degree of coupling. This comparison
can be visually confirmed when reviewing the compared operational deflection shapes and analytical modes found within the
appendix. Additionally, it was found that no mode swapping was present and that only the second experimental operational
deflection shape was non-degenerate.

-

Degree of Collinearity
o
(2}

Fig. 4 Bar chart comparison of experimental ODS & numerical modes of aspirin pellets.

Considering these observations, only four measured natural frequencies are reliable for usage within the RUS algorithm.
Since the general rule of thumb for RUS states that a total of ten unique modes are required to properly define the elastic
tensor solution surface for an isotropic material [8], the elastic properties for this data set cannot reliably be determined.
Nevertheless, the proposed identification techinique using modal assurance criterion was successful and shows promise for
automating the RUS inversion process.

Challenges and Future Work

Several challenges arose during this research, with one key difficulty being the precise alignment of the laser with the
external mirror control unit. Due to the weight of the external mirrors, drooping occurred throughout the experiment and led
to the laser doppler vibrometer becoming misaligned. This affected the accuracy of the measurements and introduced error
through the introduction of a laser incidence angle. Additionally, material samples composed of a larger granular size proved
to be more difficult in scanning during the raster imaging process because of increased surface irregularities and texturing,
scattering the reflection of the laser and disrupting the signal quality.

Future work will focus on the further optimization and automation of this process by reducing the total measurement
and computational time. Enhancing the precision of the laser alignment with the external mirror control unit and ensuring
the measurement efficacy for material samples will be prioritized. There is also potential for the integration of continuous
scanning laser doppler vibrometer (CLSDV) or machine learning algorithms to rapidly extract ODS and generate the proper
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indexing of modes for automated comparison to the model. This will allow for more accurate, generalized surface scanning
that is not dependent on specified measurement locations and reduced mathematical complexity when determining the degree
of collinearity between the experiment and numerical model. Finally, implementing an optical lens to adjust the laser’s
incidence angle would allow for the increased recognition of in-plane operational deflection shapes. These advancements
would enhance the overall reliability and versatility of the experimental system for future applications.

Conclusions

This research successfully identified the operational deflection shapes of compressed, granular aspirin samples and accu-
rately correlated them with a numerical model, providing a robust validation of the experimental data used with RUS when
determining a material’s elastic properties. By addressing the issues of mode swapping and missing modes, this study elim-
inates significant challenges in analyzing the vibrational behavior of a system and the uncertainty of a material specimen’s
response. Furthermore, the use of modal assurance criterion values creates a more efficient and streamlined workflow, allow-
ing for the automation of the RUS inversion process and reduction of potential errors in manual input. These advancements
contribute to a more precise and confident modal analysis as well as improve the reproducibility of a RUS experiment. While
this proposed method was demonstrated to be viable for isotropic samples of cylindrical geometry, further development is
necessary to successfully obtain enough vibrational information to conduct a RUS inversion for samples of large damping.
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Chapter 13
Identification of Dominant Modes for Cavitating Flows using
Spectral Proper Orthogonal Decomposition

Grigorios Hatzissawidis, Moritz Sieber, and Peter F. Pelz

Abstract Cavitating flows exhibit complex, chaotic, multimodal, and intermittent behaviour. The dominant flow patterns
are often hidden to the naked eye. Classical methods such as Proper Orthogonal Decomposition (POD) or Dynamic Mode
Decomposition/Discrete Fourier Transformation (DMD/DFT) often fail to decompose the flow field into physically mean-
ingful modes. To overcome this problem, we apply Spectral Proper Orthogonal Decomposition (SPOD). Using this method,
it is possible to continuously shift between POD and DFT by varying a single parameter called filter size which is applied to
the correlation matrix between individual snapshots. In this paper, SPOD is applied to high-speed images of cloud cavitation
in the top and side view. We demonstrate that by appropriately varying the filter size, it is possible to decompose the data
into the physical meaningful dominant modes. The intrinsic feature of SPOD to conduct a transient analysis through the time
coefficients facilitates the understanding of the physical mechanisms corresponding to a specific mode. We show how the
filter size affects the SPOD results and demonstrate how SPOD provides a more meaningful basis for modal representation
of the images than POD and DMD/DFT. We perform a transient analysis to capture the intermittent flow behaviour, char-
acterised by switching between two dominant modes as well as the presence of higher harmonics. Furthermore, extended
SPOD (eSPOD) is applied to simultaneously captured pressure data along with the high-speed imaging, providing the cor-
relation between the SPOD time coefficients and the pressure data.

Keywords Modal decomposition - Reduced-order modelling - Fluid mechanics - Cloud cavitation - Image processing

Introduction

Cloud cavitation is among the most severe forms of cavitation, commonly occurring in pumps, ship propellers, and me-
chanical heart valves [1]. It exhibits periodic behaviour, characterised by: (i) the formation and growth of a cavity sheet
until it reaches an asymptotic length, (ii) the triggering of shedding by either re-entrant flow beneath the sheet, [2, 3], or an
upstream-propagating condensation shockwave, [3, 4], and (iii) the formation of a cloud that is advected downstream due to
the bulk flow. The subsequent collapse of this cloud may result in noise, vibration, erosion, efficiency drop etc.

The fundamental dynamics of cloud cavitation are not always immediately apparent to the naked eye. While it may appear
unimodal, exhibiting a single shedding mode with a corresponding frequency, multimodal and intermittent behaviour can also
occur, [5—7]. Multiple modes can occur simultaneously or exclusively. To gain deeper insights into the underlying physics,
modal analysis tools have become increasingly prevalent in fluid mechanics problems [8]. These methods are typically
applied to velocity fields obtained from simulations or Particle Image Velocimetry (PIV). However, in cavitation studies,
experimental velocity fields are scarce, and high-speed imaging is more commonly employed. Consequently, modal analysis
techniques are often applied to high-speed images to break down the flow field into physically meaningful modes.

Among these techniques, the most widely used are Proper Orthogonal Decomposition (POD), introduced by [9, 10], and
Dynamic Mode Decomposition (DMD), introduced by [11]. POD ranks modes based on their variance, which corresponds
to the turbulent kinetic energy when the snapshots represent velocity fields. DMD generates modes that are characterised by
distinct frequencies and associated growth or decay rates.
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However, these methods have certain limitations: POD modes may not clearly decompose specific underlying physical
phenomena, as the dynamics of different modes can be mixed, i.e., the temporal coefficients contain more than one frequency.
In contrast, DMD assigns a single frequency to each mode, which does not account for subtle cycle-to-cycle variations. If
the frequency undergoes slight changes, the mode shifts to neighbouring frequencies, limiting the method’s ability to capture
gradual frequency variations. Moreover, determining which modes hold physical significance is challenging, as DMD does
not inherently provide a ranking of modes. To address these challenges, Spectral Proper Orthogonal Decomposition (SPOD)
is used [12, 13]. This method enables a continuous transition between POD and DFT by applying a filter to the correlation
matrix of individual snapshots, thereby providing a more flexible decomposition. The only parameter that requires adjustment
is the filter size, which must be carefully selected based on the specifics of the underlying problem. The intrinsic capability
of SPOD to perform transient analysis through its time coefficients is crucial for data analysis, as modes in cavitating flows
may occur intermittently.

To demonstrate the method, we apply SPOD to high-speed images of cloud cavitation. We extend our study in [13],
conducting a more detailed analysis. Specifically, we examine the impact of filter size and illustrate how two distinct physical
modes can be decomposed. Following this, a transient analysis is conducted, revealing that the modes occur exclusively and
providing evidence of higher harmonics. Finally, we employ extended SPOD (eSPOD), [14, 15], allowing us to correlate
data from other sources with the SPOD results.

Experimental overview

Experiments were performed at the water cavitation tunnel at the Technische Universitdt Darmstadt. The test section has a
rectangular cross-sectional area with a height A of 70 mm, a depth b of 25 mm, and a length of 462 mm. The test model is a
two-dimensional NACAOQO15 hydrofoil having a chord length L of 46 mm, positioned along the centreline of the test section
and spanning its full depth. A schematic view of the test section is provided in Figure 1. For more details regarding the test
rig, we refer to [13]. The data used in this study is the same as in [13]. The operation point is defined with the chord-based
Reynolds number, Re := U, L/v, and the cavitation number o := 2 (poo — pv) / (0UZ), where U, and po represents
the reference free-stream velocity and pressure and p,, o and v denote the fluid’s vapour pressure, density and kinematic
viscosity, respectively.

The experiment in this study is performed at a fixed Reynolds number of Re = 8 x 10, a cavitation number of o = 2 and
an incidence « of 12°. This operating point was selected because it exhibits intermittent and multimodal behaviour, making it
suitable for the analysis of complex cavitation dynamics. All uncertainties were quantified in accordance with the ISO Guide
to the Expression of Uncertainty in Measurement (GUM), [16]. To characterise the inflow, Laser Doppler Velocimetry (LDV)
measurements were performed. The flow uniformity was found to deviate by no more than 3% at its maximum, [13]. High-
speed imaging was conducted using a dual-camera system, consisting of a Photron FASTCAM NOVA S12 for the top view
and an IDT MotionPro Y7 S3 for the side view. Both cameras operated at a frame rate of 18 kHz, with spatial resolutions of
0.078 mm/px and 0.035 mm/px using a Carl Zeiss Makro-Planar T* 2/50 mm ZF lens and Carl Zeiss Distagon 1.4/35 mm
lens, respectively. Illumination was provided by two triggered Veritas Constellation 120 LED lights and one IDT 19-LED.

Piezoelectric Piezoelectric A
transducer, p1 (t) transducer, pa(t)

H = 70mm

Fig. 1 A schematic representation of the hydrofoil within the test section is shown. The model is a two-dimensional
NACAOQ015 hydrofoil with a chord length of 46 mm and a span of 25 mm. A cavity sheet forms near the hydrofoil’s leading
edge and periodically sheds cavitation clouds. The flow direction is from left to right.
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Unsteady pressure measurements were simultaneously acquired using two piezoelectric transducers: a Kistler type
601CAB with an eigenfrequency of 215 kHz, and a Kistler type 701 A with an eigenfrequency of 70 kHz, both connected to
Kistler 5018A single-channel charge amplifiers, cf. Figure 1. The first transducer is flush-mounted 8 mm downstream and
8 mm above the rotational axis of the hydrofoil and rotates along with it. The second transducer is flush-mounted 54 mm
downstream and 12 mm above the rotational axis. The recorded pressure signals are denoted as p; (¢) and po(t), respectively.

Modal analysis using SPOD and extended SPOD

Spectral Proper Orthogonal Decomposition, developed by Sieber et al. [12], is applied to the time-varying pixel intensities
I(x,t) of high-speed images to extract the dominant coherent structures in cloud cavitation and their corresponding frequen-
cies as it is conducted in [13]. The following provides a brief overview of the SPOD calculation, while a detailed description
of the SPOD algorithm can be found in [12]. The procedure follows the method of snapshots approach [10]. We seperate
our data into a mean and fluctuating components, I(x,t) = I(x) + I’(x, t) and decompose only the fluctuating part into N
SPOD spatial modes ¥;(x) and temporal coefficients b;(t):

N

I'(x,t) = bi(t)¥i(x), (1)

i=1

where N is the number of time-resolved snapshots. The core concept of SPOD involves applying a filter to the correlation
matrix of the individual snapshots R; ; = 1/N (I'(x,t;),1'(x,t;)). The eigendecomposition of the filtered correlation
matrix S yields the temporal coefficients b; and the corresponding mode energies u; through the eigenvalue decomposition
Sb; = p;b;. To clarify, the mode energies in the case of intensity values do not represent physical energies; rather, they
correspond to variances in a more general sense. The spatial modes are obtained by projecting the snapshots onto the
temporal coefficients, cf. [12]. Once the modes are identified, it is necessary to establish mode pairs, similar to the sine and
cosine components in the Fourier Transform, [13]. This pairing is achieved by evaluating the harmonic correlation between
individual modes.

The key parameter of SPOD to be adjusted is the filter size N;. For no filter or Ny = 0, the method simplifies to the
classic POD. When the filter encompasses the entire correlation matrix or Ny = N, we obtain a DFT. While a true DFT
corresponds to an infinite filter size, the outcome remains nearly unchanged for Ny > N. The filter size must be tailored to
the underlying problem. An appropriate filter size is achieved when the results remain stable and unaffected by variations
around the selected filter size.

The primary advantage of SPOD lies in its inherent capability to perform transient analysis using the time coefficients.
From the complex time coefficients b;(t) = b;(t) + 1bx(t), where the time coefficients j and %k constitute mode ¢ and
are identified through the harmonic correlation, both amplitude and phase can be extracted, b;(t) = |b;(t)| exp [i¢(t)].
The derivative of the phase dp(t)/Jt equals the time-resolved angular frequency w(t), where the frequency in Hz can
be calculated as f(t) = w(t)/(27) and the Strouhal number as St(t) = f(t) L/Us, enabling a detailed frequency-time
analysis.

We applied the extended POD (ePOD), once again utilising the time coefficients. Originally introduced by Borée, [14],
for classical POD, ePOD can be seamlessly extended to SPOD through the use of its time coefficients, a method referred
to as extended SPOD, cf. [15]. eSPOD enables the modal representation of additional quantities that are recorded simulta-
neously with the decomposed data or snapshots. It is possible to use entire fields, such as pressure fields or intensities of
OH*-chemiluminescence, as demonstrated in [15, 17]. In this study, we employ the two unsteady one-dimensional pressure
signals from the two piezo-electric transducers, Figure 1. The formulation of eSPOD is analogous to the Pearson correlation
coefficient between the ith complex time coefficient b; (t) and the unsteady pressure signal py (), expressed as

1 N o
I _ bi(t;) ph(ts), 2)
bi(t),Pr(t) Na[bi(t)] J[;ﬁ%,(t)] ; ( J) k( J)

with ) (¢) being the fluctuating part of py(¢), k = 1,2. The absolute value of the complex Pearson correlation coefficient
can range between 0 and 1, indicating no correlation and perfect correlation, respectively.

In the present study, a total of N = 8001 high-speed images are used and downscaled to 50% of their original size. A
mask is applied to cover the location of the piezoelectric transducer and the hydrofoil in the side view. The image edges are
handled by applying periodic boundary conditions.
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Results & Discussion

The SPOD spectrum for a filter size Nt of 300, corresponding to 3.58 periods of the first mode with f; = 215 Hz or St; =
0.61, is shown Figure 2. The Power Spectral Density (PSD) calculated using the Welch method, [18], of the unsteady pressure
signals p; and po, is also included in the same spectrogram for comparison. The two peaks extracted from these signals are
indicated by vertical dotted lines in the spectrogram, corresponding to St; = 0.61, Sty = 0.14 or f; = 215Hz, fo = 50 Hz.
The first two modes identified by the SPOD correspond to these two frequency peaks. The blade pass frequency of the main
pump is also represented as a vertical line in the spectrogram. The SPOD spectrum from the high-speed images does not
reveal any modes at this frequency, indicating that no fluctuations at the blade-pass frequency are influencing the cavitation
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Fig. 2 SPOD spectrum for a filter size of Ny = 300. The modes are organized according to their harmonic correlation,
which is visually represented by the size of the dots. The first four modes are highlighted. The frequencies St; and Sto,
corresponding to the two dominant peaks extracted from the piezoelectric transducer, align with the first two dominant
modes identified by SPOD. At the right-hand side, the real part of the first four spatial modes in the side and top view are
plotted.

At the right-hand side, the real parts of the four spatial modes ¥, are plotted. Mode 1 has a slightly smaller wavelength
in the flow direction than mode 2. These modes correspond to the periodic cloud cavitation occurring at higher and lower
frequencies, respectively. Mode 3 has a smaller wavelength than Modes 1 and 2 and approximately double the frequency of
Mode 1, with f3 = 406 Hz or St3 = 1.15. It contains components of higher harmonics of Mode 1, as will be shown later.
It is not obvious which physical, coherent structure mode 3 corresponds to, although this frequency is prominent in the PSD
of ps, while it is absent in p;.

The influence of the filter size on the identification of the dominant modes is shown, Figure 3. The horizontal lines for
Sty and St, are the frequencies extracted from the PSD from pressure signals p; and po. As the filter size V¢ increases, the
relative variance (or energy, in the case of a velocity field) decreases, which is denoted by the size of the dot. It is distributed
across additional weaker modes, thereby increasing the noise component. An appropriate filter size is one where the decom-
position remains stable and does not strongly depend on slight variations in the filter size. We find that a filter size of Ny =
300 is suitable, as it captures the dominant features without losing too much variance. This dependency is also discussed in
[19]. It is noteworthy that, depending on the filter size, the ordering of the modes — based on harmonic correlation — varies.
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It can also be observed that with smaller filter sizes, approaching the behaviour of POD, the mode with the frequency St is
not detected. On the other hand, in the extreme case approaching the DFT, the two peaks detected align with St; and Sta;
however, the other modes become indistinct, and the variance is dispersed into weaker, less significant modes.
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Fig. 3 The frequencies of the identified ith modes are plotted against the filter size N;. The size of the dots represents the
relative variance of the individual modes, decreasing with higher filter size. The vertical line denotes the filter size at 300
which was selected for further analysis. The horizontal lines represent the frequencies extracted from the PSD of the pressure
signals. The blade pass frequency is also plotted, demonstrating that no modes are identified at this frequency for any filter
size.

This behaviour becomes more evident when examining the PSD of the time coefficients across different filter sizes, cf.
Figure 4. For a sensible comparison, we take the modes for each filter size, which corresponds to the frequency St; and
Sto, respectively. Again, the vertical lines are the frequencies from the peaks of the piezoelectric transducers. Figure 4 (a)
illustrates the filter coefficients associated with St;, while Figure 4 (b) presents those corresponding to St,. With a filter size
of 50, the two modes are not distinctly separated, as evidenced by the two broad peaks around St; and St,. Consequently,
the dynamics of these modes become intertwined. As the filter size increases to 400, the peaks become narrower, while the
spectral content diminishes at higher frequencies in Figure 4 (b) and at both lower and higher frequencies in Figure 4 (a). An
effective approach for selecting the appropriate filter size is to choose the smallest value at which no spectral content from
other flow structures is apparent in the spectrum, [20]. For a filter size of 300, this condition is satisfied, keeping in mind that
the scale is logarithmic. In the DFT case, with Ny = 8001, the peaks are well identified; however, the variance is dispersed
across other frequencies, and variations in both frequency and amplitude cannot be detected.

In contrast, SPOD is well-suited for transient analysis. The real and complex components of the time coefficients for
modes 1 and 2 are shown in Figure 5. Figure 5 (a) to (d) reveals that the modes are not consistently present over time. Between
t’ = 100 and 140, mode 2 becomes dominant, while mode 1 weakens, indicating that these modes occur exclusively. This
variation in amplitude demonstrates that the modes occur intermittently. The Probability Density Function (PDF) of the
Strouhal number at the right hand side of Figure 5 (b) and (d) shows the slight modulation in frequency. The corresponding
amplitude-weighted mean and standard deviation is also given.

The tendency of the modes 1 and 2 to occur exclusively becomes particularly evident when plotting the real part of the
time coefficient of mode 1, 8?(51), against the absolute value of the time coefficient of mode 2, 52 , as shown in Figure 6.
When mode 2 is weak, indicated by a low amplitude |l~)2 |, mode 1 exhibits strong fluctuations, as reflected by the real part of
the time coefficient (b, ). These fluctuations tend to diminish as |bs| increases.

We now analyse the correlation between mode 1 and mode 3. Given that the latter has approximately half the wavelength,
as shown in Figure 2, and exhibits twice the frequency, with St; = 0.61 and St3 = 1.15, this suggests that mode 3 could be
a harmonic of mode 1. The Lissajous figure, real part of the time coefficient by against the real part of the time coefficient
bs, exhibit an eight-shape, indicating that there is a phase relation between mode 1 and 3, see Figure 7 (b). However,
without the red averaged curve over the cycles, this relationship would not be immediately apparent to the unaided eye. For
completeness, the real and imaginary parts of b; are plotted to illustrate the shrinking and growing cycles, highlighting the
intermittent behaviour of mode 1, see Figure 7 (a).
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Fig. 4 The PSD of the real part of the time coefficients for varying filter size. For a sensible comparison, the modes

corresponding to St; and Sty from the piezoelectric transducers are taken, since the order of the modes for varying filter
sizes changes.
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Fig. 5 (a) and (c) Complex time coefficients for mode 1 and 2 for a filter size of Ny = 300 and (b) and (d) the Strouhal
numbers for mode 1 and 2 over time calculated from the complex time coefficients, respectively. The colourmap indicates
the absolute value or the amplitude. The grey-filled area is the envelope of the real and complex part of the time coefficient,
which equals the amplitude. The Probability Density Function (PDF) is calculated from the time-varying Strouhal number.
1(St;) and o (St;) are the weighted mean and the weighted standard deviation, respectively.
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Fig. 6 The real part of the time coefficient of mode 1, %(51), plotted against the absolute value of the time coefficient

of mode 2, |52|, highlights their intermittent behaviour. The colourbar represents the absolute value of |51\ to enhance
visualisation.
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Fig. 7 The Lissajous figure of the real part of the time coefficient by for mode 1 is plotted against (a) its imaginary part,
and (b) the real part of the time coefficient b3 for mode 3. The time coefficients are normalised by their variance. The red
lines are the phase-average over the cycles.

Further analysis following the procedure in [20] confirms that modes 3 is a harmonic of mode 1. We plot the phase
angles of mode 1 and mode 3, p; = arg(b) and @3 = arg (bs), respectively, against each other in Figure 8 (a), and
display the histogram of the phase difference 2 o1 — 3 as a density plot in Figure 8 (b). Since these modes are harmonics,
the phase angle dots for ¢; and 3 are arranged along three primary diagonals, as seen in Figure 8 (b), and the histogram
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Fig. 8 Correlation between the phase angle of mode 1 and mode 3. (a) Phase angle (3 against 1, (b) histogram of the
phase difference between mode 1 and 3.
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exhibits distinct peaks, indicating a clear phase relationship between the two modes. Given that this trend is not consistently
observed, it can be concluded that modes 1 and 3 are not perfectly coupled. It is possible that the harmonic lags behind or
exhibits an ill-defined phase difference. Due to the highly transient nature of the flow, the coupling between these modes
remains weak.

We proceed by applying extended SPOD (eSPOD) using the pressure data from the piezoelectric transducers. The cor-
relation, as defined in eq. (2), between the time coefficients of modes 1 to 10 and p; and ps is shown in Figure 9 (a) and
Figure 9 (b), respectively. Since the high-speed imaging is conducted at a lower frequency than the pressure measurements,
the time coefficients must be upscaled accordingly. The pressure signal p; shows a stronger correlation with the time co-
efficient of mode 2, 52, compared to its correlation with p2. To visualise this, we plot the time curve of 3%(52) alongside
p1, where mode 2 exhibits a strong presence, as indicated by a high amplitude |bs|, specifically in the range ¢’ = 90 to
150, as shown in Figure 10. The prime symbol (-)’ in Figure 10 denotes that a signal y(t) is normalised according to
[y()] = {y(t) — ply(t)]}/oly(t)], where x and o represent the mean value and standard deviation, respectively. Dividing
the complex time coefficient of mode 2, ba, by the Pearson correlation coefficient r;, - , yields the phase-shifted time coef-
ficient, as illustrated by the blue line in Figure 10 (a). It becomes evident that the time coefficient closely follows the same
trend as the pressure signal.
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Fig. 9 Results of the eSPOD. The absolute value of Pearson correlation coefficient between the time coefficients and (a)
the pressure data p; (¢) and (b) the pressure data po(t).
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Fig. 10 The pressure signal and the real part of the time coefficient, as well as the phase-shifted time coefficient using
Pearson correlation coefficient for (a) mode 2 and p;, and (b) mode 4 and ps. It is evident that the time coefficient follows
the trend of the pressure signals.
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Applying the same procedure using the time coefficient of mode 4, by, and P2, we observe that mode 4 follows the
trend of p,. However, mode 4 alone is insufficient to fully reconstruct the signal. The results from the eSPOD analysis
are consistent with the observations from the SPOD spectrogram and the pressure data’s PSD, as shown in Figure 2. The
frequency at which mode 4 appears is not evident in p; but is clearly visible in p2, explaining the stronger correlation of
b4 with py rather than with p;. It should be noted that the high-frequency components, observed in the pressure signals
as peaks and rapid variations, cannot be reconstructed using the time coefficients, as the high-speed data are recorded at
a lower sampling frequency. These peaks are caused by condensation shocks occurring during cavitation. However, the
low-frequency variations, such as cloud shedding, can still be detected.

Conclusions

Spectral Proper Orthogonal Decomposition was applied to decompose time-resolved high-speed images and identify the
dominant coherent spatial structures and their corresponding frequencies. The chosen operating point exhibited intermittent
and multi-modal behaviour. SPOD successfully identified the two dominant shedding modes from the high-speed recordings,
whereas classical methods like POD and DFT failed. We demonstrated this by varying the filter size, allowing a continuous
transition between POD and DFT. Setting the filter size appropriately is crucial, as it requires balancing the loss of variance
(or turbulent kinetic energy in the case of velocity data) with the need to effectively decompose individual physical modes.

A key advantage of SPOD is its ability to conduct transient analysis, unlike other methods that require more data to
capture the dominant structures. SPOD is particularly well-suited for transient analysis, as it does not demand large datasets
but rather requires the inclusion of relevant dynamics. The transient analysis revealed that the two dominant modes, with
higher and lower frequencies, St; = 0.61 and Sty = 0.14, occur exclusively. This was further validated by examining the
time coefficients and plotting them against each other. Additionally, a high-frequency mode 3 was identified as a higher
harmonic of mode 1 through the use of Lissajous figures and phase analysis.

We further applied extended SPOD to incorporate pressure data from two piezoelectric transducers. This allowed for the
modal representation of additional quantities that were recorded simultaneously with the decomposed data, equivalent to the
Pearson correlation coefficient. It was evident from the time curves that, when strong correlations exist between the pressure
data and the time coefficients, their trends closely follow each other.

Both SPOD and eSPOD provide a robust framework for physically meaningful data decomposition, aiding in the under-
standing of the underlying physical mechanisms.
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Chapter 14
Crack Detection and Localization in Thermoelectric Wafers
using Vibroacoustic Excitation

Thomas C. Magee, Angel F. Bravo, Sterling B. Rawls, John J. Greenhall, Nicholas A. ]J. Lieven, Milo G. Prisbrey,
and Neel Shah

Abstract Thermoelectric materials convert electrical energy to thermal energy and vice versa via the Peltier and Seebeck
effects. These thermoelectric wafers have applications such as radioisotope thermoelectric generators (RTGs) in spacecraft
and solid state refrigeration systems. However, thermoelectric wafers are brittle and thus susceptible to microscopic crack-
ing during manufacturing, which compromises the thermoelectric conversion efficiency and the structural integrity of the
material in service. Cracks in the wafers are traditionally detected and localized via manual human-inspection (i.e. via mi-
croscopy), which is time intensive and prone to human error. Alternatively, acoustic resonance can be employed to detect
cracks, which affect the natural resonance modes of the wafer. In these techniques, crack detection involves measuring the vi-
bration amplitude at a single location on the wafer surface across a range of ultrasonic excitation frequencies. High vibration
amplitudes corresponding with resonance modes that are dependent on each sample’s geometry, and thus change if cracks
are present. In this work, we extend the capabilities of previous acoustic resonance techniques to include crack localization
capabilities while reducing scan times by identifying and measuring the mode shape for a small number of resonance fre-
quencies. When a crack is present near an antinode of a resonance mode, where the vibration amplitude is maximum, a sharp
discontinuity is present in the measured mode. We present a method to automate the crack detection and localization process
using image processing methods to detect the discontinuities within the measured modes. We demonstrate the technique
experimentally on thermoelectric wafers (N=31), for which we achieve a detection accuracy of 90.3% and localization error
of 2.2%. Additionally, the new technique enabled measuring crack length with 17.8% error, compared to manually inspected
microscope scans.

Keywords thermoelectric - vibroacoustic - crack - detection - localization - frequency response

Introduction

Thermoelectric materials (TEMs) have wide ranging applications in solid-state electronics. Thermoelectric compounds, such
as Bismuth Telluride (Bis Tes), are capable of the interconversion of electrical and thermal energy via the Peltier and Seebeck
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effects [1]. As a result, thermoelectric wafers are found in numerous applications ranging from microprocessor coolers and
medical devices to solid-state refrigeration systems and radioisotope thermoelectric generators (RTGs) in spacecraft [1], [2].

TEMs such as the BisTes samples discussed in this paper are initially manufactured as thin wafers (roughly 0.5mm
thick) that are sectioned into smaller constituents to match the scale and operational parameters of different thermoelectric
modules. Due to the manufacturing process and intrinsic characteristics of TEMs (especially BisTes), the wafers are brittle
and are susceptible to cracking. The presence of cracks in TEMs greatly reduces the efficiency of the electrical-thermal
interconversion by preventing optimal current and thermal flux across the wafer [1]. However, processing cracked TEMs
to the point at which the current and thermal flux can be measured would result in substantial losses in terms of cost and
production time. Thus, it is paramount that cracks are detected in TEMs early in the production process so the wafer can be
discarded or undamaged sections can be salvaged.

Current state-of-the-art methods for detecting cracks in the wafers include inspection via optical microscopy [3], X-
ray micro computed tomography (micro-CT) [4], and single point ultrasound assessment [5], [6]. In optical microscopy
examination, each wafer is examined manually in the search of cracks and surface defects. However, it is time intensive and
subject to errors due to various lighting conditions and surface defects or variance in operator skill. While advancements
have been made in the automation of microscopic examination and analysis [7], the process is still limited in application
to thermoelectric wafers due to the aforementioned reasons. X-ray micro-CT is capable of detecting cracks where density
of air within the crack is much lower than that of the wafer. It, however, has limited scanning resolution of 50-100 pm,
which can result in cracks smaller than this limit being missed. It also requires excessive scanning time (often >24 hrs) and
expensive equipment [4]. Alternatively, ultrasound has been used to detect microcracks based on changes in the measured
frequency response [6], [8]. When cracks are excited, the wafers exhibit Contact Acoustic Nonlinearity (CAN) wherein
the vibrations cause the cracks to periodically open and close, resulting in nonlinear artifacts in the measured frequency
response.

Frequency response analysis of a single-point ultrasonic excitation can inform whether or not a crack is present in the
wafer but cannot localize cracks. To localize the cracks, the vibrational modes must be measured by scanning over the surface
of the wafer. This can be achieved by exciting the wafer over a range of frequencies via chirp burst or frequency-sweep. The
frequency response across the wafer surface is measured one location at a time using a laser Doppler vibrometer (LDV),
which uses either a mechanical stage to scan the wafer or mirrors to adjust the laser position. This results in a measurement
of the frequency response across the entire wafer over a range of user-specified frequencies. Scanning times for this process
are dependent on the resolution and range for both frequency and spatial dimensions, but tend to be on the order of 1-2 hrs
for the measurement parameters necessary to detect cracks in TEM wafers. As a result, crack localization using traditional
LDV methods is infeasible for the production rates needed in an industrial manufacturing setting. Greenhall et al. employed
the ultrasonic frequency-sweep method with a mechanical stage to detect cracks in thermoelectric wafers [6]. Results from
Greenhall’s method, which will be referred to as the mechanical scan method for the remainder of this paper, were used to
develop the foundations of the presented crack detection and localization technique.

To implement ultrasonic crack detection and localization with reasonable scanning times for production-scale quality
control, we present a new scanning method, wherein we use an LDV to perform spatial sweeps over the sample excited at
a small number of preselected resonant frequencies. This significantly reduces the amount of time that the LDV needs to
measure each point on the wafer. In doing so we are able to scan over wafers in minutes instead of hours or days. Additionally,
we have developed an algorithm employing image processing methods to detect and characterize any present cracks with
respect to location and size. A more complete description of this scanning technique, along with the methods applied to
determine the critical excitation frequencies for each sample and subsequent post processing, is further described in § 2.
Results of this novel technique are presented in § 3 and concluding remarks are presented in § 4.

Methods

When a wafer is excited at a resonance frequency, the resonance mode, i.e. vibration pattern of the wafer, can be recorded
by measuring the vibrations across the surface of the wafer with a scanning LDV. When a crack is present near an antinode,
where the vibration amplitude is maximum, discontinuities are observed in the measured vibrational response at the crack
location. This discontinuity can be exploited in image processing to detect and localize cracks. To determine the full length
of a propagated crack this technique requires high vibration amplitude at all positions where cracks may be present. To
detect cracks throughout the wafer, multiple resonant frequencies must be measured to obtain a variety of mode shapes,
so that all areas of the wafer will contain an antinode for at least one resonance mode. This could be completed using
previously mentioned ultrasonic methods, which excite a broad range of frequencies, but these incur long measurement
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times. Additionally, these methods measure responses between resonance frequencies, resulting in extreme datasets of mostly
low response. Thus, we present a measurement method that only measures responses at select resonance frequencies, which
drastically reduces the required measurement time. This technique builds off of Los Alamos National Lab’s Acoustic Steady-
State Excitation Spatial Spectroscopy (ASSESS) used for structural health monitoring and thickness estimations in a variety
of materials and geometries [9].

This section will describe the setup and execution of the spatial scan process referred to as rapid resonance mode scan-
ning. It will then explain how the chosen excitation frequencies of the wafer are determined via reduced-scan single point
ultrasound assessment. With an understanding of how the new experimental data are obtained, this section will then describe
the image processing techniques applied to the resonance mode scan data to isolate, detect, and locate any cracks present on
each analyzed thermoelectric wafer.

Rapid resonance mode scanning

In rapid resonance mode scanning, a thermoelectric wafer is excited at a single resonance frequency and the LDV scans
over a rectangular region extending past the wafer’s edges as to measure a single resonance mode shape. For each wafer, we
repeat this process at four resonance frequencies, resulting in four resonance mode shapes. An example collection of mode
shapes at each frequency is shown in Fig. 2. Here, the four resonance frequencies are selected to ensure that all potential
crack locations are sufficiently close to an antinode so that they will be excited by at least one resonance mode, while also
keeping the number of excited resonance frequencies low to reduce the scan time (see § 2.2 for details).

From the four resonance mode shapes in Fig. 2, we observe discontinuities in the upper- and lower-left corners, which
correspond to known crack locations. We also observe that each frequency used produces different mode shapes through the
wafer that highlight cracking in different locations on the wafer. This qualitatively illustrates how ultrasound mode shape
imaging enables crack detection and localization (see § 2.3 for details).

Selection of excitation frequencies

Before a wafer’s resonance mode shapes are measured, the resonance frequencies are experimentally determined for each
sample. The selection of various resonant frequencies ensure that the every location on wafer is sufficiently close to an
antinode of at least one resonance mode to ensure detection of cracks anywhere on the wafer. To measure the resonance
frequencies of the wafer, we average the frequency response measured over a range of frequencies at three locations along
the wafer diagonal, as shown in Fig. 3. Here, we excite the frequency range from 6kHz to 40kHz, which was empirically
selected because it was found to contain resonances with antinodes that were sufficiently distributed across the sample
geometry.

. Laser vibrometer
Galvo mirrors

Ultrasound Function generator PC
transducer

Fig. 1 Schematic of the experimental setup used in the rapid resonance mode scanning technique. A thermoelectric wafer
(BiyTegy) is placed in point-contact on an ultrasound transducer, balanced by foam supports. An LDV scans over the wafer
surface using a set of galvo mirrors driven by a galvo controller. A function generator is used to excite the transducer at each
resonance frequency, one at a time. A single computer controls the instruments and simultaneously records data obtained
from the LDV.
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28 kHz

Fig.2 Sample results of the rapid resonance mode scanning process. LDV scan outputs of a wafer scanned at four distinct
resonant frequencies with modulated intensity to normalize the response amplitude. The varied mode shapes are selected
to excite the full length of any possible defects in the wafer, which are present in the upper and lower left portions of the
sample.

Fig. 3 Microscopic image of a sample with an overlay of 3 point locations along the diagonal. The three points along the
diagonal are assessed using the LDV to obtain resonance peaks in an approximate frequency response.

The three measurement locations were selected to accurately measure the true resonance frequencies with a minimal
number of measurement locations to reduce the overall measurement time. To determine the specific locations, the frequency
spectrum was measured from 6 kHz to 40 kHz across the entire wafer surface for multiple wafers using chirp excitation and
mechanical scanning. An example of this scan at a single frequency is shown in Fig. 4, where a cracked wafer is shown at a
specific resonance frequency (28kHz). By averaging over all scan locations, we are able to obtain the frequency spectrum for
the wafer, as shown in Fig. 5. Averaging is done here to ensure that all resonances are detected, even if they are missed by a
measurement at a single location, i.e. if that location contains a resonance mode node. However, averaging over a scan of the
entire wafer results in long data collection times (often > 2 hours), which would reduce the applicability of the technique.

To obtain a sufficiently accurate approximation of the mean wafer behavior without scanning the entire wafer, we identify
a small number of locations whose average frequency spectrum matches that of the overall wafer spectrum. Previously
collected mechanical scans were analyzed to determine which points in the wafer geometry most accurately represent the
mean wafer response across the full excitation spectrum. This was done by comparing the frequency response at each
location to the total mean wafer response via Mean-Square Error (MSE). The total wafer response was calculated by spatially
averaging each pixel’s frequency response over the entire sample. The MSE process can be described as
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Fig. 4 Example of scan produced from the previous mechanical scanning technique on a cracked wafer at 28kHz. The
assessment at the resonant frequency results in greater discontinuities at the edges of the wafer and regions of the cracks
near anti-nodes. The presented scan was collected over a period of 2 hours.

Normalized Response
amplitude (a.u.)

6 kHz Frequency 40 kHz

Fig. 5 Normalized frequency response of the full sample scan shown in Fig. 4. The normalization process performs a
spatial average of the frequency response while incorporating scan data taken from the ultrasonic transducer below the wafer
(on the outer bounds of the scan).

1 N
Q= ;(ai —a)?, (1)

where a is the MSE, N is the total sample size, a; is the frequency response at location ¢, and @ is the spatially averaged
frequency response of the analyzed sample. Equation 1 was applied to frequency responses of 13 previously analyzed wafers.
From this analysis it was determined that points along the diagonal of the wafer geometry, presented in Fig. 3, most accurately
represented the mean response.

Figure 6 shows an example mean response spectrum (blue) from the entire wafer compared to the combined response
(red) from the three locations shown in Fig. 3. We observe that using three measurement locations results in dominant reso-
nance frequencies that are equivalent to those of the entire wafer. From the approximated response using three measurement
locations, excitation frequencies for the rapid resonance mode scans can be selected.

We use the mean frequency response to identify the resonance excitation frequencies used to measure the resonance mode
shapes. We select resonance frequencies that will produce high vibration amplitudes throughout the wafer to ensure that
cracks anywhere on the wafer will be detected. It is known that a response maximum is observed at a resonance frequency,
but performing scans at resonance frequencies relatively close to each other (eg. peaks at 28kHz and 29.5kHz) have similar
mode shapes and will therefore interrogate the same regions of the wafer. Selection criteria for the specific modes are based
on spacing, prominence, and amplitude of the resonance peaks to ensure interrogation along the full length of any present
defects.
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1 H H i —— Combined response
—— Mean response

amplitude (a.u.)

Normalized Response

6 kHz Frequency 40 kHz

Fig. 6 Normalized frequency response of the full sample (blue) compared to the normalized approximate response from
three points along the wafer’s diagonal (red). In the approximate response, resonance peak behavior is conserved. Selected
excitation frequencies for the rapid resonance mode scan (blue-dashed) are selected under spacing, prominence, and ampli-
tude criteria.

The approximate mean response obtained from the three-point ultrasound assessment is used to select excitation fre-
quencies for rapid resonance mode scanning. The selection of the assessment points used to create the approximate mean
response is bolstered by MSE analysis of data collected using the mechanical scanning technique and is used to obtain wafer
response characteristics in a fraction of the collection time previously required. The series of rapid resonance mode scans
are performed at the selected excitation frequencies and image processing techniques are applied to detect, localize, and
measure crack length and location on the resultant composite scan.

Image processing and crack localization

Following the spatial scanning process resulting in the scans presented in Fig. 2, each sample’s scans undergo a series of
image processing techniques to analyze the wafer and isolate any defects present on the sample. By searching for discontinu-
ities in the samples response amplitude, the edges of the wafer and any cracks are qualitatively observed. An edge detection
algorithm is applied to mask the edges of the wafer. This process isolates any defects present within the bounds of the wafer
so that the discontinuities due to the edges of the wafer are not classified as cracks later on in the process. After masking
the edges and detecting existing cracks on the wafer, the processed image then undergoes a series of quantification measures
that automatically locate the centroid of the detected crack and calculate its length.

Prior to applying any form of image processing, a series of quality checks are performed on each of the four mode
shape measurements to ensure that no detrimental artifacts are present that would reduce the accuracy of the processed scan.
Quality checked scans then go through a series of edge and crack detection processes that enable the isolation, localization
and quantification of any cracks.

Scan pre-processing

A common form of artifacting present in non-intrusive ultrasonic assessment with an LDV is classified as “chatter”. Chatter
can occur in both cracked and uncracked wafers when high excitation amplitudes from the ultrasonic transducer result in
intermittent contact between the sample and transducer [6]. When present, chatter results in a high level of noise in the spatial
scans and a distinct set of nonlinear response characteristics. When performing the spatial scans, the transducers excitation
amplitude was tuned to maximize response amplitude without inducing chatter.

Another form of artifacting that occurred during this scan process was induced by scan speed limitations in the rapid-
scan setup. If spatial scans were performed to quickly, horizontal artifacting would present on the resulting scan. The speed
induced artifacting caused high response gradients that would be detected as cracks in the detection process and therefore
limited the scan speed of the setup.

While there are other forms and causes of scan quality depreciation, those previously mentioned were most commonly
addressed in the scanning process. Each recorded spatial scan was manually inspected for quality prior to being sent through
the crack detection and localization process. The use of high quality scans in the crack detection process is necessary for
accurate detection and localization of sample defects.
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Edge detection and masking

Following the pre-processing quality check of the four scans preformed for each sample, an edge detection algorithm is
applied to each scan. Based on mode shapes in the response, some of the images emphasize the edge of the wafer while
others emphasize the crack present in the sample. This algorithm sums the four scans and returns a composite image with
the combination of the modes where we can now see both the edges of the wafer and the cracks, as shown in Fig. 7.

Fig.7 Combined image of different modes extracted from the tests.

A bilateral filter is then applied to the composite image. The bilateral filter applies a Gaussian blurring to the image
while preserving high gradient discontinuities [10]. Presented in Fig. 8, this process reduces any leftover artifacting while
preserving the edges of the wafer and any present defects.

Fig. 8 Combined image with the bilateral filter applied.

A Canny edge detection function is then applied to the filtered image. The edge detection function serves to mark the
edges of the wafer by returning a binary image of the high gradient regions of the input image [11]. Gaps were present in
the edges of the sample after applying the Canny edge detection function at regions where the scan discontinuity at the edge
was below the specified parameter. If the parameter was lowered past a critical value, mode shapes as those shown in Fig. 8
would be detected as edges. To accommodate the gaps left from the Canny edge detection, a convex hull was applied to the
binary image.

Convex hull is an image processing technique that connects the outermost points in a binary image to enclose an area
of interest [12]. In this specific application, the convex hull is applied to define the geometry bounded by the wafer’s edges.
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A perimeter detection algorithm is then applied to the binary image produced by the convex hull. This process isolates the
outermost pixels of the wafer geometry leaving only the edges of the wafer. The result of the convex hull and perimeter
isolation is presented in Fig. 9. This perimeter is then used to mask the edges of the wafer in the crack detection and
quantification process.

Fig. 9 Perimeter of the wafer obtained after applying convex hull and perimeter detection to the combined image after
bilateral filtering is applied.

Crack detection and quantification

The edge detection and masking process serves to produce a bilateral image that enables the isolation of cracks present on
the wafer sample. Before this image can be used, a series of processes need to be applied to the original spatial scans before
the cracks can be isolated. The four spatial scans of the sample will each go through the bilateral filtering and Canny edge
detection process to emphasize both the edges of the wafer and any present defects [10] [11]. For this process, each of the
filtered images will go though the Canny edge detection with varied thresholds. The independent selection of thresholds for
the four resonant scans enables the user to select the threshold that best shows the edges and defects on the wafer. Different
thresholds will result in different produced crack lengths. Each resonance mode scan is put through the varied threshold edge
detection process independently and the four resulting binary images are combined to a single composite that produces a full
image of the cracks and edges. The result the composite binary image is shown in Fig. 10.

Fig. 10 Composite binary image of a wafer with cracks displaying both wafer edges and cracks present within the bound-
ing geometry. This image is produced by applying Canny edge detection to each resonance mode scan independently and
combining the resultant images.
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The composite binary image produced from the four mode shape measurements will then have the edges of the wafer
masked to isolate the cracks within the bounding geometry. The binary perimeter of the wafer shown in Fig. 9 is subtracted
from the composite image of the full wafer. A morphological close function is applied the internal defects of the wafer
remaining on the resulting binary image. The morphological close function serves to enclose the fine regions outlined by the
bounds of detected cracks, essentially adding mass to their shape in the image [13]. The resulting binary image, depicted in
Fig. 11, isolates the cracks and depicts the centroid locations of the detected defects.

With the internal defects of the wafer isolated and weighted in the binary image, the cracks can be quantified in both
location and size with respect to the wafer geometry. The centroids are defined at the center of mass for each crack detected
by the algorithm. coordinate locations of each centroid are recorded. Crack size is measured by calculating the distance
between the end points of each detected crack.

Fig. 11 Binary image of the detected cracks on a sample after the edge masking and morphological filters are applied. The
centroids of the detected cracks are calculated and shown as red stars.

By applying this series of image processing filters and techniques, cracks detected on scanned wafer samples are isolated
and measured in both location and size. To verify the validity and accuracy of this technique, results are compared to a
ground truth of manually assessed microscopic data.

Error quantification

To calculate the error of the algorithm, LDV scans of the new technique were compared to microscope scans for each wafer
tested. The automatically detected cracks found in the LDV scans were compared in lenght andlocation to microscope scans
that were manually mapped to find each crack and centroid coordinate location. By scaling the dimensions of the high
resolution microscope scan to that of the LDV scanning technique, the centroid location determined by the image processing
algorithm on the ultrasound can be compared to the centroid location of the scaled microscope scan. Centroid localization
error is calculated as the distance between the two centroid locations as a percentage of the wafer length. The calculation of
localization error percentage, dr, can be described as

M -100%, 2)

or = .

where C_"L and ém are the centroid locations of the cracks found, and L,, is the measured length of the wafer. Similarly, the
percent error associated with the detected crack length can be written as d/ described by Eq. 3

_ 1Al
Lo

ol - 100%, (3)

where Al is the difference in scalar length of the cracks from endpoint to end point in comparison to the microscopic
assessment.
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Results and Discussion

Performing these calculations on 31 scanned samples of Bismuth Telluride wafers, the new scanning technique correctly
identified 28 cracked wafers resulting in a 90.3% accuracy. Of the remaining wafers there was 1 false positive and 2 false
negatives.

Of the 28 correctly identified wafers, the scanning technique located the centroids of each crack with a 2.2% discrepancy
between centroid location detected using traditional microscope scanning. Centroid location error is calculated using Eqn. 2.
Furthermore, the scanning technique yielded 17.8% error in detected crack length with respect to analyzed microscope imag-
ing. Crack length error is calculated using Eqn. 3. The new technique was also less susceptible to incorrect characterization
caused by surface defects.

The time required to obtain a full response profile of individual samples was recorded at an average 15 minutes per
wafer. This time includes the initial setup of the sample and scanning equipment, point scan and resonance frequency
determination, and finally the rapid resonance mode scanning at steady state excitation. This scanning time can be further
reduced by implementing an automated process to determine the resonant frequencies and input them into the resonance
mode scanning algorithm.

Upon further inspection of the scans yielding false negative results, both cracks are observed to exist close to the edge
of the wafer (<0.25 mm) and propagate parallel to the edge. It is hypothesized that the processes applied to detect and mask
the edge currently limit the accuracy of the algorithm to regions inside the bounds of the masking area.

The methods used to determine the assumed ground truth could also contribute to the 17.8% error in detected crack
length. The assessment of wafer samples via composite microscopic imaging is still subject to error by surface defects and
user experience. To increase confidence in the ground truth, more robust methods such as the micro-CT can be employed to
verify true crack length on chosen samples.

Concluding Remarks

This paper presents a rapid non-intrusive crack detection and localization technique for thermoelectric wafers. The tech-
nique builds on recent developments of vibroacoustic excitation for crack detection using a laser Doppler vibrometer to
assess vibration responses at various resonant modes. To reduce scan times at increased resolutions, this method employs a
galvo mirror controlled LDV beam to perform rapid resonance mode scanning at steady state excitation frequencies. These
scanning frequencies are determined by constructing an approximate mean response of each sample by inspecting the fre-
quency response of individual points across the wafer geometry when excited by an ultrasonic chirp signal (6kHz - 40kHz).
After performing rapid resonance mode scans at four resonance frequencies selected from the approximate mean response,
a series of image processing techniques isolate detected cracks and quantify the location and length with respect to the wafer
geometry. While this process can be further developed to increase automation in image processing and scanning frequency
selection, this technique has proven to detect and locate cracks with significant accuracy while reducing reliance on more
labor intensive and time consuming processes.
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Chapter 15
Investigating Repeatability of Complex Dynamic Structures
with Stochastic Joints

Casey Whitworth, Nicholas Pomianek, Enrique Gutierrez-Wing, Trevor Jerome, and J. Gregory McDaniel

Abstract Understanding and modeling the interfacial dynamics of bolted joints has been the subject of many studies in pre-
vious years. However, the effects of increasing the number of bolted joints in a structure on its repeatability and variability
has been far less explored. This study investigated these effects utilizing two long beams with a varying number of shorter
beams joining them together. The cross-sections of all beams were L-shaped. Two structures with varying geometries and
numbers of bolted joints were constructed and tested. Each structure was re-assembled and tested three times. To assess
repeatability of more than two transfer functions, a Normalized Standard Deviation Metric (NSDM) is proposed and used
to quantify the frequency-dependent similarities of multiple transfer functions. Based on this metric, it was found that a
structure with twenty joints is more repeatable, and thus more predictable, than a structure with four joints when they are
constructed of the same commercially available parts.

Keywords Joint mechanics - Repeatability - Variability

Introduction

The goal of this work is to investigate the relationship between the number of mechanical joints and the repeatability of
measurements for multiple assemblies of the same parts. This goal is motivated by previous work [1] showing that measured
transfer functions for multiple assemblies of a structure with a single joint exhibit random variations over reasonably large
frequency ranges. These stochastic joints defy deterministic models and are thus unpredictable. However, it is possible that
the presence of several stochastic joints might make measured transfer functions more repeatable by effectively averaging
over the stochastic joints and therefore converging to a mean value.

For a relatively recent introduction to the field of joint mechanics, see [2]. One goal of research in joint mechanics is
given in the beginning of [2] as “... the development of a predictive model for the interfacial dissipation and stiffness of a
joint.” Overviews of research on jointed structures are given in [3] and [4]. The former includes perspectives on the need for
research on joint mechanics and presents several challenges. Of these challenges, the present work pursues “advancements
in physics for predictive capabilities” and “advancements in numerical and stochastic techniques.” Experimental approaches
and issues for mechanical joints are discussed extensively in [5]. Future work in this area is explored in [6], including a
discussion of the repeatability question pursued in the present work.

Three specific areas of research are of relevance to the present work, so previous work in these areas will now be
reviewed. The first of these is the design of test structures used in experiments with the goal of increasing our understanding
of joint mechanics. A variety of test structures have been proposed, fabricated, and experimentally studied to understand
various phenomena occurring in the dynamic excitation of mechanical joints. Six test structures are presented in [7] . One
of them is the Brake Reull Beam [1], which is a lap joint with square beam members joined by three bolts on the beam axis.
Zaman et alia [8] also presented test structures composed of beams and plates bolted together. The beam structure consisted
of two beams connected by strips running parallel to the beams which were attached with two bolts. These test structures
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feature a smaller numbers of joints. However, the test structures presented in [9] feature a relatively large number of joints.
That work was concerned with understanding the damping due to the joints. It concluded that slip between interfaces at the
joint does not generally occur within operational excitations of the joint. For a test structure consisting of a chain of beams
connected by joints, it was found that damping in the joints was on the same level as material damping.

The second relevant research area is the repeatability of measurements on mechanical joints. Specifically, this area of
research is concerned with changes in measured transfer functions if the test structure is disassembled, reassembled, and
retested. The primary work in this area is by Brake and Reuf3 [1]. They presented a comprehensive study of three test
structures with identical shapes but varying construction. The first was a monolithic beam with no joints or bolts. The second
was a monolithic beam drilled with three holes and having three bolts secured with washers and nuts. The third test structure
was composed of two beams connected by a lap joint with three bolts secured with washers and nuts. The bolt holes, bolts,
washers, and nuts of the second and third test structures were identically placed. Measurements of transfer functions showed
that the first two test systems experienced a great deal of repeatability over a fairly broad frequency range. When the third
test structure was disassembled and reassembled, the transfer functions changed considerably. The transfer functions also
changed when the order of bolt tightening was changed. Cooper et alia [10] investigated the degree to which the far-field
properties of the structure affect the joint dynamics. The third and final relevant research area is the comparison of transfer
functions to quantify similarity. Although much work has been done on assessing the similarities of two transfer functions
[11, 12], it is less clear how to compare an ensemble of more than two transfer functions.

Test Structure

The test structure was constructed by attaching two long beams, each 6 ft long, to each other using a varying number of
1-foot long beams. All beams used in the structure had the same cross-section and came with arrays of holes for fastening.
A schematic of the test structure and test equipment is shown in Figure 3. A photo of the four-joint test structure is shown
in Figure 1 and a photo of the twenty-joint structure is shown in Figure 2. Commercially available parts used in the design
are listed in Table 1. The test structure was designed using commercially available parts that would typically be used by
engineers in construction so that the results could be immediately applicable to engineering practice and the structures could
be easily replicated by other researchers at a relatively low cost. The beams, nuts, washers, and bolts were all chosen from
a standard catalog of parts without any special machining or surface treatments. The L-shaped cross-section was chosen to
introduce complexity. The walls of the L-shaped beams were 0.188 cm thick. Each test structure used washers between the
head of the screw and frame and between the nut and frame. Joints were tightened with an instrumented torque wrench set to
a torque of 4 N — m. The accelerometer used was a PCB Model Y352C66 with a sensitivity of 100 mv/g. The instrumented
hammer was Dytran Model 5800B2 with a sensitivity of 98 mV /1bf. The accelerometer was attached to the beam using an
adhesive mounting base.

Fig. 1 Photograph of the 4 joint test structure used in this study.
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Fig. 2 Photograph of the 20 joint test structure used in this study.
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Fig. 3 Schematic of the experiments. The two impact locations marked by the symbol x very near the accelerometer.

Table 1 Table of components used to construct test structure

Part Material Dimensions
Bolt-Together Framing, L-Shaped Rail Zinc-Plated Steel 1—1/2inches x 1 — 1/2inches x 6t
Bolt-Together Framing, L-Shaped Rail Zinc-Plated Steel 1—1/2inches x 1 — 1/2inches x 1ft
Hex Head Screw Zinc-Plated Steel 5/16 inches-18 x 3/4 inches
Hex Nut Grade 2 Zinc-Plated Steel 5/16 inches-18
Grade 9 Steel Washer Zinc Yellow-Chromate Plated Steel | 5/16 inches Screw Size x 0.703 inches OD

Test Procedure

Vibration tests were conducted as follows:

1. One of the two structures shown in Figures 1 and 2 was chosen.
2. One of the two impact locations shown in Figure 3 was chosen.
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3. Five impacts were applied at that location, each impact being near the corner of the L-shaped cross section.
4. A new assembly was obtained by loosening and re-tightening all bolted joints to 4 N — m.
5. Steps 3 and 4 were repeated three times for each structure and each hit location.

Two impact locations were chosen because the resulting accelerances were expected to be affected by different propa-
gation paths of vibration. For the location near the accelerometer, the accelerance was expected to be a strong function of
the local dynamics. For the impact location far away from the accelerometer, the accelerance was expected to be a strong
function of the very long propagation path through most of the structure. It is understood that the two structures will have
different dynamics such as natural frequencies and mode shapes. However, both structures had many natural frequencies that
were excited over the frequency range of interest, therefore general conclusions about repeatability are valid as they did not
require identical modal properties.

Post Processing

The acceleration and force were measured over a period of 10s with a sampling frequency of 12 kHz, which was sufficiently
long that the acceleration signal had decayed to the noise floor by the end of the measurement. For each impact, a time
window of duration 12 ms was applied to the measured force with the window centered around the impact. An FFT of the
time signals was then applied to yield the frequency-domain acceleration a( f) and force F (f)- In what follows, the subscript
m shall refer to an assembly (1-3) and the subscript n shall refer to an impact (1-5). Accelerance for assembly m and impact
n was computed by

Amn(f):dmn(f)/ﬁmn(f)a (D

The average accelerance over all five impacts for assembly m was computed by

) =5 3 Amnlf). @
n=1

An average over all three assemblies was computed by
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Deviation of the real and imaginary parts from their means was computed by
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13
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m=1

The magnitude of the complex-valued standard deviation was computed as a frequency-dependent assessment of repeata-

bility,
o(f) =\/o2(f) + 2(f). ©6)

Equations (4) and (5) are recognized as the standard deviation formula used in statistics, however those equations were
used here for a very different purpose. While it is understood that the standard deviation in statistics requires an appropriately
large number of realizations to be meaningful, we only used the formula as a metric of repeatability that increases with
less repeatability. It is therefore a suitable metric even when the number of transfer functions is small, such as the three
accelerances (for varying assemblies) used here. A mean value p( of the accelerance magnitude was computed over all
frequencies and assemblies and used to normalize the standard deviation. The normalized standard deviation (NSDM) is

a(f) = o(f)/po- )
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Results

A central question was whether a sufficient amount of non-repeatability was present in the data to allow for comparisons be-
tween the two structures. This question is addressed in Figures 4 — 6, Figure 4 shows five impacts while Figure 5 shows three
assemblies. Visual comparison indicates that the repeatability between impacts was greater than the repeatability between
assemblies. This observation is confirmed in Figure 6, where two differences in accelerance are plotted. The first accelerance

Accelerance Magnitude (SI)

I I I I I I I I I
0 100 200 300 400 500 600 700 800 900 1000
4 Frequency (Hz)

Fig. 4 Plots of accelerance for five impacts. The numbers 1-5 denote different impacts. The impacts were at the same spot
near the accelerometer for the four-joint structure.
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Frequency (Hz)

Fig. 5 Plots of accelerance for three different assemblies, where each assembly accelerance has been averaged over five
impacts.The letters A, B, and C denote different assemblies. The impacts were at the same spot near the accelerometer for
the four-joint structure.
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Fig. 6 Plots of the differences between accelerances. The data labeled “Two Assemblies” is the difference between two
accelerances measured for two assemblies. The data labeled “Two Impacts” is the difference between two accelerances
measured for two impacts. The impacts were at the same spot near the accelerometer for the four-joint structure.

difference is between two assemblies, each averaged over five impacts and the second accelerance difference is between two
impacts of the same assembly. It is clear from this figure that that there was significantly more repeatability between impacts
than there is between assemblies, thus justifying the use of this data to compare repeatability for the four-joint and 20-joint
structures.

Figures 7 and 8 show the normalized standard deviation for the two-joint and four-joint structures. Figure 7 is for the im-
pact near the accelerometer and Figure 8 is for the impact far away from the accelerometer. While there is no clear difference

Near Accel
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——4 joints
gl ——20 joints| |
8 _

Normalized Standard Deviation
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Frequency (Hz)

Fig. 7 Normalized standard deviation metric, o( f), versus frequency for an impact near the accelerometer.
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Fig. 8 Normalized standard deviation metric, «(f) versus frequency for an impact far away from the accelerometer.

over the frequency range 0 Hz to 300 Hz, the four-joint structure generally has higher normalized standard deviation than the
twenty-joint structure over the range 300 Hz to 1000 Hz. A greater number of joints in the structure has made its dynamics
more repeatable and thus predictable. No significant difference is observed between the two impact locations shown in the
two figures.

Conclusions

It was experimentally demonstrated that the repeatability of a twenty-joint structure is higher than that of a four-joint struc-
ture. More work is necessary to determine if this result may be generalized to conclude that increasing the number of joints
results in an increase in repeatability. If so, one could approximately assess the repeatability of a structure a priori and have
a reasonable hope that a deterministic model will accurately predict its dynamics.

Comparison of our results to those of [13] suggests an interesting avenue of future research. The Brake Reufl Beam that
was studied in [13] consisted of two beams attached by a lap joint. The metal beams had a 2.5 cm square cross-section and
were attached to each other over a 12 cm region with M8 bolts. By comparison, the relatively thin L-shaped beams used in
the present study had walls that were 0.188 cm thick, making them 0.075 times the thickness of the Brake Reufl beam. In
comparison to the L-angle beams used in the present work, the beams in the the Brake Reul3 paper were orders of magnitude
stiffer. The dynamics of the structure in the present work were significantly more repeatable than the dynamics of the Brake
Reul3 beam. This may be due to differences in the relative stiffnesses of beams and bolts as well as the area of overlap.
For example, stiff bolts connecting flexible structures may be more repeatable than flexible bolts connecting stiff structures
because the former case produces a more consistent joint from one assembly to the next. Future work may investigate this
question by studying a collection of structures in which these properties are varied in a systematic way.

Acknowledgments We gratefully acknowledge the support of the Navel Engineering Education Consortium through Grant Number N00174-22-
1-0015.
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Chapter 16

Experimental Fluid-Structure Interaction of Airflow Over a
Cylinder with an Attached Cantilever Plate in a Wind Tunnel

D. T. Will and W. D. Zhu

Abstract The aim of this fluid-structure interaction work is to explore the vibration response of a stiff cantilever plate
attached to a cylinder in an AEROLAB Educational Wind Tunnel under an airflow excitation. An accelerometer-based ex-
perimental modal analysis is first used to determine the first three out-of-plane natural frequencies and mode shapes of the
experimental structure within a frequency band of 0-400 Hz. Using constant temperature anemometry with a wind tunnel
free-stream velocity of 10 m/s and a Reynolds number on the order of 2.1x10%, a single-channel hot-wire anemometer probe
is roved throughout the flow-field. The velocity variations in the airflow over the cylinder and cantilever plate are measured
and the data is processed to observe the mean airflow velocity around the structure. Then, the structure’s response to a free-
stream velocity of 10 m/s, yielding a maximum measured Strouhal vortex shedding frequency of approximately 40.3 Hz,
is measured using an accelerometer-based operational modal analysis to capture the first two natural frequencies and mode
shapes within a frequency band of 0-400 Hz.

Keywords Fluid-structure interaction - Modal analysis

INTRODUCTION

Fluid-structure interaction (FSI) can be defined as the dynamics of a structure’s response to an input caused by a working
fluid, such as air or water, coupled by the subsequent effects the structure has on that working fluid [1]. In the literature,
various test and numerical simulation configurations have been studied, including attached [2] or detached [3] splitter plates,
rigid or flexible splitter plates [4], and splitter plates placed either in front of [5] or behind [6] a circular cylinder. Other cases
studied include flow past a square prism [7], a cantilever plate with no cylinder [8], flexible wings in transverse gusts [9],
and shock-wave/boundary-layer interaction in supersonic flow [10]. Typical fluid mediums tested or simulated include air,
water, and other incompressible fluids such as glycerin [11]. For air, the range of Reynolds numbers examined was from
3.83x10* to 3.9x107 m~*, while for water and other incompressible fluids, the range of Reynolds numbers examined was
from 100 to 9.5x10°. Most FSI research in the literature focuses on large, nonlinear deformation of a structure, while the
current work examines small vortex-induced vibrations that are not visible to the naked eye. This work seeks to expand upon
the current research by studying the vibration of a rigid cantilever plate attached to a rigid cylinder using the measurement
techniques of experimental modal analysis (EMA) with roving impact hammer excitation and operational modal analysis
(OMA) with airflow excitation and a roving accelerometer. Further, the flow field around the cylinder and cantilever plate
will be examined using constant temperature anemometry (CTA), or hot-wire anemometry, to understand the mechanism by
which vortex shedding excites the test specimen.

Background

The design for the experimental setup was developed given size constraints for the experiment in an AEROLAB Educational
Wind Tunnel (EWT) where the test section is 304.8 mm wide, 304.8 mm tall, and 609.6 mm long [12]. The cylinder diameter
selection was determined by a tradeoff between manufacturability and vortex shedding frequency. The frequency, f, of vortex
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shedding over a cylinder is calculated using the Strouhal number, St, [1]

_ StxV

I==5

ey

where V is the airflow velocity, D is the diameter of the cylinder, and the Strouhal number is given by Massey and Ward-
Smith [13]

19.7
St =0.198 <1—Re>,250<Re<2x105 )
or by Modarres-Sadeghi [1] as St = 0.2, 300 < Re < 300,000. The Reynolds number, Re, is defined by [14]
VD
I

where p = 1.204 % and p = 1.825 % 10~° ylqué for air at normal temperature and pressure, i.e., air at 20°C and 101,325 Pa.
The Reynolds number of air over a cylinder plotted as a function of the air velocity for various cylinder diameters is shown
in Fig. 1 and the vortex shedding frequency of air over a cylinder plotted as a function of the air velocity for various cylinder
diameters is shown in Fig. 2. A cylinder diameter of 31.8 mm was chosen, which yields a vortex shedding frequency of 28
Hz to 402 Hz over the wind tunnel velocity range of 4.5 m/s to 64.5 m/s.

EMA Setup and Results

An experimental structure was designed, machined, and assembled as described in Will and Zhu [12]. A modification to
the upper mounting bracket was made to accommodate the use of a newer manufactured AEROLAB EWT where the upper
mounting configuration was different from the older manufactured AEROLAB EWT used in Will and Zhu [12]. The new
upper mounting bracket was 517.5 mm in length and the location of the mounting hole used to fasten the cylinder was shifted
to accommodate the newer manufactured AEROLAB EWT. The experimental setup mounted inside the newer manufactured
AEROLAB EWT is shown in Fig. 3.

Due to the different boundary conditions from the modified upper mounting bracket between the older manufactured
EWT in Will and Zhu [12] and the newer manufactured EWT, an EMA was performed to determine the experimental setup’s
first three out-of-plane natural frequencies and mode shapes. One PCB Piezotronics, Inc. 352C66 single-axis accelerometer
was placed on the far-side of the cylinder, cantilever plate, and upper and lower mounting brackets, where the far side is
defined as the side of each component facing into the page in Fig. 3(a) and the near side is defined as the side of each
component facing out of the page in Fig. 3(a). Additionally, a PCB Piezotronics, Inc. 086C01 modally tuned impact hammer
with a nylon tip, four PCB Piezotronics, Inc. 080A 15 adhesive mounting bases, PCB Piezotronics, Inc. 080A109 adhesive
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Fig. 1 A plot of the Reynolds number versus the airflow velocity for various cylinder diameters. The red circle indicates
the maximum Reynolds number at the highest airflow velocity for the selected cylinder diameter of 31.8 mm.
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Vortex Shedding Frequency vs. Air Velocity
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Fig. 2 A plot of the vortex shedding frequency versus the airflow velocity for various cylinder diameters. The red circle
indicates the maximum vortex shedding frequency at the highest airflow velocity for the selected cylinder diameter of 31.8
mm.
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Fig.3 Experimental setup inside the AEROLAB EWT including the (a) cylinder, cantilever plate, lower mounting bracket,
Thorlabs MB612F aluminum optical breadboard, and (b) the upper mounting bracket.

wax, a Siemens Signal Conditioning and Data Acquisition System (SCADAS) Mobile SCM2E02V, and Siemens Testlab
Version 2306 software were used to perform the EMA. The setup and equipment used for the EMA is shown in Fig. 4.
A roving hammer test was performed using 37 impact locations, or nodes, where 4 nodes were used on the cylinder, 25
nodes were used on the cantilever plate, 5 nodes were used on the upper mounting bracket, and 3 nodes were used on the
lower mounting bracket. Each node was impacted three times to compute an average of three frequency response functions
(FRFs) for a total of 111 hammer impacts on the structure. The model of the experimental structure generated using Testlab
is shown in Fig. 5, where the gray boxes indicate the node or impact locations, and the red circles indicate the locations of
the reference accelerometers placed on the far side of the experimental structure.

After the roving hammer testing was completed, Testlab’s PolyMAX algorithm was used to curve fit the FRFs using a
curve fitting model size of 25 modes. The first three stable modes and their corresponding mode shapes were selected within
a frequency band of 0-400 Hz, as shown in Figs. 6 and 7, respectively. As indicated in Fig. 7, mode 1 is the first bending
mode of the cantilever plate, mode 2 is the first torsional mode of the cantilever plate, and mode 3 is an out-of-plane bending
mode of the cylinder with minor out-of-plane bending of the cantilever plate. The modal assurance criterion (MAC) values
are presented in Table 1, where values close to 0 indicate low correlation between mode shapes and values close to 1 indicate
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Fig.4 Setup and test equipment used for the EMA including the AEROLAB EWT, experimental structure, impact hammer
with a nylon tip, laptop running Siemens Testlab Version 2306, and SCADAS Mobile.
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Fig. 5 Model of the experimental structure developed in Siemens Testlab Version 2306 software, where the nodes are
indicated by the gray boxes and the red circles indicate the locations of the reference accelerometers placed on the far side
of the experimental structure.

high correlation between mode shapes. The mode shapes in Fig. 7 and the MAC values in Table 1 indicate that modes 1 and
2 are unique, with a MAC value of 0.001, modes 1 and 3 share some similarities in cantilever plate bending, yielding a MAC
value of 0.241, and modes 2 and 3 are unique, with a MAC value of 0.055.

CTA Setup and Results

A CTA experiment was performed using a Dantec Dynamics MiniCTA 54T42, 55P16 hot-wire probe, hot-wire calibrator,
laptop running StreamWare Basic V7.00 software, and a National Instruments NI-9215 data acquisition board for capturing
the measurements from the MiniCTA 54T42 at 10 kHz. Additionally, a hot-wire probe holder was designed and a machined,
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Fig. 6 Stabilization diagram using a curve fitting model size of 25 modes, where the first three stable modes between a
frequency band of 0-400 Hz are indicated by red circles.
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Fig. 7 First three stable mode shapes and their corresponding frequency and damping values within a frequency band of
0-400 Hz.

Table 1 MAC values for the EMA mode shapes.

EMA EMA Mode 1 (117.58 Hz) | Mode 2 (264.97 Hz) | Mode 3 (337.34 Hz)
Mode 1 (117.58 Hz) 1.000 0.001 0.241
Mode 2 (264.97 Hz) 0.001 1.000 0.055
Mode 3 (337.34 Hz) 0.241 0.055 1.000

which was mounted to a Thorlabs XYR1 translation and rotation stage for correct positioning of the probe during the
experiment. Prior to performing the CTA experiment, a calibration of the hot-wire probe was performed. The 55P16 probe
was installed onto the hot-wire calibrator and a steady flow of filtered air was supplied through the calibrator. A calibrated
Traceable 38RJ43 digital barometer was used to measure the ambient pressure and a Klein Tools multimeter was used
to measure the hot-wire calibrator’s thermistor resistance for entry into the calibration software. After completion of the
calibration procedure, the StreamWare Basic v7.00 software generated a calibration curve for accurately converting the
measured voltages to airflow velocities. The complete CTA setup and equipment used for measuring the airflow velocities
and the CTA calibration setup and equipment is shown in Figs. 8 and 9, respectively.

After calibration, the translation and rotation stage, hot-wire probe holder, and hot-wire probe were installed into the
AEROLAB EWT, as shown in Figs. 10 and 11. Using the optical breadboard and the translation and rotation stage, the hot-
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Fig. 8 CTA setup and equipment used to measure the airflow velocities around the cylinder and cantilever plate including
the Dantec Dynamics MiniCTA 54T42, hot-wire probe, hot-wire probe holder, NI-9215 data acquisition hardware, laptop
running Dantec Dynamics StreamWare Basic v7.00, and translation and rotation stage.
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Fig. 9 CTA calibration setup and equipment including the hot-wire probe, hot-wire calibrator, air filter unit, and air com-
pressor.

wire probe was roved through 120 points around the cylinder and cantilever plate. Referencing the origin of the coordinate
axes in Fig. 11, the hot-wire probe was roved through each combination of the following positions:

e X:0mm, 25.39 mm, 50.79 mm, 76.19 mm, 101.60 mm, 127.00 mm, 152.40 mm, 177.80 mm
* Y:-6.34 mm, -31.75 mm, -57.15 mm, -82.55 mm, -107.90 mm
e 7:12.69 mm, 25.39 mm, 38.09 mm

The wind tunnel free-stream velocity was set to 10 m/s and 10 s of data were collected at each of the 120 points.

After the CTA experiment was completed, the voltage data were converted into airflow velocities using the calibration
curve and the mean airflow velocities at each of the 16 measurement planes were plotted. Planes along the X-axis, Y-axis,
and Z-axis are shown in Figs. 12, 13, and 14, respectively.
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Fig. 10 Setup and test equipment used for the CTA experiment including the AEROLAB EWT with desktop computer
and software for controlling the fan speed, experimental structure, hot-wire probe, Dantec Dynamics MiniCTA 54T42, and
laptop running Dantec Dynamics StreamWare Basic v7.00.
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Fig. 11 Setup and test equipment used for the CTA inside the EWT test section including the experimental structure, hot-
wire probe, hot-wire probe holder, post holder, translation and rotation stage, and optical breadboard. The coordinate axes
defining the CTA coordinate directions used in the experiment are also depicted.

OMA Setup and Results

An OMA experiment was performed in the AEROLAB EWT using the CTA equipment as well as the SCADAS Mobile,
a single roving accelerometer, four fixed reference accelerometers, and a laptop running both Siemens Testlab Version 2306
and Dantec Dynamics StreamWare Basic v7.00. Prior to conducting the experiment, a calibration of the hot-wire probe was
performed and a calibration curve was obtained. During the experiment, the wind tunnel was set to a free-stream velocity of
10 m/s and the hot-wire probe was kept in a constant position at X = 127.00 mm, Y =-31.75 mm, and Z = 25.39 mm, while
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Fig. 12 Mean airflow velocity around the cylinder and cantilever plate at planes (a) X = 0 mm, (b) X =25.39 mm, (c) X =
50.79 mm, (d) X =76.19 mm, (e) X = 101.60 mm, (f) X = 127.00 mm, (g) X = 152.40 mm, and (h) X = 177.80 mm captured
using CTA measurements at a wind tunnel free-stream velocity of 10 m/s.
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Fig. 13 Mean airflow velocity around the cylinder and cantilever plate at planes (a) Y = -6.34 mm, (b) Y =-31.75 mm, (c)
Y =-57.15 mm, (d) Y =-82.55 mm, and (e) Y =-107.90 mm captured using CTA measurements at a wind tunnel free-stream
velocity of 10 m/s.

P —
Ere——
&

M« B 2 a2 16 1 M - g 2 . 65, 3 M B T o (3015

- T | B S Imm O B -
851 4™ e THD &M GG S0 4@ e 18 2B . I T T uE " [ " "o C . % [

(a) (b) ()

Fig. 14 Mean airflow velocity around the cylinder and cantilever plate at planes (a) Z = 12.69 mm, (b) Z = 25.39 mm, and
(c) Z = 38.09 mm captured using CTA measurements at a wind tunnel free-stream velocity of 10 m/s.

the roving accelerometer was roved through each of the 37 nodes shown in Fig. 5. At each node, 30 s of accelerometer data
and 35 s of CTA data were captured. The reference accelerometers were in the same positions as those of the EMA test as
indicated by the red circles in Fig. 5. Siemens Testlab Version 2306 was used to perform the OMA, including data acquisition
and curve fitting using the PolyMAX algorithm. The OMA experimental setup and equipment is shown in Figs. 15 and 16.
After completion of the OMA experiment, a CTA plot of the voltage versus time signal was plotted for the run in which
the roving accelerometer was placed on the left-most node of the lower mounting bracket, as depicted in Fig. 5. Then, the
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Fig. 15 OMA experimental setup and equipment including the AEROLAB EWT, experimental structure, hot-wire
probe, roving accelerometer, SCADAS Mobile, and laptop running Siemens Testlab Version 2306 and Dantec Dynamics
StreamWare Basic v7.00.

Hot-wire probe Roving accelerometer

Hot-wire probe Experimental
holder structire

Fig. 16 OMA experimental setup inside the EWT test section showing the experimental structure, hot-wire probe, hot-wire
probe holder, and roving accelerometer. The hot-wire probe is pictured in a position forward of the cylinder and cantilever
plate for setting the wind tunnel free-stream velocity to 10 m/s.

power spectrum of the voltage versus time signal was calculated and plotted, where the power spectrum was calculated after
applying a Hamming window and using 4096 bins with 75% overlap, yielding an uncertainty of 5.44%. The voltage versus
time signal and the power spectrum are shown in Figs. 17 and 18, respectively. The peaks in Fig. 18 are specified by red
circles, indicating the frequency content of the airflow at the hot-wire probe location. From the results shown in Fig. 18, the
vortex shedding frequencies observed are 2.4 Hz, 18.3 Hz, and 40.3 Hz.

Testlab’s PolyMAX algorithm was used to curve fit the cross-power functions that were derived from the accelerometer
data captured during the OMA experiment using a curve fitting model size of 32 modes. The first two stable operational
modes and their corresponding operational mode shapes were selected within a frequency band of 0-400 Hz, as shown in
Figs. 19 and 20, respectively. As indicated in Fig. 20, mode 1 is the first bending mode of the cantilever plate and mode 2 is
the first torsional mode of the cantilever plate.
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Fig. 18 CTA plot of the power spectrum of the voltage versus time signal shown in Fig. 17. The power spectrum was
calculated after applying a Hamming window and using 4096 bins with 75% overlap. The frequencies at the circled peaks
indicate the frequency content of the airflow.

Analysis

In this research, an experimental structure consisting of a cantilever plate fixed to a cylinder with an upper and lower
mounting bracket was mounted in an AEROLAB EWT and characterized by performing a roving hammer EMA. The first
three stable mode shapes were identified within a frequency band of 0-400 Hz, as shown in Fig. 7, which are consistent with
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Fig. 19 Stabilization diagram using a curve fitting model size of 32 modes, where the first two stable operational modes
between a frequency band of 0-400 Hz are indicated by red circles. The wind tunnel free-stream velocity was 10 m/s.
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Fig.20 First two stable operational mode shapes and their corresponding frequency and damping values within a frequency
band of 0-400 Hz for a wind tunnel free-stream velocity of 10 m/s.

previous results [12]. Then, a CTA experiment was performed at a free-stream velocity of 10 m/s, allowing for visualization
of the mean airflow velocity around the cylinder and cantilever plate. Fig. 12 shows that the mean airflow velocity is lower
near the plate and increases to a maximum value exceeding that of the free-stream velocity at some distance away from
the plate in the Z-direction, and then decreases back to the free-stream velocity. This phenomenon is due to a combination
of boundary layer effects and vortex shedding, where in the former case the fluid velocity near a surface is lower than
the velocity further away from the surface, and in the latter case the local airflow velocity is increased within a vortex.
Similar results are observed in Figs. 13 and 14. An OMA was performed using a roving accelerometer and four reference
accelerometers while the hot-wire probe collected data at a fixed position of X = 127.00 mm, Y =-31.75 mm, and Z = 25.39
mm. From the power spectrum plot in Fig. 18, the peak with the highest frequency of 40.3 Hz indicates the highest vortex
shedding frequency observed at the probe location. Using Equation 1 or Fig. 2, the theoretical vortex shedding frequency
expected for a 31.8 mm diameter cylinder in an airflow with a velocity of 10 m/s is 62.3 Hz. This case of reduced vortex
shedding frequency observed in the experiment may be due to energy dispersion across several frequencies, as shown in
Fig. 18 where there are peaks at 2.4 Hz, 18.3 Hz, and 40.3 Hz. From the results of the OMA shown in Fig. 20, the natural
frequencies of the first two stable operational modes match very well with the first two stable modes captured from the EMA
shown in Fig. 7. The percent difference between the mode 1 frequencies captured using EMA and OMA is 0.39% and the



Experimental Fluid-Structure Interaction of Airflow Over a Cylinder with an Attached Cantilever Plate in a Wind Tunnel 153

percent difference between the mode 2 frequencies captured using EMA and OMA is 0.29%. These results are expected
because the structure will vibrate at the same natural frequencies regardless of the excitation source. Finally, the third mode
that was observed in Fig. 6 using the EMA method was not observed using the OMA method, as shown in Fig. 19, because
the free-stream velocity of 10 m/s was not high enough to excite this third mode. Additional observable modes should be
expected in the OMA results with higher free-stream velocities.

Conclusion

The aim of this FSI work was to explore the vibration response of a stiff cantilever plate attached to a cylinder in an AERO-
LAB EWT under an airflow excitation. A roving hammer EMA was first used to characterize the structure by determining
the first three out-of-plane natural frequencies and mode shapes within a frequency band of 0-400 Hz. Then, CTA was used
to capture the mean airflow velocity around the cylinder and cantilever plate with a free-stream velocity in the wind tunnel of
10 m/s. Some interesting phenomena were observed in the mean airflow velocity plots that are attributed to boundary layer
and vortex shedding effects. Lastly, the structure’s response to a free-stream velocity of 10 m/s was captured by performing
an OMA, where the first two natural frequencies had less than a 0.4% difference when compared to the first two natural
frequencies captured using the EMA method.

Acknowledgments The authors would like to thank Dr. Zheng Li and Morgan State University for their support in allowing access to the
AEROLAB EWT.
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Chapter 17
Traveling Wave Generation Through Piezoelectric Shunt
Damping

A. Omidi Soroor, S. Motaharibidgoli, and P. A. Tarazaga

Abstract Having many different applications in mind, traveling wave generation in finite structures has been studied exten-
sively by researchers in various fields. Surveying the literature suggests that most of the published work applied to finite and
continuous structures is based on the notion of exciting the structure at two different locations at the same frequency with a
phase shift to produce such waves. Recently, another approach has been proposed where there is only one excitation source,
and the second one is replaced by a discontinuity that generates the required counterforce for reflection absorption. Thus
far, this method has been experimentally verified in solid media where a perfectly tuned mechanical discontinuity, such as a
spring-damper set, was leveraged. The authors herein are interested in replacing the mechanical discontinuity with an adap-
tive element in the hopes of widening the excitation frequency bandwidth in which this type of response is achievable within
a given structural configuration. As such, a shunted piezoelectric element is adopted, thereby enabling variable stiffness and
damping coefficients that can be adjusted based on the excitation frequency of the incident waves. This methodology also
provides the ease of tuning the system electronically as opposed to achieving this precise tunning mechanically, which has
been shown to be very difficult.

Keywords Traveling Waves - Single-Point Excitation - Shunt Damping - Negative Capacitance

Introduction

Researchers have extensively studied methods for traveling wave generation due to their various applications since 1990
[1]. These applications include but are not limited to particle transfer [2], robotic locomotion [3], and propulsion [4]. The
majority of the literature is concerned with the two-point (or two-mode) excitation method for generating such waves. In this
approach, the structure is excited at two locations with a frequency between two vibration modes and a phase shift between
them, such that traveling waves are obtained within the space between the two exciters [S]. However, the authors have
recently attempted another approach to traveling wave generation in solid media, i.e., the single-point excitation method.
This idea had been previously explored by Xiao et al. in acoustic ducts [6]. In this approach, one of the exciters is replaced
with a highly tuned type of discontinuity, a spring-damper set in mechanical structures, as seen in [7]. One of the primary
motivations for developing this method is to mimic the observations from the mammalian cochlea, wherein the basilar
membrane undergoes a similar dynamic behavior, i.e., the sound entering the ear initiates a wave on the basilar membrane
that travels towards its apex without any reflections [8].

A recent study [9] by the authors has suggested that adopting a mechanical discontinuity to generate the required coun-
terforce for the incident wave reflection cancellation might not be a feasible solution as it may not address a wide excitation
frequency bandwidth. The discontinuity has to be specially tuned to the excitation frequency, restricting the ability to address
a large bandwidth solution. Therefore, in the present study, the authors introduce an adaptive solution to address an excitation
frequency range similar to the basilar membrane responsiveness in the audible frequency range. As such, piezoelectric mate-
rials are chosen to replace the spring-damper set implemented in the prior works. In the following section, the details of this
solution, as well as some of the preliminary results of a pilot study conducted by the authors, are presented and discussed.
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Methodology

The present method uses piezoelectric patches shunted with RC circuits instead of the mechanical discontinuity introduced
in [7] and [9]. Figure 1 depicts the schematic of the proposed traveling wave solution.
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Fig. 1 Cantilevered beam with shunted piezoelectric patches [10].

In Figure 1, F" denotes the harmonic excitation force. L, wy, h, and t;, are the beam’s length, width, full thickness, and half
thickness. ¢, and w,, represent the piezoelectric patches’ thickness and width. Each piezo patch is shunted with a resistor and
a capacitor with resistance R and capacitance Cj, respectively. C), is the inherent capacitance of the piezoelectric element.
The coupled electromechanical finite element formulation for the following system is developed as follows,

{ Mii+ Ku = B,V (t) + B;F(t) 4))

B+ (Cy +2C,)V + 2V =0
In Eq. (1) M and K are the mass and stiffness matrices, respectively. u and V' are the nodal displacement vector and
voltage, respectively. Finally, By and B are voltage and force influence matrices. The details regarding these matrices and

vectors can be found in [10]. Interestingly, following some mathematical manipulation, it turns out that shunted piezoelectric
patches induce external stiffness and damping in the system, which can be calculated as follows,

R*w? (C, + 2C5)
4+ (Rw (Cp +20C4))°

K= B,BY and C = 2R 5B, B; . )
4+ (Rw (C, + 2C5))

Using such passive electrical elements adds much more adaptability to the model compared to the cases considered in
prior studies, as the equivalent stiffness (K) and damping (C)) can be easily tuned now. Hence, with proper circuit tuning,
high-quality traveling wave response can be obtained in the region between the excitation force and piezoelectric patches. In
the following section, some of the preliminary results of this study are presented and discussed.

Preliminary Results

According to [7], a cost function is used to assess the wave quality in a given region. Pilot studies have suggested that optimal
traveling wave response can be obtained in cases where resistive shunts are used, implying that C), +-2Cs = 0. This suggests
that

C,=—2, A3)

meaning a negative capacitance is required to meet this condition, as the piezoelectric material’s inherent capacitance is
positive. The cost function plot in Figure 2 asserts that a small optimal region exists where high-quality traveling waves exist
for a given case. It is worth mentioning that a lower cost function value is associated with a higher quality of traveling waves.
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Fig.2 Cost function contour for a case with an excitation frequency of 1700 Hz [10].

As highlighted in Figure 2, the cost function is minimized in the case where C's = —121 nF and R = 32 k€. The
system’s response in this optimal condition is given in Figure 3.
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Fig. 3 Area swept by the wave and the wave envelope in the assumed optimal case [10].

Figure 3 suggests high-quality traveling waves can be obtained when the circuit parameters are optimized relative to
the system configuration. Realizing the negative capacitance requires additional circuitry, which is extensively discussed in
the literature [11]. Therefore, this approach is promising for improving the single-point excitation traveling waves model
and relaxing the need for mechanical discontinuities such as springs and dampers in solid mechanical structures. In the last
section of this extended abstract, we provide a brief overview of the ongoing research on this topic.
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Ongoing Study

As the next step in the work discussed above, the authors are conducting parametric studies to understand the model’s
sensitivity to different parameters and configurations, e.g., unimorph or bimorph piezoelectric patch installment, series or
parallel configurations of the circuitry components, etc. Efforts are being made to conduct an experimental study to verify
the simulation results.

Acknowledgments The authors would like to recognize Texas A&M University’s support through the Emil Buhler Aerodynamic Analog Fel-
lowship and James J Cain ’51 Faculty Fellowship.

References

1. Y. Tomikawa, K. Adachi, H. Hirata, T. Suzuki, and T. Takano, “Excitation of a Progressive Wave in a Flexurally Vibrating Transmission
Medium,” Japanese Journal of Applied Physics, vol. 29, no. S1, p. 179, 1990/01/01 1990, doi: 10.7567/JJAPS.2951.179.

2. W. C. Rogers and M. I. Albakri, “Tailoring Structure-Borne Traveling Waves in Targeted Areas of a Two-Dimensional Plate for Particle
Motion Applications,” in ASME 2021 Conference on Smart Materials, Adaptive Structures and Intelligent Systems, 2021, vol. ASME 2021
Conference on Smart Materials, Adaptive Structures and Intelligent Systems, VOO1T07A004, doi: 10.1115/smasis2021-67804. [Online].
Available: https://doi.org/10.1115/SMASIS2021-67804

3. T. Nakamura and K. Sato, “Locomotion strategies for an omni-directional mobile robot using traveling waves propagation,” in 2010 IEEE
International Conference on Robotics and Automation, 2010: IEEE, pp. 3769-3774.

4. P. F. Musgrave, M. I. Albakri, and A. A. Phoenix, “Guidelines and procedure for tailoring high-performance, steady-state traveling waves for
propulsion and solid-state motion,” Smart Materials and Structures, vol. 30, no. 2, p. 025013, 2021.

5. V. V. N. S. Malladi, D. Avirovik, S. Priya, and P. Tarazaga, “Characterization and representation of mechanical waves generated in
piezo-electric augmented beams,” Smart Materials and Structures, vol. 24, no. 10, p. 105026, 2015/09/18 2015, doi: 10.1088/0964-
1726/24/10/105026.

6. Y. Xiao, H. Lu, D. M. McFarland, A. F. Vakakis, and L. A. Bergman, “Inducing a nonreflective airborne discontinuity in a circular duct by
using a nonresonant side branch to create mode complexity,” The Journal of the Acoustical Society of America, vol. 143, no. 2, pp. 746-755,
2018, doi: 10.1121/1.5022777.

7. S. Motaharibidgoli, S. Davaria, V. V. N. Sriram Malladi, and P. A. Tarazaga, “Developing coexisting traveling and standing waves in
Euler-Bernoulli beams using a single-point excitation and a spring-damper system,” Journal of Sound and Vibration, vol. 556, p. 117728,
2023/07/21/ 2023, doi: https://doi.org/10.1016/].jsv.2023.117728.

8. G. von Békésy, “Travelling Waves as Frequency Analysers in the Cochlea,” Nature, vol. 225, no. 5239, pp. 1207-1209, 1970/03/01 1970, doi:
10.1038/2251207a0.

9. Omidi Soroor, A. and Tarazaga, P. A., 2025. Non-reflective traveling waves in finite thin beams: A parametric study. Thin-Walled Structures,
208, p. 112839.

10. S. Motaharibidgoli, “Generating Traveling Waves in Finite Media Using Single-Point Excitation via Passive Absorber,” 2023.

11. M. Berardengo, O. Thomas, C. Giraud-Audine, and S. Manzoni, “Improved resistive shunt by means of negative capacitance: new circuit,
performances and multi-mode control,” Smart Materials and Structures, vol. 25, no. 7, p. 075033, 2016/06/14 2016, doi: 10.1088/0964-
1726/25/7/075033.



®

Check for
updates

Chapter 18
Experimental Modal Analysis of a 12 Inch Water Tunnel

Keith Rice, Megan Ewers, Sean Collier, and Nicholas Vlajic

Abstract Water tunnels are one of the most commonly used experimental research facilities for making hydrodynamic
measurements of submerged structures. However, because the wave speed of water is close to that of steel, the structural
dynamics of the tunnel itself can couple into the water in certain frequency ranges. This fluid-structure coupling may cor-
rupt measurements and lead to errors in instrumentation data during measurements. A modal test was performed on The
Pennsylvania State University Applied Research Laboratory’s 12 inch (30.5 cm) water tunnel, and compared to acceleration
measurements at a number of different flow speeds. These modal results give insights into the observed vibrations of the
tunnel while under operation.

Keywords Modal analysis - Fluid-structure coupling - Flow - Measurements - Accelerometers

Introduction

Water tunnel test facilities are the keystone of controlled experimental measurements of structures in a flow field, and are
used to characterize the hydrodynamic properties of submerged bodies as well as validate numerical models. The Fluid
Dynamics and Acoustics Office at The Pennsylvania State University Applied Research Laboratory maintains and operates
four different water tunnels to measure the hydrodynamic properties of submerged bodies in flow fields. The 12 in. (30.5
cm) cross section water tunnel' is one of the most widely used water tunnels due to its versatility to support a number of
measurements and its cost-effectiveness. A description of the tunnel specifications can be found in Ref. [1], but a short
summary is presented here. The water tunnel has two interchangeable test sections that include a circular test section that
is 12 in. (30.5 cm) in diameter and 20.0 in. x 4.5 in. (50.8 cm x 11.43 cm) rectangular cross section. The closed-looped
variable-speed tunnel can support velocities of 6 ft/s to 69 ft/s (2 m/s to 21 m/s) and pressures of 3 psia to 60 psia (20.7 kPa to
414 kPa), allowing for cavitation studies from cavitation numbers of 0.08 to greater than 350. Additionally, a wire-mesh grid
can be inserted into the diffuser of the tunnel that generates turbulent flow within the working section to study the effects of
turbulence on bodies. This tunnel has been used to support a number of measurements of two- and three-dimensional bodies
such as those of Refs. [2-5].

The tunnel has a number of instrumentation capabilities that include pressure sensors, static and dynamic force gauges,
accelerometers, hydrophones and acoustic arrays, and allows for various optical flow measurements. Power spectra data
from the different instrumentation and experiments reveal features at common frequencies, leading to speculation that the
these features originate from structural resonances of the water tunnel itself. These features are referred to as facility noise
and can corrupt measurement signals in certain frequency regimes.

A schematic of the entire tunnel is shown in Figure 1 (left), while a photograph of the rectangular test section is shown
in Figure 1 (right).
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!The tunnel is referred to as the 12 in. (30.5 cm) tunnel since the circular cross section is 12 inches (30.5 cm) in diameter. The rectangular
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Fig. 1 (Left) Schematic of the entire 12 in. tunnel [1] and (right) photograph of the top portion of the test section that
includes the nozzle, working section, and diffuser.

A modal analysis of this tunnel with and without water with the circular test section installed was presented in 2018 [6].
This study showed that the resonant frequencies were reduced by 10% to 15% and the amplitudes of the resonances were
reduced up to 15 dB when the tunnel was filled with water. An interesting finding of this study was that the water did not
introduce any significant radiation damping into the structure; the attenuated response was primarily due to mass loading.
The study focused mostly on the spatial Fourier modes of the structure given its circular geometry. We note that a similar
spatial Fourier analysis study is not appropriate for the rectangular cross section studied here given its geometry. For the
current study, all data were collected with water in the tunnel.

The intent of this work is to characterize the structural dynamics of the 12 in. (30.5 cm) water tunnel with the rectangular
section to gain insights into the origins of the facility noise. Once the nature of this facility noise is better understood, exper-
iments can be designed to avoid certain frequency regimes wherein structural vibrations may be corrupting measurements.
Moreover, vibration mitigation strategies can be designed to attenuate some of these undesired structural motions.

Analysis of Vibrations under Operation

Facility noise can originate from a number of different sources, but for the purposes of this study, can be considered as either
electrical noise or mechanical noise. Electrical noise includes any electromagnetic interference from electrical utilities, lights,
or motors. Mechanical noise can originate from the vibrations of the drive system, including the motor and impeller, as well
as fluid-flow forcing on the tunnel itself exciting structural resonances. Initial characterization measurements were made
with five accelerometers attached to the tunnel, while operating at six different drive speeds.

Power spectra from one of the accelerometers that highlights the effects of motor drive and structural effects at two
different drive speeds are shown in Figure 2. Note that all of the acceleration data reported here were collected without a
turbulence grid installed in the diffuser section. Harmonics of the motor at 94.5 RPM (1.58 Hz) (Figure 2 (left)) and 182
RPM (3.03 Hz) (Figure 2 (right)) are marked with numbered dashed lines. It is important to point out that the measured
response in Figure 2 is a combination of both the drive amplitude and the structural response, so that the dominant harmonic
frequencies may change with drive speed. Although drive speed can be expressed in Hz given some RPM, this is a separate
quantity from the drive frequency of the supply phase voltage waveforms which control the drive speed.

In the 94.5 RPM data shown in Figure 2 (left), harmonics 5 and 7 are particularly notable, since they are likely excited
by the three phases in the motor (3x2 £ 1) [7]. At 94.5 RPM, harmonics 5 and 7 are near 8 Hz and 11 Hz, respectively. At
182 RPM shown in Figure 2 (right), harmonics 5 and 7 are still present, but the 7th harmonic is not as strong. There is still a
response in spectra near 8 Hz and 11 Hz at 182 RPM, which are likely resonant modes of the structure. At lower frequencies,
when the harmonics of the drive system align with these resonances, there is an amplified response.

Power spectra from the same accelerometer as Figure 2 at six different flow speeds are shown in Figure 3. Low frequency
spectra (under 50 Hz for this study) are shown in Figure 3 (left), while the broadband response (up to 1 kHz) is provided in
Figure 3 (right). All data were collected with 100 second durations, sampling at 20.48 kHz. The low-frequency power spectra
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Fig.3 Low (left) and high (right) frequency regimes of acceleration spectra at different operating speeds.

were calculated using 25 averages with 25% overlap, while the high-frequency data were calculated using 500 averages with
25% overlap.

When looking at the response spectra of the accelerometer, structural resonances excited by flow-induced forcing will
not change with drive speed since the forcing is broadband. However, driving excitation from the motor and impeller are
expected to generate tonal forcing that change with drive speed, even though the resonances will be unchanged.

As a first approximation to remove the tonal effects of the motor drive from the structural response, the amplitude spectra
were averaged over all the drive speeds and the result is shown in a dashed black line.

When looking at the averaged response in the low frequency data (shown in Figure 3 (left)), prominent features in spectra
occur at 7.8 Hz, 8.8 Hz, 10.9 Hz, 13.6 Hz, 15.6 Hz, 16.9 Hz, 18.1 Hz, with the two highest amplitude spectra being 15.6 Hz
and 16.9 Hz. Note that although these results are averaged spectra, the individual spectra at each drive speed tend to vary
around these frequencies. The spectral response between 25 Hz and 50 Hz tend to be more constant with respect to drive
speed, indicating that excitation in this regime is likely from flow-induced forcing. The broadband data (shown in Figure 3
(right)) tend to have frequency components that do not change with flow speed, although the amplitude generally increase
with flow speed above 600 Hz.
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Experimental Modal Analysis

Due to the size of the structure and the nature of the anticipated modes, a roving hammer modal analysis was performed on
the test section of the tunnel. Six single-axis accelerometers were affixed to the tunnel in three orientations which aligned
with Cartesian axes as shown in Figure 4. This set of accelerometers contained the same accelerometers that were used in
the drive speed testing and were thus at the same locations. The tunnel was filled with non-flowing water to account for
fluid-structure coupling. Two tests were done separately, namely, a “low-frequency” test and a “high-frequency” test. The
intent of the “low-frequency” test was to excite modes below 100 Hz. A 2.4 1b (1.1 kg) PCB Piezotronics 086D20 hammer
was used to hit 114 points that were coarsely spaced since these modes of the tunnel will have low wave-numbers.

] [Exngh mam

Fig. 4 Low-frequency (left) and high-frequency (right) experimental meshes with accelerometer locations marked. White
dots were used to improve the visibility of two locations in close proximity.

For the “high-frequency” test a 0.7 Ib (0.32 kg) PCB Piezotronics 086D05 hammer with a metal tip was used to excite the
structure to identify modes up to at least 1 kHz. For this high-frequency test, the finer mesh consisting of 335 hit locations
(including the 114 from the low-frequency test) was used to resolve the motion since the wave numbers are larger at the
higher frequencies.

Each strike was performed three times to achieve an average spectrum. Note that accelerometers and hit points were
only place along the test section and not the entire tunnel itself (see Figure 1 (left)). Care must be taken when analyzing
results, especially any modal assurance criteria, since there may appear to be spatial aliasing as the entire tunnel was not
instrumented.

The meshes were constructed using elements that had surface normal vectors that matched the direction of the surface
being struck in order to move along the same vectors as the accelerometer data; faces of the tunnel that were not struck were
omitted from the meshes because there was no data to reliably describe their movement.

The PolyMAX algorithm was used to identify modes from the data [8]. A mode order of 26 was used for the low-
frequency test, searching from 0 Hz to 100 Hz. A mode order of 40 was used in the high-frequency test, searching between
100 Hz and 300 Hz. The identified modes were then cross-referenced with the experimental acceleration spectra from the
drive speed testing in Figure 3 to identify modes that may be excited during normal tunnel operation.

Results

A comparison between the normalized surface average mobility from the modal test and the average acceleration of the
operational drive-speed test at low frequencies is shown in Figure 5. The operational test trace has correlation with the
modal test trace at several frequencies, most notably near 15 Hz.

Modes pertinent to both the surface averaged acceleration from the modal test and the drive speed accelerometer data are
depicted on the following pages in Figures 6 and 7.

The low-frequency data contains modes at 7 Hz, 8 Hz, and 10 Hz, along the z-, -, and z-axes respectively. Some of
these low-frequency modes look like modes with free or fixed ends but in fact include motion of the rest of the tunnel.
While the test section was sufficiently spatially resolved, there was modal participation from the lower sections of the tunnel
which was not resolved. The tunnel has an unusual shape, namely, a cross-section that transitions from a circle to rectangle
to circle with a decreasing and increasing effective area. Despite this atypical geometry, some of the lower order modes are
representative of bending motions of a beam. The first bending mode on the z-axis (about the y-axis) occurs at 15 Hz. The
first bending mode on the diagonal between the y- and z-axes occurs at 27 Hz, while 37 Hz represents the first bending mode
on the y-axis but second on the z-axis.
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Fig. 5 Comparison of operational accelerometer data with low-frequency modal surface average accelerance data.
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Fig. 7 Modes of interest above 100 Hz that correspond to higher amplitude regimes of operational acceleration data.

The identified high-frequency modes are documented in Figure 7. The modes in Figure 7 indicate tunnel vibrations
nearest the following peak frequencies from the data in Figure 3: 100 Hz, 130 Hz, 175 Hz, 210 Hz, 245 Hz, and 280 Hz.

In this higher frequency regime, the modes don’t necessarily behave as simple beam-bending modes and the motion
becomes more complex. Not every peak in the operational acceleration data was reflected in the modal data, and vice versa.
At higher frequencies, the system becomes modally dense and discerning real modes becomes difficult.

As noted earlier, the operational data in Figure 3 was taken without a turbulence grid installed. In conditions wherein the
turbulence grid is installed, turbulent flow through the tunnel is expected to excite these high-frequency modes and create an
amplified response in the accelerometer readings over a large bandwidth.

Discussion and Conclusion

The results presented here are useful for interpreting past data collected in this facility, as well as future tests. Acceleration
spectra during tunnel operation contains both broadband characteristics, and tonal features from both the motor drive and
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structural resonances of the tunnel. The modal analysis performed on the tunnel showed that the the structural response of the
tunnel is modally dense, due to the size of the tunnel and of the fluid-structure interaction. Errors in instrumentation located
within the tunnel can be amplified when harmonics of the motor drive speed align with structural resonances of the tunnel at
the lower frequencies, below 100 Hz. At higher frequencies, above 100 Hz, other resonances were observed and are assumed
to be excited by fluid flow forcing through the tunnel. However, the acceleration spectra during operation is complex in
nature and the presence of a strong response at a particular frequency in experimental acceleration data may not imply an
excited vibration mode; similarly, an existing structural mode may not be excited during the course of an experiment. The
data collected here did not have the wire-mesh turbulence grid inserted into the diffuser. The presence of this grid is expected
to exacerbate the fluid flow forcing and introduce additional tonal features from resonances of the grid itself. Further analysis
with and without the turbulence grid may yield additional insights. For example, asynchronous and synchronous averaging,
as well as instrumenting the motor and performing coherent noise rejection may also reveal additional information to the
nature of the spectral response of the tunnel.
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ments.
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Chapter 19
Frequency Band Damping: Implementation and Innovations

Dagny Beale, Gregory Bunting, Nathan Crane, David Day, Clark Dohrmann, Payton Lindsay, Justin Pepe, and
Julia Plews

Abstract This talk overviews a novel frequency-band-limited approach to tunable structural damping, building on previous
work in this area [1]. In particular, this work will discuss numerical stability, practical code implementation considerations,
and application to large-scale problems in structural dynamics.

The inclusion of damping in FEA is not merely a theoretical enhancement but a practical necessity. It bridges the gap
between idealized representations and realistic structural response. By providing a more flexible approach to damping, we
enable engineers and scientists to make fine-tuned, informed decisions in the design, analysis, and optimization of structures.

Keywords Frequency band damping - Frequency dependent damping - Damping models - Modal damping - Damping

Introduction

Finite Element Analysis (FEA) is a cornerstone in the engineering and scientific communities for predicting structural
response. An understated yet crucial part of FEA is damping, which can heuristically capture real-world energy dissipation
mechanisms in structures. Choice of damping model is critical, and directly influences the fidelity and robustness of the
simulation.

Recently, Huang, Sturt, and Willford [1] proposed a novel approach to apply uniform damping across a spectrum of
frequencies. The approach enjoys several benefits, including the ability to apply differential damping across subregions of a
model.

This work builds upon the original publication’s foundation, and details its incorporation into a massively parallel finite
element code [2]. It delves more deeply into the derivation and implementation, examines some potential drawbacks of the
approach, and proposes a potential path forward towards improving it. We also include an example on a multi-million element
model, where we compare the new approach to direct modal damping approaches, explore the performance characteristics
of the model, and make some recommendations for usage best practices.

Theory

In this section, we provide a brief overview of the theory of the damping approach, as well as some additional clarifying
details and insights beyond what was given in the original paper.
We begin the discussion with the equation of motion, which is given by

MU(t) + fznt(t) = fea:t(t) (D

where the f;,,:(t), the internal resisting force, consists of a constitutive and damping component,

fo(t) + fa(t).

Here we assume linear elastic behavior such that fo(¢) = Ku(t), and adopt the notation d = u(t),v = u(t),a = i(t).
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In the frequency domain, the resisting force is defined as
Fint(w) = [K1(w) + i Ky (w)] U(w) )

We now introduce the concept of a specific damping factor, a dimensionless measure of damping given by [1, eqn 3.8.9],
[3.eqn (5)] Ky(w)
2(W
€)= %0 3
With these prerequisites, we may now restate the main goal of this approach more precisely: define a formulation for the
damping force, f;(t), that approximates a target specific damping factor € ~ n across a frequency range [w1, ws).
Consider a damping force given by the following relation [1, eqn (7)]

N 2au,
faty=n>_ » frn(t) )
1 cn

where w,.,, is the nth logarithmically-spaced cutoff frequency between w1 and w2.
The nth filtered force history, f1.,,(¢), is governed by the relation [1, eqn 9]

an(t)

wCTL

an(t) +

= fo(t) &)

Calculating the specific damping factor of the damping force given by eq. (4) yields the following result (see appendix
A):

N
5 = Z O‘n(bn(w) (6)
n=1

where ¢, (w) = 143&//%
Recalling again the goal of approximating £ ~ 7 within [wy,ws], we see that an optimal damping force is one which

satisfies the following relation:
N
Z (W) =1 VYw € [wy,ws] (7
n=1

Thus, we may formulate the least squares approach to calculate the optimal values of «,, ultimately leading to the
following relations [1, eqns (19),(20)]:

a=X"1~ (8)
where
Yi = ¢i(w)dw
ot ©)
Xij = ¢i(w)pj(w)dw

Although not given in the original paper, the integrals given in eq. (20) can be solved directly, with the following solu-
tions:

Yi = /(bi(w)dw = Wei In(w? 4+ w?) (10)
2w, (arctan (w%) - w?ﬁﬂ) if wey = wej = we

Xy = [G@osdo = 3 ol : ) | (i
Weileg (wci arctan (E) — We; arctan (E)) otherwise

Wei —Wej

In fig. 1, we explore how well the chosen relation matches the goal (ij:l andn(w) = 1). Figure 1a shows the contri-
butions of each component to the overall sum, and shows good agreement in the frequency range of interest. However, note
that the plot is logarithmic in the x-axis, which can obfuscate the slowness of the drop-off outside of the desired range. This
slow decay is because the formulation as outlined makes no attempt to minimize damping outside the frequency range of
interest, and is one of the key drawbacks of this approach.

Figure 1b demonstrates this aspect more clearly, where there is nearly 20% of the maximum damping an order of
magnitude above the high-frequency cutoff. This is an important clarification for potential users of this capability to keep in
mind, and can lead to unintended behavior, for example when combining multiple frequency bands.

w1 =35,we =20, N =4
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Fig. 1 Specific damping factor scale'.

The results above motivate the need for an improved formulation that not only approximates the target damping within a
frequency range, but also minimizes damping outside of it.
One natural modification to accomplish this goal is to optimize «, to instead satisfy the following relation:

N
D (W) & 1y g (w) Vo € [0, inf] (12)
n=1

where the indicator function 1y, .,,)(w) is defined as,

1 ifw € [wi,ws]
1w w = 13
2] (@) {0 otherwise (13)
This leads to a similar formulation to eq. (8), but with the following definitions for X and ~
w2
Y = @i (w)dw
(14)

inf
X, = / 61(0) by (w)dw

(note the modified range of integration for X;;).

We now regenerate fig. 1 using the above relations. In the resulting plots (fig. 2), while we do see a quick drop-off outside
of the target frequency range, the match inside the range is significantly worse, and the scale actually drops below zero at
several points, indicating that an intermediate range of integration may be optimal.

To explore this concept, fig. 3 compares the original range of [w1, wo| along with several slightly larger ranges of integra-
tion, as well as the full range. These results indicate that separating the choice of integration range from the frequency range
of interest is a viable option to address the inherent drawbacks of the existing methodology, and warrants more investigation.
This simple modification provides a tunable parameter to choose between the best fit in the frequency range of interest, or
the fastest decay outside of it, along with anything in-between.

Relation to viscous damping

In the outlined methodology, the level of damping is controlled by the target specific damping factor 1. However, for the
sake of usability, it is convenient to express damping in more familiar terms, namely, the viscous damping ratio (.
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The viscous damping ratio ( may be defined as [1, eqns 5, 6]
¢ = wn&/(2w)
or (15)
w
§=20—
Wn

Plugging eq. (6) into eq. (15), we obtain the following relation:

N
Ny andn(w) = 26— (16)
n=1 n

After substituting eq. (7), eq. (16) simplifies to the following, which relates the target specific damping factor 7 to the
viscous damping ratio ¢
w
20— (17)
w

n

At the natural frequency w,,, eq. (17) simplifies even further

n =~ 2(¢ (18)



Frequency Band Damping: Implementation and Innovations 171

While eq. (18) is technically only valid at the natural frequency, it provides a comparable level of damping across a wide
range of damping ratios, as seen in fig. 4.
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Fig. 4 Comparison of band-limited and viscously-damped response”

Taking the same system as fig. 4 and fixing ¢ = 0.1, we also see that eq. (18) remains a good approximation for a wide
range of frequency bands in fig. 5.

Based on these considerations, eq. (18) was chosen to allow the convenient specification of band-limited damping given
a desired damping ratio.

As an interesting aside, the band-limited methodology may also be modified to apply viscous damping across a limited
frequency range.

To accomplish this, we modify eq. (7) in the following way:

N
Y tndn(w) - Vw € [wr, w2 (19)
n=1

Wn

which again leads to a similar formulation as eq. (8), now with the following definitions for X and

w2 (20)

2Spring-mass system in free vibration; m = 2.34, k = 123, do = 1.23,v0 = 0, w1 = 3.5, w2 = 20, N =4
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Figure 6 compares the specific damping factor of this approach with the exact/viscous relation. Good agreement is seen
with viscous damping in the frequency range of interest.
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Fig. 6 Specific damping factor scale: band-limited viscous damping?.

Finally, fig. 7 compares viscous damping, the original band-limited damping approach, and the modified band-limited
viscous approach as outlined above. The band-limited viscous results are a closer match for viscous damping, as expected.

Implementation

One important consideration when adopting this approach is the solution of eqgs. (4) and (5). Here, we compare the ubiquitous
forward and backward Euler approaches.

(Forward) Euler
We first divide the time domain into finite steps of length At. Subsequently, the solution to (t) = g(¢,y(t)) at the ith

3w1 =3.5,ws =20, N =4
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step may be approximated as:
Yi = Yi—1 + Atg(ti—1,yi-1) (2D
Rearranging eq. (5), we obtain: .
frn(t) = wen (fo(t) = fLn(t)) (22)
Applying Euler, we obtain:

frngy = frngi-1) + Atwen (fo-1) = fini-1))

(23)
= an(ifl) + Atwen (Kdifl - an(ifl))
where we take fr,0) = 0.
Finally, plugging the solution back into eq. (5) and then eq. (4), we can approximate the damping force as:
N .
an A
fa@) = 7721: 2%72)

N

= 772 200 [ foi) — frn@))
1
N

= 772 2aip, [Kdz - an(ifl) — Atwen (Kdifl - an(ifl))] (24)
1

N
= 772 200, [Kdz - Atwcn-deifl - (1 - Athn) an(ifl)]
1

Which leads to the following modified equations of motion at each step i:

Ma; + Kd; = fouii) (25)
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where the modified stiffness K is defined as

N
K= <1+n22an>K (26)
1

and the external force is modified as:
N

fert(i) = femt(i) + 772 2aip, [Atwcanifl + (1 - Atwcn) an(i—l)} (27)
1

Backward Euler
While in forward Euler the values at the previous step are used to update the new solution, the backward Euler method
uses values from the new solution to calculate the slope:

Yi = yi—1 + Atg(ti, yi) (28)
Again rearranging eq. (5) and applying backward Euler, we obtain:
frn(y = fongi—1) + Dtwen (Kdi — frne)) (29)
o f Atwoy Kd
Ln(i—1) + Wen i
L= 30
an(z) 1+ Atwcn (30
where f1,(0) = 0.
As before, we can plug the solution back into eq. (5) and then eq. (4), and approximate the damping force as:
l fr (4)
fagy =1 20, ="
1 Wen
N
=1 Z 2an [foeiy = frne]
11[ f A Kd Gh
Ln(i—1) + Atwen 0
= 20, | Kd; —
" ; @ { 1+ Atwen
N
Kdi — frn@i-1)
= 2 —_—_—mmm
K 21: T Atwen
Leading to the following modified equations of motion:
Mai + Kdi = feu (32)
where the modified stiffness K is defined as
a 2a
K=|1 —" |K 33
( +7721:1+Atwm> 33
and the external force is modified as:
S frngi-1)
A Ln(i—1
Dy = fewt(i 20 ———— 34
fewt(z) fE.Lt(l) + 77; Q 1+ Atw,, (34)

Note that with both approaches, this damping approach is represented in the governing equations as a stiffness modi-
fication and external force contribution. However, for linear systems, the forward Euler approach involves only an initial
stiffness matrix modification (eq. (26)), and the damping force contribution and filtered force update (egs. (23) and (27))
may be accomplished in a single call prior to the solution step. In contrast, the stiffness modification for the backward Euler
approach (eq. (33)) involves the timestep A¢, which might change throughout the simulation, and the filtered force (eq. (30))
must be updated after the solution step, as it depends on the new displacement ;.

While the backward Euler approach offers stability benefits at large time steps (fig. 8a), the forward Euler approach
was ultimately chosen due to the implementation benefits outlined above. Below the critical timestep, the results for both
approaches converge with decreasing timestep (figs. 8b to 8d).

4Spring-mass system in free vibration; m = 2.34, k = 123, dp = 1.23,v0 = 0, = 0.05, w1 = 3.5,w2 =20, N =4,n=2¢ = 0.1
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Fig. 8 Comparison of forward and backward Euler for different time discretizations®.

Results

We now examine some results for a large model, and offer some comparisons to modal damping approaches.

This model includes about 4 million elements, and was run on 800 parallel processors. While this example is fabricated,
it has been tuned to be representative of the size and modal density of real models. Figure 9 shows several mode shapes of
the model.

We will now use this model to compare the new band damping approach to direct modal damping. For modal damping,
we further consider 2 approaches: direct transient simulation and modal transient (i.e., transient solution in the modal space).
Note that even with a direct transient solution, an initial eigenvalue problem must still be conducted to compute modal
information. For realistic system models with millions of degrees of freedom, the computation of modes can quickly become
a performance bottleneck. Even worse, thousands of modes are often required to resolve the frequencies of interest, which
frequently makes direct modal damping approaches prohibitively expensive. In this example, modal damping was limited
to the first 5000 modes, which was enough to resolve frequencies up to around 7500 Hz (see fig. 10). In a direct transient
simulation, this means that high-frequency content above 7500 Hz will be undamped. For modal transient simulations, high
frequency content is zeroed.

In contrast, the new band-limited damping approach may be extended across an arbitrarily large frequency range with
minimal overhead. In this example, we have damped frequencies up to 100,000 Hz, which would have been completely
intractable using direct modal damping.

Figure 11 compares of the damping characteristics of each approach. Figure 11a plots the acceleration of a certain point
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Fig. 9 Mode shapes of a large model.

over time, showing in broad strokes that all 3 approaches have similar damping characteristics. We also clearly see the
lack of high-frequency content in the modal transient results. Figure 11b further reinforces this conclusion by examining
frequency content. Below 7500 Hz, all 3 methods follow the same trends, with a slight shift between the modal and band
damping approaches being attributable to the artificial stiffness contribution introduced by the band damping implementation
(eq. (26)). Beyond the modal damping maximum of 7500 Hz they differ in the expected way, with modal damped transient
trending more towards the undamped response, and modal transient results flattening out.

In table 1, we examine run times of a transient simulation, comparing both direct modal damping approaches with the
new frequency band approach. The first 1 is a direct transient simulation with modal damping (10-7500 Hz). Column 2 is also
a direct transient simulation, but with band-limited damping (10-100,000 Hz), and column 3 is a modal transient simulation
with modal damping (10-7500 Hz). In all cases, the transient simulation included 20,000 steps, and a flat 2% damping was
applied across the frequency range of interest.

Recall that the maximum frequency for modal damping is dictated by performance - uniform damping into the ultra-high-
frequency range is completely untenable with this approach. However, even benefiting from a drastically reduced frequency
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Fig. 10 Number of modes required to resolve a given frequency.
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Fig. 11 Comparison of damping approaches.

Table 1 Runtime Comparison of Damping Approaches.

Modal Damping  Band Damping  Modal Transient +
(107500 Hz) (10— 100000 Hz)  Modal Damping

Compute Modes 46 hours - 46 hours
Transient Simulation 12.0 hours 12.5 hours 0.2 hours
Total 58 hours 12.5 hours 46.2 hours

range, both modal damping approaches are still significantly slower than the new band damping approach. This is due to
the huge upfront cost of calculating modes. Even after modal computation is complete, comparison of just the transient
simulation times (row 2) shows that the addition of band damping only incurs a minor overhead over a direct transient
simulation (12.5 vs. 12 hrs, or around 4%).

Conclusion

In conclusion, this damping approach offers a convenient and efficient way to apply uniform damping over a frequency range.
For large simulations, this approach enjoys a significant advantage over direct modal damping, where thousands of modes
might be required to capture engineering-relevant frequencies, leading to prohibitively expensive simulations. However,
it suffers from slow decay of damping outside of the range of interest, which hampers its effectiveness, especially when
multiple frequency bands are used in the same analysis. This effect can be mitigated somewhat by an alternative formulation
proposed here, which introduces a tunable parameter to choose between a better fit within the range or faster decay outside.
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Appendix A: Derivation of the Specific Damping Factor

Beginning from eqs. (4) and (5), one may derive the specific damping factor, eq. (6).
In the frequency domain, egs. (4) and (5) become:

Fyw) =1 i:: iw ZO‘: Frn(w) (35)
and
Frn() + i) _ Fy)
or " (36)
Fy(w)

Fon®@) = 25 oo

Substituting eq. (36) into eq. (35), we obtain

S F(w)
. 0
w)=mn 21: 2001 (W/wen) m 37)
which can be manipulated via multiplication of both numerator and denominator by (1 — % (w/wey)) to
)2 i
W/Wen)” — i (W/wen)
=1 Fo(w) (38)
Z l 1+ (w/wen)?
Recalling that f;,:(t) = fo(t) + fa(t), we may state the resisting force in the frequency domain as
F, 1+ Zm (/wen)” )+ Zm (W/wen) | (w) (39)
il T (wwen)” ! "I+ @wen)|
And finally, following eqs. (2) and (3), the specific damping factor is found as
N
w/Wen
Ew)=nY 20, —/0en) (40)

- 14 (w/wen)?

or equivalently as stated in eq. (6).
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